)».  SIPOHT  S£CU«ITY  ClASSiftCAriON 

Unclassified 


1.  SeCURlTY  CtASSifiCAriON 


ib.  OeCLASStflCATiON/OO'A^Ni 


4.  PERfORMING  OHGANiZArlON 


3  0*STRi8uTiON- Y  4E.PCR 

r«i  'r»  5 ,  i-  9*.  p.  *i  '  I  ^  ^  e,  - 


65  Qff<t  SVM801  7m  HAMf  Of 

jpp^<4a>«>  I 


31-264 


6a.  NAME  OP  PEHFOBMiNG  ORGANlZAflON 

Deparcinenc  of  Aeronautics 
and  Astronautics 


6c  ADDRESS  (Oty.  Slat#,  and  ZIP  Cod*) 

77  ftassachusects  Ave. 
Caxnbridsce,  MA  02139 


3a.  NAME  OF  FUNDING /SPONSORING 
ORGANIZATION 
APOSR 


3c  ADDRESS  (Oty,  Slat#,  and  ZIP  Code;  I  ^  ' 

AFOSR,  r 

Buildins;  410 

Bollinp,  .AFB,  DC  20332-6443  | 

11  riTUE  (Irtclud*  Steuriry  CUmfiation) 

Active  Stabilization  of  Aeromechanical  Svstcos 


ORCAN.ZATiON 


,.o  Eul  1  . 


See  <’3 


?t)  ADDRESS  iCty.  Slat#,  ind  —w.. _ 

See  sTy  ?0332- 


9  ?«*.GCU«£.MENT  NSTRUMCN.  CENTiP  CAT-CN  NuMgSR 


Cr.ant  AFOSR-9Q-0059 

‘0  SOURCE  QF  tyNOiNG  NUMBERS 
program  I  SROlECT  j  1 


;i.E.vENr  no 


jwCRX  w’NiT 
lACCESSiCN  NO 


Epstein,  E.M.  Greitzer.  G.R.  Guenette.  L,  ''’alavani 

na„rYPt,OLRE?OR.T  ,  Ub  TIME  COVERED  |u  DATE  OF  REPORT  (Year.  Vontn.  DayJ  fiS  ’AGE  COUNT 

rinal.  Tecnntcal  from  11/1/89  :olO/31/9:  1/5/93  220 


16.  SUPPLEMENTARY  NOTATION 


IT. _ _ COSATI  COOES  18,  SU91ECT  TERMS  (Continu#  on  r#v»rj#  if  n*t*u*ry  and  identify  fty  btot#  number) 

- -.^.IrP - - -  Active  Control  Comnress Ion  Svstea  Flow  Instabilities 

-  Unsteady  Flow,  Fluid-Structure  Interaction 

19.  ABSTRACT  (Continue  on  reverse  if  necessary  and  idtnufy  by  block  number) 

This  report  details  the  work  on  the  active  control  of  surge  and  stall  in  gas  turbine  engines.  The  use  of  small 
amplitude  waves  predicted  by  theory  as  stall  precursors  were  tested  with  experimental  data.  The  nonlinear 
behavior  of  such  waves  was  shown  to  explain  much  of  die  data  in  the  literature.  This  theory  was  used  to 
design  an  active  stabilization  system  for  rotating  stall  which  was  tested  on  both  a  single-stage  and  a  three-stage 
axial  compressor,  increasing  the  stable  operating  range  of  the  single-stage  compressor  by  25%.  The  dynamics 
of  the  three-stage  compressor  were  shown  to  match  closely  with  theory.  The  open-loop  forced  response 
characteristics  of  the  compressors  were  measured  and  methodology  developed  in  which  this  data  was  used  to 
design  the  compressor  control  system.  The  models  then  developed  were  used  to  evaluate  alternate  control 
strategies.  Engineering  of  the  structural  dynamics  of  the  compression  system  was  also  shown  to  be  successful 
in  damping  rotating  stall  and  surge. 


'EUNCLASSIFiEDlUNLlMlTEO  l_i  SAME  AS  RPT 


.  T-’JPTY  Tu-SSiFiCAiiwN 


Lj  one  USERS 


1  La  a"  ^ 

EWONSiA-.r  -^'wysiiaL  ^  .  — 

JPh  TFl  PonqB| 

F  gfif/ncli  P ret  Cl 

Me)  2--^ 

L _ n  y^£hNT _ 

7  _  /ri 

DO  F«RMf473,84MAR 


83  APR  edition  may  be  used  until  ennausted 
All  other  editions  are  obsolete. 


SECURITY  clarification  QF  "f6s  PAGE 


^  NCLASSI  FI  ED 


o 

u 


Gas  Turbine  Labcrasory 
Departmeri  of  Aeronautics  and  Astronautics 
Massacrmeits  Institute  of  Technology 
Cambridge.  MA  02139 


Final  Technical  Report  on  Gram  APOSR-90-0059 
endiicd 


ACTIVE  STABILIZATION  OF  AEROMECHANICAL 


j  ^  ■  ‘j-  ■K.fcO 

j  J.»-v!  =  r  V  jtiiM! 


:  _ 

I  Dt:.l'ibulK>n/ 


SYSTEMS 


submitted  to 

Air  Force  Office  of  Scientific  Research 
Building  410 

Bolling  AFB,  DC  20332-6448 

ATTN;  Major  Daniel  Fant 
Aerospace  Sciences 


PRINCIPAL 

INVESTIGATORS: 


CONTRIBUTORS: 


PERIOD  OF 
INVESTIGATION: 


Alan  H.  Epstein 

Professor  and  Associate  Director,  Gas  Turbine  Laboratory 
Edward  M.  Greitzer 

Professor  and  Director,  Gas  Turbine  Laboratory 

John  Dugundji 
Vincent  H.  Gamier 
Gerald  R.  Guenette 
Daniel  L.  Gysling 
Joel  M.  Haynes 
Gavin  J.  Hendricks 
John  P.  Longlcy 
James  D,  Paduano 
Jon  S.  Simon 
Lena  Valavani 

98  3  8  056 

November  1, 1989  -  October  31,  1992 


January  1993 


93-04944 


TABLE  OF  CONTENTS 


I.  Summary 

II.  Rotating  Stall  Inception 

1 .  Rotating  Waves  a::,  a  Stall  Inception  Indication  in  Axial  Comfatissors 

2.  Modeling  Axial  Compressor  Nonlinear  Routing  Stall  Phenomena  for  Control 

in.  Active  Control  of  Routing  Stall  Experiments 

1 .  Active  Control  of  Routing  Stall  in  a  Low  Speed  Axial  Compressor 

2.  Active  Subilizadon  of  Routing  Stall  in  a  Three-Stage  Axial  Compressor 

IV.  Modelling  for  Control  and  System  Identification 

1 .  Modeling  for  Control  of  Routing  Stall 

2.  Parameter  Idendfication  of  Ccxnprcssor  Dynamics  During  Oosed-Loop  Operadon 

V.  Evaluation  of  Alternate  Control  Approaches 

1 .  Evaluadon  of  Approaches  to  Aedve  Compressor  Surge  Subilizadon 

2.  A  Theoretical  Study  of  Sensor-Actuator  Schemes  for  Roudng  Stall  Control 

VI.  Control  of  Surge  and  Stall  With  Structural  Dynamics 

1.  Dynamic  Control  of  Centrifugal  Compressor  Surge  Using  Tailored  Structures 

2.  Dynamic  Control  of  Rotating  Stall  in  Axial  Compressors  Using  Aeromcchanical  Feedback 


I.  SUMMARY 

The  active  siabiiizacion  of  rotating  stall  and  surge  has  been  sttwlicd  with  the  aura  of 
increasing  the  stable  (grating  range  of  aircraft  engine  compression  systems  and  thereby  realizing 
improved  performance  and  decreased  weight.  The  work  during  this  concnK’i  has  progressed  from 
theoretical  speculation,  through  experimental  investigation,  dcvclc^nacni  of  control  procedures, 
large  scale  demonstration,  and  the  evaluation  of  alternate  control  approaches. 

The  initial  effom  centered  on  establishment  of  the  mechanisms  by  which  axial 
compressors  enter  rotating  stall.  In  particular,  the  linear  2-D  stability  theory  of  Moore  and  Greitzer 
was  shown  to  match  well  with  data  from  low  speed  axial  compressors  measured  at  MIT  and  high 
speed  data  provided  by  an  engine  company.  It  was  realized  that  the  compressor  subiUty  could  be 
thought  of  in  terms  of  an  oscillator  (second  order  system)  routing  about  the  compressor  annulus. 
Disturbances  would  manifest  themselves  as  small  amplitude  waves  travelling  about  the 
compressor  annulus  with  the  mature  form  of  the  waves  being  routing  stall.  Thus,  the  compressor 
subility  would  be  equivalent  to  the  wave  subility,  which  is  exactly  what  was  found 
experimentally.  The  linear  assumptions  of  the  model  (used  for  maihcnratical  simplicity)  were  then 
relaxed  and  the  nonlinear  form  was  shown  to  explain  the  differences  observed  in  the  stall  inception 
process  in  different  compressors  described  in  the  literature. 

Using  the  Moore-Greitzer  hydrodynamic  subility  theory  as  a  suiting  point,  a  routing  stall 
control  system  was  designed  for  a  single-stage,  low  speed  research  compressor.  The  low 
amplimde  circumferential  travelling  waves  were  sensed  by  a  computer  which  then  “wiggled’’  a 
circumferential  array  of  individually  actuated  vanes  so  as  to  damp  the  travelling  waves,  thereby 
increasing  the  subility  of  the  compressor.  The  small  amplimde  (linearity)  of  the  waves  was 
exploited  by  breaking  the  waves  into  spatial  Fourier  components,  and  controlling  each  spatial 
Fourier  component  separately.  This  approach  succeeded  in  extending  the  flow  range  of  the 
compressor  by  25%.  This  was  the  first  time  that  compressor  routing  stall  was  successfully 
stabilized. 

This  control  approach  was  then  extended  to  a  threc-sugc  research  compressor.  The  dau 
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from  this  experiment  was  used  to  refine  the  Moorc-Greitzer  stability  theory,  in  paiticulajr  to  mclude 
the  effect  of  dme  lags  within  the  compressor.  The  modified  th«3ry  was  shown  to  quantitarivcly 
agree  well  with  the  experimental  stability  data  including  prediction  of  the  onset  of  instability  (i.c. 
predicting  when  the  compressor  will  go  into  rotating  stall). 

The  above-described  experiments  were  greatly  aided  by  the  development  of  control 
theoretic  models  of  the  compresscH’  aiKl  the  application  of  parameter  identification  methodology  to 
compressor  fluid  mechanics.  Specifically,  state-space  models  of  the  compressor  stability  were 
formulated  which  proved  very  accurate,  contributing  in  no  small  way  to  experimental  gains 
realized.  The  high  speed  actuators  were  used  to  excite  the  compressor  open  loop  and  thereby 
established  the  forced  response  characteristic  of  the  system.  The  measured  system  charancristics 
were  shown  to  closely  match  those  calculated  from  the  modified  hydrodynamic  stability  model. 
Given  the  system  characteristics  (cither  measured  or  calculated)  and  the  ctwitrol  model  framework, 
then  the  controller  design  could  be  carried  out  in  a  straightforward  and  systematic  manner.  The 
experimental  conaolled  compressor  performance  was  then  shown  to  match  well  with  that 
predicted  by  the  control  design. 

Since  the  thewctical  models  of  the  controlled  compressor  were  shown  to  agree  well  with 
data,  the  model  could  be  used  to  explore  alternate  strategies  for  the  active  subilization  of 
compressors.  Variables  studied  included  the  selection  and  placement  of  actuators  and  sensors,  the 
effects  of  control  bandwidth  constraints,  and  the  role  played  by  the  disturbance  structure  exciting 
the  compression  systems.  Both  surge  and  stall  control  were  examined.  In  all  eases,  mass  flow 
was  the  most  effective  variable  to  be  sensed.  Fot  surge,  actuators  mostly  closely  coupled  to  the 
compressor  worked  best  such  as  a  close-coupled  valve  or  mass  injection  at  the  inlet  For  rotating 
stall,  a  peripheral  array  of  jets  at  the  compressor  inlet,  injecting  both  mass  and  momentum,  proved 
the  most  effective,  extending  the  stable  operating  range  of  the  compressor  by  a  factor  of  four  over 
that  demonstrated  on  the  three-stage  compressor  equipped  with  wiggly  guide  vanes  as  actuators. 
These  calculations  highlighted  the  importance  of  adequate  control  system  bandwidth,  showing  that 
the  actuators  must  respond  at  least  three  times  faster  than  the  system  characteristic  frequency  (the 


engine  Helrnholtz  frequency  for  surge,  ihc  wave  rotation  rate  for  stall).  These  bandsvidths  arc 
extrenwly  challenging  for  the  current  actuator  state  of  the  art. 

Understanding  surge  and  rotating  stall  in  the  context  of  a  second  c«rdcr  system  instability  is 
a  powerful  concept  which  enables  new  approaches  to  these  old  problems.  One  such  approach  is  to 
damp  the  perturbations  in  this  fluid  oscillator  by  coupling  it  to  a  structural  oscillator  with  suitable 
dynamic  characteristics.  This  is  analogous  to  the  tuned  pendulum  damper  concept  employed  on 
WWn  aircraft  piston  engines.  Surge  control  was  studied  first  and  several  concepts  were 
analytically  evaluated,  including  moving  walls,  throttle  valves,  and  Helmholtz  rcstmators.  A 
moving  plenum  wall  concept  was  implemented  experimentally,  with  the  wall  engineered  to  have 
the  proper  dynamic  characteristics  (frequency,  damping,  phase  shift,  etc.)  as  predicted  by  linear 
theory.  A  nonlinear  simulation  was  also  performed  to  evaluate  such  phenomena  as  friction.  The 
moving  wall  structural  damper  worked  quite  well  and  proved  as  effective  as  active  conuol  in 
extending  the  surge-free  operating  range  of  the  centrifugal  compressor  on  which  it  was  tested.  The 
experimental  results  agreed  well  with  the  theoretical  predictions. 

This  approach  of  using  tailored  structural  dynamics  to  damp  fluid  mechanic  insubilitics 
has  been  extended  to  two-dimensional  disturbances  -  rotating  stall.  Several  concepts  were 
evaluated  analytically.  Then,  a  single-stage  research  compressor  was  outfitted  with  a  peripheral 
array  of  jets  on  the  outer  annulus  wall,  upstream  of  the  rotor.  The  jets  arc  controlled  by  composite 
reed  valves  actuated  by  local  pressure  perturbations.  The  structural  dynamics  of  the  valves  are 
such  that  jet  amplitude  and  phase  shift  are  those  needed  to  damp  the  incipient  rotating  stall. 
Although  the  experiments  arc  still  in  the  preliminary  phase,  initial  results  arc  quite  promising, 
showing  a  7%  increase  in  the  compressor  stable  operating  range  due  to  the  dynamic  behavior  of 
the  structurally  controlled  jets. 

The  active  stabilization  of  compressors  has  progressed  quite  far  over  the  course  of  tfie 
work  described  herein.  There  arc  still  challenges  ahead,  both  in  the  basic  research  and  applied 
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II.  ROTATING  STALL  INCEPTION 
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Rotating  Waves  as  a  Stall 
Inception  Indication  in  Axial 
Compressors 

Stall  inception  has  been  studied  in  two  low-speed  compressors  {a  single-stage  and 
a  three-stage)  and  in  a  high-. peed  three-stage  compressor,  using  temporally  and 
spatially  resolved  measurements.  In  all  three  machines,  rotating  stall  was  preceded 
by  a  period  in  which  small-amplitude  waves  were  observed  traveling  around  the 
circumference  of  the  machine  at  a  speed  slightly  less  than  the  fully  developed  rotating 
stall  cel!  speed.  The  waves  evolved  smoothly  into  rotating  stall  without  sharp  changes 
in  phase  or  amplitude,  implying  that,  in  the  machines  tested,  the  presiaU  waves  and 
the  fully  developed  rotating  stall  are  two  stages  of  the  same  phenomenon.  The 
growth  rate  of  these  disturbances  was  in  accord  with  that  predicted  by  current 
analytical  models.  The  prestall  waves  were  observed  both  with  uniform  and  with 
distorted  inflow,  but  were  most  readily  discerned  with  uniform  inflow.  Engineering 
uses  and  limitations  of  these  waves  are  discussed. 


Introduction 

Axial  cooipressors  are  subject  to  two  distinct  aerodynamic 
instabilities,  routing  stall  and  surge,  which  can  severely  limit 
compressor  performance.  Rotating  stall  is  characterized  by  a 
wave  traveling  about  the  circumference  of  the  machine,  surge 
by  a  basically  one-dimensional  fluctuation  in  mass  flow  through 
the  machine.  Whether  these  phenomena  are  viewed  as  distinct 
(routing  stall  is  local  to  the  blade  rows  and  dependent  only 
on  the  compressor,  while  surge  involves  the  entire  pumping 
system:  compressor,  ducting,  plenums,  and  throRle)  or  as  re¬ 
lated  (both  are  eigenmodes  of  the  compression  system  with 
surge  being  the  zeroth  order  mode),  they  cannot  be  tolerated 
during  compressor  operation.  Both  routing  stall  and  surge 
reduce  the  pressure  rise  in  the  machine,  cause  rapid  heating 
'  of  the  blades,  and  can  induce  severe  mechanical  distress. 

The  insubilities  are  commonly  avoided  by  operating  the 
■  compressor  at  a  reduced  pressure  rise  so  as  to  leave  a  ufety 
margin,  the  so-called  “surge  margin,’*  between  the  operating 
point  of  the  rampressor  and  the  point  at  which  the  machine 
surges.  The  requirement  for  surge  margin  reduces  the  available 
operating  pressure  rise  from  a  given  machine  and  often  reduces 
the  operating  efficiency  as  well.  Reduction  of  surge  margin 
can  then  translate  dir^y  into  compressor  weight  and  effi¬ 
ciency  .improvement  so  tlm  there  is  practical  incentive  to  re¬ 
ducing  the  surge  margin  required.  In  the  high-speed 
compressors  common  to  aircraft  engines,  routing  stall  and 
surge  are  closely  coupled.  As  the  machine  moves  along  a  con¬ 
stant  speed  operating  line  toward  lower  mass  How  (Fig.  I),  it 
generally  first  encounters  routing  stall,  which  then  (loosdy) 
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"triggers’*  the  surge,  often  after  only  one  or  two  rotor  revo¬ 
lutions.  Thus,  surge  and  stall  must  both  be  considered;  the 
compressor  surge  line  could  really  be  considered  the  rotating 
stall  line,  and  the  surge  margin  as  stall  margin. 

We  are  aware  of  several  alternate  approaches  under  inves¬ 
tigation  for  reducing  the  stall  margin  required.  They  can  be 
considered  to  fall  into  one  of  two  categories:  those  based  on 
moving  the  operating  point  cicse  to  the  stall  tine  in  situations 
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when  surge  and  staJ]  do  not  threaten,  and  those  based  on 
moving  the  surge  line  itself  and  thus  increasing  the  stable  range 
of  the  compressor.  Efforts  in  the  former  category  include:  (u) 
a  real-time  assessment  of  the  stall  margin  by  correlation  of  the 
instantaneous  urcraft  flight  parameters  with  the  measured 
compressor  stall  behavior;  and  (t>)  stall  avoidance  in  which  the 
control  system  defects  rotating  stall  and  then  quickly  moves 
the  compressor  operating  point  away  from  stall. 

Dynamic  compressor  stabilization  is  based  on  an  alternate 
approach.  Here,  the  stall  point  is  moved  to  lower  mass  flows 
by  active  feedback  control.  This  scheme,  and  stall  avoidance 
also,  rely  on  the  use  of  real-time  measurements  within  the 
compressor  to  assess  the  machine  stability.  Clearly,  Che  earlier 
a  control  system  can  detect  a  stall  or  even  an  incipient  stall, 
the  more  effeaive  (and  less  demanding)  the  control  becomes. 

This  paper  describes  an  experimental  study  of  the  rotating 
stall  inception  and  growth  process  in  three  axial  compressors. 
Its  goals  were  both  to  illuminate  the  manner  in  which  stall  cells 
are  bom  and  develop,  as  well  as  to  establish,  as  suggested  by 
theory,  whether  real-time  information  can  be  extracted  from 
the  compressor,  which  would  warn  of  an  impending  stall  before 
the  stall  actually  developed.  This  stall  warning  or  “precursor” 
could  have  significant  practical  benefit  if  the  warning  is  suf¬ 
ficiently  in  advance  of  Ibe  stall  so  as  to  permit  lime  for  control 
system  response.  The  longer  the  warning,  the  greater  the  po¬ 
tential  utility. 

In  the  following  sections,  we  review  the  relevant  theoretical 
background  on  rotating  stall  development,  describe  the  ex¬ 
perimental  arrangement,  present  data  for  three  compressors 
under  a  variety  of  operating  conditions,  and  finally  comment 
on  the  generality  of  these  findings  and  their  usefulness. 

Background 

A  large  amount  of  experimental  data  taken  over  the  last  20 
years  shows  that,  if  measured  at  a  single  point  in  the  com¬ 
pressor,  rotating  stall  is  seen  as  a  sudden  event  with  a  growth 
period  on  the  order  of  the  stall  cell  period.  Stall  detection 
schemes  based  on  this  son  of  measurement  have  thus  not  been 
successful  in  providing  appreciable  warning  time.  During  the 
same  period,  however,  a  theoretical  basis  for  the  description 
of  rotating  stall  has  arisen  based  on  the  understanding  of 
rotating  stall  as  one  class  of  the  natural  insubilities  of  the 
compression  system.  At  its  current  state  of  development  (e.g., 
Moore  and  Greiizer,  1986),  the  model  describes  the  time  ev¬ 
olution  of  surge  and  routing  stall  in  a  compressor  treated 
mathematically  as  a  two-dimensional  incompressible  device 
(i.e.,  large  hub-to-tip  ratio),  with  three-dimensional  phenom¬ 
ena  represented  only  through  empirical  inputs.  The  results  of 
a  prediction  by  this  model  for  a  representative  three-suge 
compressor  (Fig.  2)  show  an  insubilicy  evolving  as  a  small- 
ampUtude  wave  in  axial  velocity,  which  grows  as  it  travels 
around  the  circumference  of  the  compressor  until,  through 
nonlinear  interaction,  it  causes  a  large-amplitude  disturbance 
in  annulus  average  axial  velocity  (surge).  This  type  of  model 
provides  the  background  for  the  present  work. 


0 


Fig.  2  TIm  Hm*  avnlutlon  of  th«  nondlmtntionat  axial  vatoelty  (CM 
dltlrlbtiUon  about  lha  clrcumlatanco  (0  x  l  s  2*)  at  a  Oirao-ataga  eom- 
praaaor  during  eompnaalon  tyitom  (ntUMIIty,  maan  Iona]  of  CAI  prior 
to  trif  tablUly  la  O.S 


As  shown  in  the  appendix,  we  can  describe  the  subility  of 
a  compressor  in  terms  of  the  time  evolution  of  an  asymmetric 
perturbation  of  the  velocity  potential,  ♦,  namely 

♦  «  T,  (1) 

IXItfO 

Each  Fourier  mode  {k)  is  the  product  of  two  exponentials.  The 
term  exp(iIW  -  represents  a  traveling  wave  function  of 
circumferenual  posiuon  {6)  and  time  (();  w*  is  the  wave  fre¬ 
quency,  The  term  exp(l>r!i)  -  <»,{)  gives  the  dependence  of 
the  wave  on  axial  position  (rj)  and  time;  o*  is  the  damping  of 
the  wave.  Equation  (1)  can  be  viewed  as  analogous  to  the 
behavior  of  an  oscillator  rotating  about  the  circumference  of 
the  compressor.  The  growth  of  the  wave  (i.e.,  the  stability  of 
the  compressor)  is  determined  by  the  instantaneous  damping 
.  When  the  damping  is  negative,  oscillations  gro.v  and  the 
!  .sw  in  the  compressor  is  unstable.  Active  control  schemes  aim 
to  increase  this  damping.  Here  we  make  use  of  equation  (1) 
in  designing  an  experiment  to  detect  the  rotating  waves  and 
measure  the  instantaneous  subility  of  the  compressor. 

McDougall  (1988)  and  McDougal]  et  al.  (1990)  were  the  first 
persons  known  to  the  authors  to  have  made  measurements  of 
these  rotating  waves.  Examining  a  single-suge,  low-speed  com¬ 
pressor,  be  found  small  disturbances  rotating  about  the  ma¬ 
chine  just  prior  to  th6  onset  of  stall,  in  qualiutive  accord  with 
the  above  theory.  He  included  a  good  summary  of  previous 
experimental  work. 

To  explore  the  use  of  the  traveling  waves  as  a  stall  precursor 
or  warning,  we  pose  the  following  questions: 

•  Do  prestall  waves  exist  in  most  (many,  all)  compressors? 

•  At  what  rate  do  these  waves  grow?  How  long  do  they 
persist? 

•  At  what  rate  do  they  travel? 

•  How  can  they  be  ol^rved? 


-  Nomenclature - 

Ufa  bk  Fourier  components  of  dis¬ 
turbance  velocity  potential 
Ck  =  Fourier  component  of  axial 
velcxdty  disturbance 
k  s  harmonic  number 
6P  =  pressure  penurbation 
R  <■  compressor  midspan  radius 
u  •>  axial  velocity  perturbation 
(see  Append^) 

U  »  rotor  speed  at  midspan 
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V  a  measured  axial  velocity 
T!  a  nondimensional  axial  coordi¬ 
nate  a  axial  (hstance/B 
9  a  circumferential  coordinate 
X,  M  compressor  inenia  parame¬ 
ters 

I  a  nondimensional  time  a 
(time  •  U)/R 

a  a  nondimensional  damping  ra¬ 


tio  (see  equation  (])) 

^  a  compressor  flow  (»effident 
a  axial  velocity /(/ 

*  a  nondimensional  compressor 
velocity  potential 
^  a  compressor  pressure  rise  * 
Pm  -  Pt^/¥xo(/ 
u  a  nondimensional  frequency  a 
frequency  •  {U/R) 
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•  How  is  this  behavior  affected  by  inlet  distortion  and  mass 
flow  transients? 

*  Do  high-speed  (compressible)  machines  behave  simi¬ 
larly? 

In  sum,  these  questions  address  both  the  basic  assumptions 
inherent  in  the  Moore/Greitzer  model  and  its  utility  in  pro¬ 
viding  real-time  warning  of  an  impending  compressor  stall.  In 
the  following,  we  experimentally  examine  these  issues. 

Experimental  Apparatus 

Prestall  behavior  of  three  compressors  were  examined:  two 
low-speed  and  one  high-speed  machine.  The  low-speed,  single- 
stage  compressor  consisted  of  IGV's,  rotor,  and  stator.  It  is ' 
descnbed  in  more  detail  by  Johnson  and  Greitzer  (1987)  and 
Lee  (1988).  The  low-speed,  three-stage  compressor  is  described 
by  Gamache  and  Greitzer  (1986)  and  Lavrich  (1988).  Nondi- 
mensional  inlet  total  to  exit  sutic  pressure  compressor  char- 
aaeristics  are  shown  for  the  two  machines  in  Fig.  3.  Both  low- 
speed  compressors  were  operated  at  tip  speeds  below  100  m/ 
s,  so  that  compressibility  effects  were  negligible.  The  high¬ 
speed,  three-stage  compressor  is  a  modem  experimental  design 
run  at  Pratt  <ft  Whitney  Div.,  United  Technologies  Coip.  This 
machine  was  equipped  with  fast-acting  bleed  valves,  which 
quicidy  moved  the  operating  point  away  from  stall  when  it 
occurred  to  prevent  mechanical  damage.  Experiments  on  that 
machine  were  conducted  by  Pratt  &  Whitney  personnel  and 
the  raw  data  provided  to  the  authors.  ■ 

Imfiumentation 

All  the  compressors  were  outfitted  with  standard  time-av¬ 
eraged  instrumenution  to  provide  the  steady-state  operating 
characteristics  of  the  machines.  Time-resolved  instrumentation 


consisted  of  hot-wire  anemometers  in  the  low-speed  compres¬ 
sors  (oriented  so  as  to  measure  axial  velocity),  and  wall- 
mounted,  high  response,  static  pressure  transducers  in  the  high¬ 
speed  compressor.  The  high-speed  machine  had  eight  trans¬ 
ducers  mounted  about  the  circumference  at  each  of  four  asual 
stations.  The  low-speed  machines  had  either  eight  hot  wires  at 
a  time  at  one  axial  station  o'  three  rows  of  four  mounted  at 
various  stations.  The  low-speed  data  were  digitized  in  real  time 
(with  suitable  low  pass  anti-aliasing  filters),  while  the  high¬ 
speed  data  were  first  recorded  on  analog  magnetic  tape.  Ail 
data  were  d-c  coupled. 

The  hot  wires  were  calibrated  in  place  prior  to  each  test  to 
a  velocity  accuracy  of  *3  percent.  The  net  resolution  of  the 
anemometers  was  0,8  percent  of  the  average  prestal!  axial  ve¬ 
locity.  The  pressure  transducers  in  the  high-speed  experiment 
were  calibrated  by  Pratt  &  Whitney  personnel.  One  pressure 
transducer  had  sijpificanily  less  amplitude  than  all  its  neigh¬ 
bors  so  that  its  gain  was  raised  in  post-test  processing  to  yield 
the  same  level  of  rms  fluctuations. 


Signal  Processing  and  Probe  Placement  Considerations 


Experiments  were  conducted  to  look  for  small-amplitude 
traveling  waves  whose  spatial  and  temporal  structure  was  im¬ 
portant.  Probe  placement  and  signal  processing  were  therefore 
carefully  considered.  Also,  because  the  measurements  in  both 
time  and  space  were  discrete,  aliasing  was  of  concern  in  both 
dimensions. 

Probe  number  was  determined  by  the  number  of  spatial 
harmonics  (N)  to  be  examined.  2M-r  1  measurement  points  are 
required  about  the  circumference  at  each  axial  station.  Eight 
were  used  in  most  cases,  providing  definition  of  the  first  three 
spatial  harmonics.  We  expeaed  most  of  the  energy  in  the  lowest 
order  modes  but  were  concerned  about  aliasing  of  the  higher 
order  modes  and  blade  passing  phenomena.  Since  small  up¬ 
stream  disturbances  due  to  the  compressor  are  irrotationai, 
(hey  decay  exponentially  with  upstream  distance.  Thus,  the 
first  measurements  were  made  one-half  compressor  radius  up¬ 
stream  so  that  bigh-order  (short  length  scale)  disturbances 
would  be  filtered  out  fluid  dynamically.  These  disturbances 
appeared  not  to  be  a'probiem  and  measurements  were  sub¬ 
sequently  made  throughout  the  compressors. 

We  expect  the  waves  to  travel  about  the  circumference  at 
close  to  the  rotating  stall  frequency,  20-50  percent  of  rotor 
shaft  speed.  Thus,  the  data  was  digitally  band-pass  filtered  in 
the  computer,  with  a  passband  0.1  to  1 .2  times  rotor  shaft 
frequency.  These  frequencies  were  determined  by  trial  and 
error  comparison  to  the  unfiltered  data. 

The  filtered  time  histories  of  the  individual  sensors  can  be 
used  to  calculate  the  modal  information  by  taking  a  discrete 
Fourier  transform  in  space  about  the  circumference  of  the 
compressor  at  each  point  in  time.  Given  Nmeasurements  about 
the  machine,  the  complex  Fourier  coefficients  for  each  mode 
At  are  given  by 


2iknt' 

N 


.  0) 


where  V,  is  the  measured  axial  velocity  at  angular  position  n. 
For  most  measurements  described  herein,  eight  sensors  were 
used  to  that  N  ^  i,  -I  s  k  s  4,  and,  since  F,  is  real,  Q 
and  C.»  are  complex  conjugates.  The  Fourier  coefficients  con¬ 
tain  all  the  information  on  the  wave  position  and  amplitude 
as  a  function  of  time. 


Low-Speed  Compressor  Experiments 
The  low-speed  single-stage  and  three-stage  compressors  were 
used  to  explore  the  nature  of  the  sull  initiation  process  and 
the  prestail  traveling  wave  behavior,  examine  alternate  sensor 
placements,  establish  the  traveling  wave  statistical  behavior. 
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Fig.  4  Tima  hlitory  ol  axial  valocity  from  a  aingl*  hot  wira  poaltlonad 
upstraamcf  tha  lingla-ataga  eompraaaor;  th*  maehlna  It  In  rotating  ttall 
altar  a  tlma  ol  35  rotor  ravolullona 

and  determine  the  influence  of  inlet  distortion  and  throttle 
(mass  flow)  transients. 

Quasi-Steady  Statllng  Behavior.  During  these  experiments, 
the  compressor  operation  was  first  stabilized  very  close  to  stall 
(within  0.005  in  flow  coefficient  from  the  stall  point  in  Fig. 
3)  and  then  the  throttle  closed  very  slowly  so  that  machine 
would  stall  within  10  to  20  seconds.  Data  were  uken  during 
this  entire  period  from  the  eight  hot  wires  about  the  compressor 
annulus.  Unless  otherwise  specified,  the  hot  wires  were  posi¬ 
tioned  0.5  compressor  radii  upstream  of  the  IGV’s. 

Figure  4  shows  the  time  history  of  the  axial  velocity  as 
measured  by  a  single  sensor  during  the  stalling  transient.  Here, 
time  equal  to  zero  has  been  defined,  somewhat  arbitrarily,  as 
the  time  at  which  the  velocity  nonuniformity  has  grown  to  50 
percent  of  the  fully  stalled  maximum  value.  The  period  of  a 
rotor  revolution  is  used  as  the  unit  of  time  since  this  is  a 
characteristic  time  scale  for  the  phenomena.  As  can  be  seen, 
the  prestall  fluauaiions  have  a  small  amplitude  compared  to 
the  rotating  stall  itself,  during  which  the  velocity  fluctuation^ 
are  greater  than  100  percent  of  the  prestall  mean  velocity.  The 
time  history  of  all  eight  sensors  about  the  circumference  is 
shown  in  Fig.  5  on  a  magnified  scale,  and  regular  disturbances 
can  be  observed  here  for  a  considerable  time  before  the  stall. 
The  amplitude  of  the  first  Fourier  component  (me  modulus 
of  C,),  calculated  from  these  dau  with  equation  (2),  is  shown 
in  Fig.  6.  This  is  a  measure  of  the  stren^  of  the  first  mode 
of  the  routing  wave.  Although  small  compared  to  the  ampli¬ 
tude  during  fully  developed  routing  stall  (r  >  0).  it  is  nonzero 
for  a  long  period  (90  revs)  before  the  stall.  The  argument  of 
C,  is  the  phase  an^e  of  the  ttaveling  wave,  and  this  is  shown 
in  Fig.  7  along  with  the  phase  of  the  second  harmonic  (arg 
C]).  The  slopes  of  these  lines  are  the  speeds  at  which  the 
harmonics  of  the  waves  travel  around  the  compressor  annulus 
(the  annulus  has  been  unwrapped  in  the  figure  so  that  2t 
radians  is  one  trip  around).  This  coarse  scale  is  used  deliberately 
to  show  the  overall  trend.  The  key  point  from  Fig.  7  is  that 
phase  speed  of  the  first  harmonic  of  the  traveling  waves  is 
essentially  constant  and  readily  discernible  for  almost  90  rotor 
revolutions  before  the  stall.  There  is  a  small  shift  in  wave  speed 


Tim*  W*volut>on>) 


Fig.  6  Amptltuds  el  tli*  Hrst  Fourier  harmonic  (I  C,  t)  ol  tha  data  In  Fig. 
5 


at  the  stall  point,  from  0.35  rotor  speed  before  the  stall  to  0.38 
rotor  speed  with  fully  developed  stall.  The  curve  marked  "sec¬ 
ond  h-rmonic”  shows  that,  for  this  experiment,  the  second 
harmonic  signal  is  too  weak  (i.e.,  the  signal-to-noise  ratio  is 
too  small  with  the  instrumenution  used)  to  give  useful  infor¬ 
mation. 

A  three-dimensional  representation  of  the  C|  component 
during  the  last  20  revs  before  stall  is  shown  in  Fig.  8  in  a  format 
similar  to  that  of  the  calculation  shown  in  Fig.  2.  The  wave 
nature  of  the  disturbance  in  this  machine  is  evident. 

The  amplitude  of  the  oscillations  in  the  compressor  flowfieid 
(in  this  case  the  traveling  waves  about  the  circumference)  re- 
Hects  not  only  the  operating  point  but  also  the  level  of  dis¬ 
turbances  in  the  system  (the  forcing).  Near  the  neutral  subility 
point  (darling,  a,  close  to  zero),  the  flowfieid  should  behave 
like  a  nariw-  band  system.  Re-examining  Fig.  7  we  see  that 
there  is  a  stretch  of  constant  phase  speed  between  - 140  and 
- 125  revs,  followed  by  a  period  of  ill-defined  speed  to  -  93 
revs,  and  then  finally  constant  phase  speed  until  stall  at  0.  In 
the  context  of  the  model,  we  interpret  this  to  imply  that  the 
damping  of  the  compressor  (n)  is  very  close  to  zero,  so  that 
the  traveling  waves  are  very  lightly  damped.  They  can  grow 
and  then  decay,  depending  upon  the  level  of  external  disturb¬ 
ances.  Thus,  we  might  expect  to  sec  some  test-to-test  variation 
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Fig.  8  Maaaurad  Aral  harmonic  behavior  In  a  format  eomparabla  to  that 
of  Fig.  2  ■  '  •  •  .  . 


in  the  time  during  which  the  prestail  waves  propagate  strongly 
enough  to  be  evident.  This  was  examined  by  carrying  out  nine 
tests  on  the  three-stage  compressor  under  nominally  identical 
conditions.  The  mean  prest^  period  of  constant  wave  prop¬ 
agation  was  approximately  60  rotor  revolutions  with  a  high  of 
250  and  a  low  of  30.  (In  all  cases,  the  wave  speed  was  35 
percent  of  rotor  speed  before  stall  and  38  percent  during  stall.) 
There  is  thus  considerable  statistical  variation  in  the  time  dur¬ 
ing  which  the  prestail  waves  were  tracked.  We  have  not  char¬ 
acterized  the  source  of  these  variations;  they  may  be  related 
to  low-amplitude  external  disturbances  (noise)  conveaed  into 
the  compressor  inlet.  Overall,  these  daUestabUsh  that  rotating 
stall  staru  as  a  small  amplitude  travelling  wave  in  the  two  low- 
speed  compressors  studied.  .■>-  ;  .  ■ 

Throttle  Transient  and  Inlet  Distordog  Effects.  The  influ¬ 
ence  of  throttle  (mass  flow)  transients  and  inlet  distortion 
(spatially  nonuniform  inlet  total  pressure)  is  of  interest  since 
we  know  from  engine  experience  that  rotating  stall  is  often 
associated  with  these  phenomena.  Experiments  were  conducted 
on  both  the  one-  and  three-stage  compressors  with  qualitativ  / 
similar  findings. 

The  throttle  transient  experiments  were  conduaed  at  three 
different  throttle  rates,  which  varied  by  a  factor  of  150  to  1, 
the  fastest  corresponding  to  a  flow  coeffleient  range  of  roughly 
0.1  (Fig.  3)  per  100  rotor  revolutions.  Distortion  was  generated 
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Fig.  10  A,  rig.  9,  but  with  Inlet  distortion 


by  blocking  off  180  deg  of  the  annulus  approximately  one 
compressor  diameter  upstream  of  the  IGVs,  creating  a  roughly 
square  wave  total  pressure  distortion  with  an  amplitude  of  0.5 
dynamic  head,  based  on  mean  velocity.  The  time-resolved  mass 
flow  for  these  experiments  was  obtained  using  the  average  of 
the  hot-wire  measurements.  The  time  derivative  of  the  mass 
flow  was  obtained  by  a  least-squares  fit  to  the  last  second  of 
data  preceding  stall.  The  absolute  uncertainty  of  these  meas¬ 
urements  was  estimated  at  5  percent. 

The  prestail  behavior  of  the  three-stage  compressor  with  a 
uniform  (Fig.  9)  and  distorted  (Fig.  10)  inlet  flew  was  measured 
at  three  throttle  rates.  In  both  cases,  the  rotating  stall  was 
always  p:  seeded  by  low-amplitude  waves  traveling  at  constant 
speed.  The  prestall  duration  of  these  waves  is  roughly  inversely 
proportional  to  the  throttle  rate.  This  is  consistent  with  the 
stability  model  in  that  the  higher  the  throttle  rate,  the  less  time 
the  machine  spends  at  the  low  flow  (^)  region  of  the  speedline, 
which  has  low  damping  (a)  and,  thus,  the  shorter  the  period 
during  which  the  prestall  waves  can  propagate  for  an  appre¬ 
ciable  time. 

The  flow  coefficient  (♦)  at  which  prestall  waves  are  first 
discerned  is  shown  in  Fig.  1 1  for  the  single-suge  compressor 
as  a  function  of  nondimensional  throttle  rate  (d^/dt),  where 
I  is  measured  in  rotor  revolutions,  i.e.,  r  *  time/ rotor  revo¬ 
lution  period.  The  waves  appear  at  nearly  the  same  value  of 
*  independent  of  the  throttle  rate  (over  the  rates  examined, 
the  waves  appear  slightly  later  as  d^/dt  increases).  The  prestail 
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period  of  constant  traveiing  wrave  sp<!<d  (the  itraight  line  lej- 
inents  in  Figs.  9  and  iOy  is  plotted  in  Fig.  12  as  a  function  of 
the  throttle  rate  and  exhibits  (roughly)  a  1  /(d^/dt)  dependence 
The  effects  of  inlet  distortion  are  evident  in  Figs.  9-11,  Tne 
prestall  period  at  near- zero  throttle  rate  is  an  oroer  of  mag¬ 
nitude  smaller  with  the  inlet  distortion  than  without.  This 
behavior  is  also  consistent  with  a  model  such  as  that  described 
by  equation  (1)  if  we  consider  that  wave  propagation  velocity 
and  amplitude  are  functions  of  the  local  flow  condiuoni  and 
thus  will  vary  about  the  annulus  in  the  ease  of  distorted  inflow. 
We  infer  that  the  signal  processing  technique  used  here  (equa¬ 
tion  (2)),  which  looks  only  for  sinusoidal  waves,  is  not  optimal 
with  inlet  distonion.  instead,  a  method  based  on  the  true 
eigenmodes  of  the  system — and  thus  independent  of  wave 
sbape—should  be  used.  These  could  be  calculated  using  the 
procedure  outlin«i  by  Hynes  and  Oreiuer  (1987),  but  we  have 
ncK  yet  taken  this  step. 
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reHccted  m  Fig.  n.  which  shows  the  signsl-io-notte  rioo. 
denned  as  the  mean  of  ibe  sjnpluude  of  the  first  harmotuc 
(ICil)  of  the  wave  divided  by  the  standard  deviation.  The 
signal  is  cleanest  upstream  of  the  ICV$ 

tHstiirbaaee  Crown  Rale.  The  generaJ  nonlinear  model  that 
gives  nse  to  equation  (I)  desenbet  the  evotuoon  of  the  travebng 
wave  system  in  the  c  mpressor  and  it  should  be  capable  of 
quanutatively  predkung  the  growth  of  the  waves.  The  inputs 
required  for  the  calculation  are  the  compressor  geometry 
(lengths,  blade  stagger  angles,  etc.)  and  the  steady-state  com¬ 
pressor  characteristic.  Comparison  of  model  prediction  with 
experimental  measurement  for  the  three-stage  low.jpecd  com¬ 
pressor  (Fig.  14)  shows  good  agreement.  (Note  that,  wnce  the 
initial  conditions  for  the  model  are  not  known,  the  zero  time 
reference  for  the  dau  and  the  calculation  are  arbitrary  )  In 
our  view,  this  agreement  helps  etublish  the  validity  of  the 
raodef. 


Sensor  Placeneal  Isflueacc.  Data  were  taken  with  the  cir¬ 
cumferential  array  of  sensors  at  five  different  axial  sutions 
upstream,  downstream,  and  between  the  Made  rows  of  the 
single-stage  compressor  to  evaluate  the  influence  of  sensor 
placement  on  traveling  wave  detection.  The  waves  were  dis¬ 
cernible  at  all  axial  stations.  The  amplitude  increased  as  the 
lessors  were  moved  downstream  but  $0  did  the  noise.  This  is 


Hifh-Speed  Compressor  ExpertmenU 

The  wail  static  pressure  history  measured  just  upstream  of 
the  first  stage  stator  in  a  three-stage  high-speed  compressor 
with  uniform  inlet  flow  during  a  slow  throttle  transient  is  shown 
in  Fig.  15.  The  data  are  for  eight  dreumferential  locations 
The  phase  speed  of  the  first  two  spatial  harmoma  of  these 
data  as  calculated  using  equation  (2)  shows  that  the  »cond 
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hannotiic  is  most  readily  discerned  (Fig.  16).  The  prestail  am- 
piiiude  (IC^rl)  is  considerably  higher  for  the  second  harmonic 
as  well.  The  wave  speed  is  constant  for  more  than  100  rotor 
revolutions,  showing  a  behavior  similar  to  that  of  the  low- 
speed  compressors.  Comparison  of  the  phase  speed  of  the 
second  harmonic  as  measured  at  the  leading  edge  of  each  of 
the  three  stator  rows  (Fig.  17)  shows  the  signal  to  be  the  clearest 
at  the  first  stage.  Other  measurements  and  calculations  indicate 
that  the  first  stage  stalls  first  under  these  flow  conditions. 

Time  history  of  the  wall  static  pressure  on  the  high-speed 
compressor  with  a  180  deg  inlet  distortion  during  a  slow  throttle 
transient  is  shown  in  Fig,  18.  Here  we  see  that  the  prestail 
disturbance  level  is  not  uniform  about  the  circumference.  The 
phase  speeds  of  the  fun  two  spatial  harmonics  of  this  data 
are  not  readily  discerned  (Fig.  19)  except  for  a  short  stretch 
of  the  second  harmonic,  llie  reason  for  this  may  be  inferred 
from  the  time  histories  in  Fig.  18,  which  show  prestall  dis- 
turbancea  of  relatively  high  amplitude  originating  on  sensor  7 
(low  flow  regioo)  betng  suongly  attenuated  as  they  move  by 
Muors  6  and  5  (high  flow  region).  Cross  correlations  of  ad¬ 
joining  sensors  were  taken,  which  indicated  a  maximum  at  a 
time  delay  corresponding  to  13  percent  of  rotor  speed.  A  time 
history  of  the  maximum  value  of  the  cross  correlation  between 
sensors  0  and  1  shows  (Fig.  20)  strong  correlation  for  the  period 
(- 100  to  -140  revs)  during  which  constant  phase  speed  of 
the  second  harmonic  can  be  discerned.  The  correlation  in¬ 
creases  again  as  stall  is  approached. 
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These  high-speed  data  support  the  view  that  the  distorted 
compressor  acts  (crudely)  as  parallel  compressors  with  wave 
speed  and  damping  varying  about  the  ciicumfereace  as  a  result 
of  the  locally  varying  flow  field.  The  cross  correlations  of  both 
high  and  low-speed  compressor  data  show  that  there  is  local 
real-time  information  available  on  the  instantaneous  com¬ 
pressor  subility,  which  may  require  more  sophisticated  data 
processing  than  represented  by  equation  (2).  .  ^  . 

Application  of  Signal  Processing  to  Compressor  Sta¬ 
bility  Estimation 

We  believe  that  the  experimental  data  presented  have  verified 
the  applicability  of  the  compressor  stability  model  represented 
by  equation  (1),  at  least  to  the  three  machines  studied.  In  this 
view,  compressor  subility  is  directly  linked  to  the  growth  or 
decay  of  the  traveling  waves  and  routing  stall  is  simply  the 
mature  form  of  this  wave  evolution.  The  question  .of- stall 
warning  thus  becomes  one  of  kjencificatjon  of  the  waves  and 
estimation  of  their  growth  rate.  The  practical  impiemenution 
of  this  approach  is  complicated  by  two  factors.  TheJint  is 
that,  during  transienu,  the  growth  of  the  disturbance  may  hot 
be  slow  compared  to  its  fundamental  period,  and  this  reduces 
the  effectiveness  of  the  more  simple  time  spectra  techniques 
such  as  fast  Fourier  transforms  (FIT).  The  second  is  that  the 
circumferentially  uniform  flowfield  of  a  compressor  with  inlet 
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distortion  means  that  wave  growth  and  propagation  rates  are 
nonuniform  about  the  circumference,  r^ucing  the  effective¬ 
ness  of  the  simple  spatial  analysis  approach  of  equation  (2). 
To  extract  the  maximum  information  available  from  the 
compression  system,  more  sophisticated  signal  processing  is 
thus  required  to  cope  with  temporal  and  spatial  variations.  In 
the  following  sections,  we  address  only  the  problem  of  tem¬ 
poral  variability,  leaving  the  spatial  variation  problem  to  a 
later  time. 

As  sketched  in  the  Appendix,  the  wave  behavior  of  equation 
(1)  is  associated  with  the  temp<^  behavior  of  the  Fourier 
modes  («*)  of  the  velocity  potential  of  the  form 

$(I)-C»a*{{)  (3) 

which  is  the  description  of  a  first-order  system  in  which  C  is 
a  constant  that  depends  on  geometry.  Two  interrelated  ap¬ 
proaches  can  be  brought  to  bear  on  this  system;  spectral  anal¬ 
ysis  and  system  identification  techniques. 

Spectral  Analysis.  In  its  simplest  form,  spectral  analysis  can 
be  used  to  estimate  the  power  spectral  density  (PSD)  of  each 
important  spatial  harmonic  of  the  flowfield.  A  peak  should 
be  present  at  the  frequency  of  the  traveling  waves  (2<M0  per¬ 
cent  of  rotor  rotation)  with  its  height  being  proportional  to 
the  power  in  the  wave.  Monitoring  the  time  evolution  of  this 


Fig.  21  Pow*f  apactrai  danalty  (PSO)  ol  Ural  apatlal  hannoole  el  th* 
axial  velocity  bofor*  stall  In  two  lew-apoad  compmaaor* 


peak  yields  information  on  the  wave  growth  and  thus  the 
compressor  stability.  This  should  be  a  more  discerning  tech¬ 
nique  than  the  simple-phase  speed  plots  (as  in  Figs.  7,  9,  10, 
and  15),  since  the  phase  is  driven  by  the  strongest  frequency 
component  present  in  the  signal,  which  is  not  necessarily  that 
of  the  traveling  waves  of  interest,  while  the  PSD  will  not  be 
so  affeoed.  _ 

The  fast  Fourier  transform  (FFT)  is  often  used  to  calculate 
PSDs  but  has  two  limitations  that  are  important  in  this  ap¬ 
plication.  The  first  is  that  the  frequency  resolution  is  propor¬ 
tional  to  the  time  interval  available  for  analysis.  The  second 
is  that  Che  absence  of  information  ouuide  this  interval  distorts 
the  spectral  response.  These  problems  can  be  particularly  trou¬ 
blesome  with  very  short  dau  records  and  dau  with  time  varying 
spectra]  content,  both  of  which  are  present  in  this  application. 
Other  techniques  have  been  developed,  however,  which  largely 
overcome  these  problems.  The  one  adopted  here  is  based  on 
(he  fitting  of  a  linear  model  to  the  dau  (Kay  and  Marple, 
1981),  which  has  the  advantage  of  resolving  sharp  spearal 
features  from  shon  dau  records. 

The  power  spectral  densities  of  the  first  spatial  harmonic  of 
the  axial  velocity  before  stall  in  the  single-stage  and  the  three- 
stage  low-speed  compressors  are  shown  in  Fig.  21 .  The  uav- 
eiing  wave  is  readily  apparent  in  both  compressors,  at  0.24  of 
rotor  frequency  for  the  single-stage  and  0.3S  for  the  three- 
stage.  (The  three-suge  dau  were  low  pass  filtered  to  remove 
the  d-c  component;  the  single-stage  data  were  not.)  Figure  21 
shows  the  power  spectra  at  one  flow  coefficient  at  one  instant 
of  time.  The  power  in  the  traveling  wave  Q-C-,  the  height  of 
the  peak  at  the  traveling  wave  frequency  of  Fig.  21)  is  plotted 
in  Fig.  22  as  a  function  of  flow  coefficient.  The  amplitude  of 
this  peak  at  the  traveling  wave  frequency  increases  as  the  flow 
coefficient  is  decreased,  implying  chat  the  power  in  the  wavw 
is  related  to  the  compressor  subility.  Note  that  the  power  in 
this  first  spatial  harmonic  is  considerably  reduced  when  inlet 
distortion  is  present.  This  is  roost  likely  a  result  of  the  signal 
processing  technique  used  here,  which  was  aimed  at  discerning 
sinusoidal  waveforms  traveling  about  the  compressor  circum¬ 
ference.  The  distorted  inflow  waveforms  are  not  so  simple. 
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thus  more  sophisticated  processing  techniques  may  be  required. 
The  direct  spectral  approach  lets  us  identify  How  features  but 
does  not  directly  yield  information  on  compressor  stability, 
since  the  height  of  the  peak  is  a  function  both  of  the  damping 
of  the  system  and  the  amplitude  of  the  excitation.  System 
idenufication  techniques  are  of  use  in  this  respect. 

System  Identineatioo.  We  have  a  model  (equation  (1)}  that 
we  believe  to  be  a  relevant  description  of  the  physical  system, 
compressor  stability.  System  identification  is  a  technique  that 
allows  us  to  estimate  the  values  of  the  physical  parameters 
describing  the  compressor  stability  by  fitting  data  to  the  model 
in  real  time.  A  discrete  time  series  can  be  modeled  as  the 
solution  of  a  difference  equation 

+  .  ■  •  +  V— P+'*'*  W 

where  v,  is  a  noise  term  (turbulence,  electrical  noise,  convected 
disturbances,  etc.).  The  p  coeffidenu  of  bi  in  equation  (4)  can 
be  estimated  by  fitting  a  pth  order  linear  model  to  the  data. 
The  advantage  in  this  application  is  that  only  the  parameters 
need  be  estimated  since  the  form  of  the  model  has  been  es¬ 
tablished.  Filtering  can  be  used  to  enhance  the  results  by  re¬ 
moving  unmodeled  dynamics  and  correlated  noise. 

The  model  can  be  fitted  to  the  dau  in  either  the  time  or 
frequency  domain.  The  time  domain  was  used  here  since  it  is 
well  suit^  to  real-time  implemenution.  Least-squares  tech¬ 
niques  can  be  used  recursively  by  updating  the  model  parameter 
estimates  for  each  new  dau  point  (Goodwin  and  Sin,  1984; 
Friedlander,  1984)  and  “forgetting”  old  dau  to  track  time 
varying  parameten.  We  refer  die  reader  to  Gamier  (1989)  for 
further  details. 

We  rewrite  the  wave  model  of  equation  (3)  for  each  spatial 
^unnonic  in  the  form  of  equation  (4)  as  an  ordinary  differential 
equation .  :r  _  •  --- 

>'‘-^^^-{ff.-i«*)C-*({)  +  K(f)  (5) 

where  is  the  harmonic  defined  by  equation  (2).  the 
traveling  wave  damping,  wj,  the  wave  frequency,  and  F(|)  the 
driving  noise.  In  fitting  this  model  to  the  dau  at  any  instant 
in  time,  we  have  estimated  the  wave  damping  and  frequency- 
for  each  spatial  harmonic.  To  the  degree  to  which  the  model 
is  valid,  wave  damping  and  compressor  subility  are  equivalent. 
A  real-time  estimate  of  e  is  thus  an  instantaneous  measure  of 
the  compressor  stability. 

The  fit  of  equation  (5)  to  the  power  spectral  density  of  the 
first  spatial  harmonic  of  the  single-suge  low-speed  compressor 
is  shown  in  Fig.  23  for  undistorted  flow  and  Fig.  24  for  dis- 
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Fig.  24  Aa  Fig.  23,  but  for  saoond  sgallal  harmenlc 


torted  inflow.  In  both  cases,  the  model  fits  the  general  shape 
of  the  data  well.  The  distorted  dau  shows  a  peak  fr^^uency 
of  -0.3,  which  is  too  close  to  traveling  wave  freqiiracy  to 
simply  filter,  so  a  second-order  model  was  employed  to  account 
for  this  peak.  All  of  the  distorted  inlet  dau  sub^uently  used 
a  second-order  model.  •  •  s 

The  damping  coefficient  (di)  of  the  first  spatial  harmonic 
estimated  with  this  technique  from  the  dau  is'shown  as  a 
function  of  flow  coefficient  in  Fig.  25,'  ^th  and  without  inlet 
distortion.  With  undistorted  inflow,  the  compressor  is  ruble 
until  the  damping  approaches  zero.  With  inlet  (fistortion,'the 
damping  is  greater  Aan  for  the  undistotted  case  away  from 
stall,  but  drops  much  faster  with  flow  coefficient  ^til  the 
machine  stalls  at  a  somewhat  higher  value  of  <r.  The  frequency 
of  the  first  spatial  harmonic  (wi)  is  the  same  with  and  without 
inlet  distortion  and  independent  of  flow  coeffident.'The'in- 
fluence  of  throttle  transientt  is  apparently  to  steqpen  the  drop 
in  damping  with  flow  coefficient  as  well  as  delay  the  stall  to 
a  somewhat  lower  flow  coefficient  (l^g.  26).  How  much  of  the 
delay  is  due  to  unmodeled  inertia  effects  within  the  compressor 
and  how  much  is  due  to  time  lags  in  the  algorithm  has  not 
been  determined. 
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tisiage  compressor  of  the  blade  row  in  which  the  siail  starss 
The  data  from  the  high-speed  compressor  indicated  that  the 
waves  are  most  clearly  discerned  at  this  axial  station. 

One  of  the  most  inuriguint  and  challenging  uses  would  be 
as  a  real-time  prestali  indicator  in  an  operational  engine  The 
iitmted  dau  presented  herein  suggest  that  sufrideni  warning 
time  may  be  available  (tens  to  hundr«is  of  rotor  revolutions) 
for  a  more  or  less  conventional  engine  control  system  to  take 
corrective  action  (changing  fuel  flow,  nozzle  area,  vane  set¬ 
tings,  etc.},  thus  reducing  the  surge  margin  required  and  the 
associated  penalties.  There  are  many  quesfioru  that  must  be 
examined  before  the  praaicahty  of  such  a  scheme  could  be 
established— not  just  ones  of  compressor  dynamics  as  ad¬ 
dressed  here  but  also  more  applied  ones  such  as  sensor  relia¬ 
bility.  compuutionaJ  requirements,  system  complexity,  overall 
dependability,  and  cost. 

An  even  more  challenging  use  of  these  prestali  waves  is  as 
a  control  signal  for  an  actively  stabilized  compressor,  one  in 
which  external  feedback  control  is  used  to  increase  the  com¬ 
pressor  stability  by  increasing  the  wave  damping  (a).  Epstein 
et  al.  (1989)  first  suggested  this  approach  and  an  ongoing  effort 
was  described  by  Ougundji  et  al.  (1989),  where  the  inlet  guide 
vanes  of  a  single-stage  low-speed  compressor  were  being  '‘wig¬ 
gled”  to  suppress  the  traveling  waves  and  thus  increase  the 
compressor  stability. 

For  any  of  these  applications  to  become  practical,  consid¬ 
erably  more  work  than  presented  here  must  be  done  on  the 
sensing  and  identification  of  these  circumferentially  traveling 
waves.  In  particular,  the  sinusoidal  nature  of  the  signal  pro¬ 
cessing  inherent  in  equation  (2)  must  be  relaxed  in  order  to 
account  for  more  complex  flows,  such  as  those  with  inlet  dis¬ 
tortion.  Algorithm  selection  and  adaptation  to  minimize  the 
length  of  time  data  must  be  taken  to  identify  the  waves  is 
another  area  where  work  is  needed.  We  believe  these  extensions 
of  the  present  work  are  suaightforward,  although  not  neces¬ 
sarily  simple.  Somewhat  more  complicated  (or  at  least  tedious) 
is  the  an^ytical  inclusion  of  compressibility  to  model  high¬ 
speed  macUnes  accurately  (although  the  high-speed  data  ex¬ 
amined  to  date  are  quite  similar  to  that  from  low-speed  ma¬ 
chines). 

An  extremely  fundamental  question  is  bow  general  are  the 
results  presented  herein;  do  some,  most,  or  ail  compressors 
exhibit  this  prestall  wave  behavior?  We  make  no  claims  beyond 
the  resulu  for  the  compressors  we  have  examined.  All  exhibit 
similar  behavior,  behavior  in  accord  with  the  theoretical  models 
of  compression  system  subility. 

We  Imow  of  no  reawn  why  such  waves  should  not  exist  in 
all  compressors,  although  we  would  not  be  at  all  surprised  if 
their  strength  and  duration  varied  to  such  a  degree  as  to  render 
them  very  difficult  to  discern  in  some  machines.  Only  more 
dau  can  answer  this  question. 


Dhwnasibn— DigiBecring  Uses  of  Prestali  Waves 
As  we  have  demonstrated,  the  compressor  damping  can  be 
directly  estimated  on-line,  given  sufficient  experimental  dau. 
The  dunping  is  a  direct  measure  of  the  compressor  stability 
over  the  period  represented  by  the  dau  and  is  thus  an  indication 
of  the  likelihood  of  stall.  Whether  a  machine  sulli  at  a  given 
time  is  determined  not  just  by  the  system  damping,  however, 
but  also  by  the  nature  and  level  of  the  system  forcing,  which 
we  have  not  addressed  here.  The  damping  by  itself,  though, 
is  an  indication  of  the  susceptibility  to  the  exdution  and  thus 
to  stall. 

.  One  use  of  this  information  would  be  to  establish  the  surge 
line  of  a  new  compressor  on  the  test  stand  without  the  necessity 
of  actually  stalling  the  machine.  This  avoids  the  requirement 
to  ”dufflp”  the  compressor  automatically  to  a  higher  mass 
flow  each  time  surge  is  encountered  (necessary  to  prevent  me¬ 
chanical  damage),  and  can  provide  a  savings  in  test  time.  A 
second  possible  use  is  to  determine  the  location  within  a  mul- 


Condosions  and  Summary 

We  have  examined  the  flow  in  two  low-speed  and  one  high¬ 
speed  compressor.  The  experiments  in  these  machines  show 
that: 

1  Small-amplitude  (less  than  5  percent  of  the  stall  ampli¬ 
tude)  waves  can  be  discerned  trav^g  about  the  compressor 
anoiiius  at  close  to  the  rotating  stall  speed  for  10-200  rotor 
revolutions  prior  to  the  onset  of  routing  stall. 

2  These  waves  grow  into  a  fully  developed  routing  stall 
witiiout  apparent  sharp  changes  in  either  phase  or  amplitude. 

3  The  prestali  period  during  which  these  waves  were  dis¬ 
cerned  varied  by  a  factor  of  3  at  a  single  flow  condition, 
apparently  stochastically. 

4  The  behavior  was  similar  in  both  the  high  and  low-speed 
compressors,  except  that  the  first  spatial  hamonic  was  the 
strongest  in  the  low-speed  machines  and  the  second  in  the  high¬ 
speed. 
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5  In  muitiitage  compressors,  the  prestall  waves  arc  clearest 
in  the  stage  that  stalls  first, 

6  Inlet  distortion  reduces  the  period  during  which  the  pre¬ 
stall  waves  were  discerned,  using  techniques  based  on  the  as¬ 
sumption  of  sinusoidal  waves  about  the  circumference. 

7  The  data  fit  the  model  of  Moore  and  Greiuer,  including 
both  the  qualitative  behavior  of  the  prestall  waves  and  the 
quantitative  prediction  of  the  growth  rates. 

Overall,  we  believe  that  recognition  of  this  wave  behavior 
can  be  a  useful  tool  in  the  study  of  compressor  stability .  Future 
work  should  encompass  more  sophisticated  signal  processing 
to  account  for  distoned  inflow,  include  the  effects  of  com¬ 
pressibility,  and  extend  the  experimental  work  to  a  larger  num¬ 
ber  of  compressors. 
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A  P  P  E  .N  D  I  X 

Brief  Description  of  the  Basic  Stall  ioception  Mo4el 

The  underlying  ideas  of  stall  inception  and  the  approach  to 
the  sensing  are  connected  by  a  simple  model,  which  provides 
a  framework  to  view  the  phenomenon.  Two  points  concerning 
rotating  stall  onset  should  be  stressed  at  the  outset.  First,  when 
one  considers  the  actual  flow,  there  arc  several  disparate  length 
scales  involved.  What  is  needed  is  a  description  of  the  inter- 
tedon  between  flow  on  the  blade  element  scale  (]eng»h  scales 
on  the  order  of  blade  pitch  or  smaller)  and  the  wave  structure 
in  the  annulus  (flow  phenomena  with  length  scale  of  the  radius 
of  the  machine).  Second,  there  is  strong  evidence  that  the 
“region”  of  the  blade  passage  that  is  responsible  for  routing 
stall  is  the  endwail.  Put  another  way.  the  mechanism  of  stall 
is  generally  not  two  dimensional,  and  the  treatments  that  view 
it  as  such  miss  the  essential  fluid  mechanics  of  the  situation. 

The  model  that  we  use  was  developed  by  Moore  (1983)  for 
rotating  stall  and  later  extended  by  Moore  and  Greitzer  (198d) 
to  encompass  generalized  disturbances,  i.e.,  combined  rotating 
stall  and  surge  in  multisuge  machines.  Here  we  examine  only 
onset  of  the  former.  In  the  model,  the  disturbances  upstream 
and  downstream  of  the  compressor  are  viewed  as  two  dimen¬ 
sional;  this  would  be  expected  to  be  the  case  in  compressors 
of  high  hub-tip  radius  ratio.  The  blade  row  description,  how¬ 
ever,  makes  use  of  the  measured  steady-state  compressor  pres¬ 
sure  rise  characteristic,  with  correction  to  account  for 
unsteadiness.  In  a  very  real  sense,  then,  three-dimensional  ef¬ 
fects  are  accounted  for  because  the  behavior  at  the  endwalls. 
which  can  be  a  strong  contributor  to  the  "turnover”  in  the 
pressure  rise  versus  flow  curve,  has  been  included.  Although 
both  the  blade  row  modeling  and  the  coupling  between  large 
scale  disturbance  field  and  blade  element  dynamics  are  crude, 
the  model  does  appear  to  contain  the  necessary  elements  for 
a  description  of  the  stall  process.  It  is  this  point,  with  the 
simplicity  as  a  secondary  issue,  that  suggests  use  of  such  a 
description  in  the  sensing  and  control  problem. 

The  derivadoDS  of  the  relevant  equations  have  been  given 
several  times  elsewhere,  so  that  we  will  only  sketch  out  the 
steps  leading  to  the  ^uadoos  that  we  need.  The  flow  fields 
considered  are  two  dimensional,  inviscid,  and  incompressible 
upstream  and  downstream  of  the  compressor.  The  flow  in  these 
two  regions  is  coupled  by  three  matching  conditions  across  the 
compressor,  two  kinemadc  and  one  dynamic.  With  these  con- 
didoos,  representing  the  modeling  of  the  unsteady  and  non- 
axisymme^c  compressor  performance,  we  describe  the  flow 
in  each  region  as  follows. 

UpttrcMi  Flow  Region.  Upstream  of  the  compressor  the 
flow  is  irroudonal,  and  a  velocity  potendal  can  be  used.  We 
express  the  velocity  as  a  uniform  steady  flow  plus  a  small 
asymmetric  perturbadon,  which  is  the  gradient  of  a  potendal, 
satisfying  the  two-dimensional  Laplace  equadon,  with  pe¬ 
riodic  boundary  condidons  and  vanishing  far  upstream,  h  can 
thus  be  express^  in  terms  of  its  .'padal  Fourier  coefficients  as 

♦  (*».«.{)-  E  (AD 

ItluO 

The  quantity  *  is  the  nondimensionai  axial  coordinate  x/R  and 
(  is  a  nondimensionai  dme,  where  {  «  dme  •  (U/R). 
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Acrou  lli«  Cofflpmsor.  As  stated,  there  are  three  matching 
conditions  that  are  applied  across  the  compressor.  The  first  is 
that  the  local  axial  velocity  distribution  is  the  same  at  all  <urio/ 
stations  through  the  compressor.  This  approximation  is  made 
on  the  basis  of  the  small  opportunity  for  circumferential  re- 
disuibution  within  typical  compressors.  Order  of  magnitude 
argumenu  imply  that  it  is  most  correct  for  disturbances  with 
low  order  harmonic  concent,  and  these  are  precisely  the  ones 
of  interest  here.  Discussion  of  the  assumption  can  be  found 
in  the  papers  by  Dunham  (1965)  or  Stenning  (1980). 

ExplicitJy,  the  matching  condition  is 


u.(0.  «.  £)-u,K0.  6,  f) 


where  the  subscript  u  refers  to  just  upsueam  and  d  to  just 
downstream  of  the  compressor. 

The  second  matching  condition  is  constant  leaving  angle  at 
compressor  exit.  This  is  also  an  approximation,  but  it  should 
be  reasonable  for  the  solidities  of  practical  concern. 

The  last  matching  condition  can  be  expressed  in  terms  of  a 
relation  between  the  pressure  difference  across  the  compressor 
and  the  local  axial  velocity  and  its  derivative.  As  developed 
by  Moore  (1983)  (see  also  Moore  and  Greitzer .  1986)  the  match¬ 
ing  condition  can  be  written  in  a  linearized  form  as 


6P^-5P. 
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The  quantity  is  the  slope  of  the  steady-state  com¬ 

pressor  characteristic,  and  X  and  ^  are  nondimensionai  pa¬ 
rameters  associated  with  the  inertia  of  the  fluid  in  the 
compressor  blade  passages.  Their  precise  values  are  not  critical 
here  since  what  is  of  most  interest  is  the  general  form  of  the 
solution,  but  for  reference  /t  is  roughly  twice  X  and  is  of  order 
unity. 


Downstream  Flow  Region.  The  linearized  flow  field  in  the 
downstream  region  is  periodic  and  obeys  the  equation 

vV,/  =  0  (A3) 

with  the  boundary  condition  far  downstream  of  constant  static 
pressure.  The  downstream  pressure  field  is  thus  of  the  form 

6/>,=E/>,^(e)e-'*'’*"  (A4) 


Using  the  linearized  forms  of  the  equations  of  motion  in  the 
upstream  and  downstream  region  equations,  (Ai),  (A2),  and 
(A4)  may  be  combined  into  a  single  equation  for  llte 
Fourier  component  of  the  upsueam  velocity  disturbance  po¬ 
tential.  This  is 


datii) 
d^  . 
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If  we  define 


1*1 

2+l*l,t 


(A6) 
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(A7) 

The  solution  of  equation  (A3)  can  be  written 

(A8) 

and  thus 

£  h*<<'*'v-»*<V<**-“*** 

ISIxO 

(A9) 

As  stated  in  the  main  text,  therefore,  the  Fourier  mode  is  the 
product  of  two  exponentials.  The  term  ^«**"***<>  represenu  a 

uaveiing  wave,  with  ut  the  wave  frequency.  The  other  expo¬ 
nential,  gives  the  dependence  of  the  wave  amplitude 

on  axial  position  (i,)  and  time;  at  is  the  damping  of  the  wave. 
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The  paper  presenu  a  series  of  inter esung  experimental  results 
about  the  prestall  wave.  Figure  4  shows  that  this  wave  ts  am¬ 
plified  within  about  one  cycle  into  the  rouung  stall  wave  of 
nearly  the  same  frequency.  The  explanation  of  this  extremely 
suong  amplificauon  is  based  on  the  two-dimensioaai  theory 
of  the  velocity  potetnial  given  in  equation  (1),  as  inuoduced 
by  Moore  and  Greitzer  (1986).  This  equation  represents  a  trav¬ 
eling  wave  around  the  circumference  of  the  rotor  with  de 
pendence  on  the  axial  position.  Equauon  (1)  is  viewed  m  the 
paper  as  analogous  to  the  behavior  of  an  oscillator  roiaimg 
about  the  circumference  of  the  compressor.  The  growth  of  the 
wave  (i.e..  the  instability  of  the  compressor)  is  determined  by 
the  instantaneous  damping.  When  the  damping  ts  negative, 
oscillations  grow  and  the  flow  in  the  compressor  is  unsuble 

The  prestall  wave  in  the  form  of  a  stall  precursor  is  thus 
considered  in  the  paper  as  an  axially  uansvene  wave  traveling 
around  the  circumference  of  the  rotor.  As  the  corresponding 
annular  space  is  occupied  by  a  lot  of  blades,  it  may  be  difficult 
to  realize  bow  such  a  traveling  wave  can  cross  the  barrier  in 
the  form  of  these  blades. 

if  the  alignment  of  the  stall  cells  of  multistage  axial  com¬ 
pressors  in  the  axial  direction  is  considered,  the  waves  asso¬ 
ciated  with  routing  stall  of  each  of  the  stages  are  blocked  in 
the  axial  direction.  In  other  words,  the  waves  penetrate  through 
the  whole  depth  of  the  compressor  from  the  rotor  of  the  first 
suge  to  the  rotor  of  the  last  stage  in  the  axial  direction  without 
changtng  in  the  global  pattern.  This  depth-independent  nature 
reveals  that  the  waves  of  the  different  stages  have  the  capability 
of  blocking  each  other  in  the  axial  direction  on  one  band,  and 
crossing  the  blade  channels  of  the  rotor  on  the  other. 

The  writers  of  this  discussion  found  in  their  previous  pub- 
licaUons  (Chen.  1990;  Chen  ci  ai.,  1987,  1989,  1990a.  1990b. 
1991;  Haupt  et  al.,  1987)  that  the  barodinic  waves  in  com¬ 
bination  with  the  Rossby  waves  and  the  associated  transient 
vortices  (a  circular  Karman  vortex  street)  posses  the  capability 
required. 

It  was  shown  by  the  writers  that  on  the  verge  of  routing 
stall  the  compressed  reverse  flow  comes  from  the  annular  space 
behind  the  outlet  of  the  rotor  along  the  casing/shroud  to  meet 
the  fresh  forward  flow  on  a  ring-shaped  front.  Due  to  the 
different  entropies  and  temperatures  of  the  two  opposite  flows, 
a  barodinic  insubility  deforms  the  ring  into  a  wavy  motion. 
This  front  was,  in  addition,  confirmed  by  the  measuremenu 
of  Koch  (1970)  and  Inoue  et  al.  (1990)  as  cited  in  Cben  et  al. 
(1989,  Fig.  14.  and  1990a,  Fig.  17).  TTie  wavy  motion  of  the 
front  is  then  developed  into  Rossby  waves,  the  velodty  field 
of  which  was  detected  from  the  measurement  of  Breugelmans 
and  Sen  (1982)  on  a  centrifugal  turbomachine  (Cben,  1990, 
Fig.  10).  and  from  the  measurement  of  Lavrich  (1988)  on  an 
axial  compressor  (Chen  et  al.,  1990b,  Fig.  20.  and  1990a,  Fig. 
4). 

There  are  two  kinds  of  secondary  recirculations  in  the  rotor, 
wtucb  conuol  the  activity  of  the  Rossby  waves  and  the  routing 
stall. 

The  first  kind  of  secondary  redrculation,  composed  of  the 
reverse  flow  along  the  caain^shroud  and  the  forward  flow 
along  the  bub,  prkoarily  promotes  the  Rossby  waves  and  thus 
the  routing  stall.  There  is  a  dose  analogy  between  the  Rossby 
waves  in  the  annular  spaces  in  front  of  and  behind  the  rotor 
of  an  axial  compressor  on  one  band,  and  the  Rossby  waves 
(barodinic  waves)  on  the  upper  and  bottom  layers  of  a  routing 
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fluid  annulus  with  an  anifidai  recirculation  between  the  outer 
and  inner  cylindrical  walls  found  by  Douglas  et  al.  (1972)  m 
their  laboratory  experiment  (see  Chen  et  ai.,  1987,  Fig.  9)  on 
the  other  hand.  The  pressure  rise  of  the  rotor  corresponds  to 
the  gravity  field  in  the  experiment  of  the  rotating  annulus.  The 
Rossby  waves  in  the  two  annular  spaces/layers  are  coupled 
with  each  other  by  their  blocking  effect. 

In  the  case  of  the  rotor,  the  communication  of  the  activity 
of  the  Rossby  waves  between  the  blade  channels  is  carried  out 
by  the  second  kind  of  secondary  recirculation  around  each  of 
the  blades,  as  shown  by  Chen  et  al.  (1990a,  Figs.  14,  15.  and 
16). 

Furthermore,  each  blade  channel  of  the  rotor  of  an  axial 
compressor  generates  its  own  Rossby  wave  (see  Chen  et  al., 
1990b,  Fig.  22),  which  serves  as  a  communicating  member 
between  the  Rossby  waves  in  the  two  annular  spaces  in  front 
of  and  behind  the  rotor.  In  this  manner,  the  field  of  the  Rossby 
waves  around  the  entire  rotor  forms  an  ensemble,  renewing 
from  blade  channel  to  blade  channel  under  the  guidance  of 
the  activity  of  the  Rossby  waves  in  the  frontal  and  rear  annular 
spaces. 

The  formation  of  the  Rossby  wave  in  each  of  the  blade 
channels  of  centrifugal  compressors  can  be  also  verified,  as 
shown  in  a  further  paper  of  the  writers  f  1991). 

The  Rossby  waves  in  the  turbocompressors  and  pumps  are 
similar  to  chose  in  the  ocean  and  the  middle  atmosphere  (e.g., 
500  mbar  height).  In  the  tatter  case  they  guide  the  polar  front 
on  the  earth's  surface  (i.e.,  between  the  warm  westerly  from 
the  subtropical  region  and  the  cold  easterly  from  the  polar 
region,  and  thus  subjeaed  to  the  baroclinic  instability  for 
forming  the  meteorological  vortices  “low  and  high"  of  the 
unstable  weather  event),  and  the  jet  stream  in  the  high  at¬ 
mospheric  level  (200  mbar). 

The  Rossby  waves  of  the  rotor  have  their  velocity  compo¬ 
nents  primarily  in  the  tangential  and  radial  directions  u  and 
V.  These  two  components  correspond  to  the  west-east  direction 
of  the  zonal  flow  and  its  deflection  to  the  north-south  direction 
in  Che  Rossby  waves  of  the  atmosphere.  The  axial  velocity 
component  w,  which  initiates  the  first  and  second  kinds  of 
secondary  recircuiatioos  of  the  rotor  mentioned  above,  is  not 
directly  involved  in  tbe  Rossby  waves.  These  tangential  and 
radial  components  u  and  v  of  the  Rossby  waves  are  then  capable 
of  being  communicated  between  the  blade  channels  as  stated 
previously. 

The  paper  under  discussion  is  based  on  the  wave  motion  of 
the  axial  velocity  component  w  around  the  rotor.  This  cor¬ 
responds  to  a  wave  motion  in  the  atmosphere  in  the  direction 
normal  to  the  eanh’s  surface.  Such  a  wave  is  observed  as  an 
internal  wave  in  stratified  flow  on  the  earth,  e.g..  the  lee  wave 
downstream  of  a  mountain  as  a  barrier.  This  wave  cannot 
cause  a  rotating  disturbance  around  the  earth.  In  other  words, 
the  axial  disturbance  in  a  rotor  cannot  suy  in  any  direct  con¬ 
nection  with  the  rotating  stall,  which  has  the  major  property 
of  a  rotating  disturbance. 

The  routing  stall  of  the  axial  compressor  usually  has  one 
stall  cell.  The  Rossby  number  of  tbe  accompanying  Rossby 
wave  was  detemtined  to  be  0.(^3  by  the  writers  (1990b).  The 
rotating  stall  of  the  centrifugal  compressor  with  iu  two^ell 
pattern  has  then  a  Rossby  number  of  0. 17  (Chen,  1990).  These 
values  correspond  well  to  those  of  the  Rossby  waves  in  nature. 

The  writers  are  quite  aware  that  their  Rossby-wave  theory 
is  still  in  a  developing  stage.  It  needs  further  mathematical  and 
physical  treatments.  An  advanced  step  for  this  will  be  carried 
out  in  tbe  near  future  (Chen  et  ai.,  1991). 
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The  authors  thank  Drs.  Chen  and  Haupt  and  Profesor  Rau- 
tenberg  for  their  comments.  We  do  not.  however,  agree  with 
the  points  that  are  made.  In  particular,  we  do  not  sec  that  any 
scientific  evidence  at  all  has  been  presented  connectiug  rotating 
stall  with  either  Rossby  waves  (which  occur  at  high  ratios  of 
Coriolis  to  inertial  forces)  or  baroclinic  instability.  To  be  more 
explicit,  we  have  not  seen,  either  in  their  disrassion  or  in 
previous  exposiiioiu,  any  clearly  stated  body  of  assumptions, 
a  mathematical  sutemeni  of  the  problem,  calculations  based 
on  this  sutement,  or  prediaions  about  the  form  of  such  waves 
in  an  axial  compressor.  We  feel  strongly  that  such  a  rational 
development  is  needed  to  demonstrate  tbe  appropriateness,  let 
alone  the  correctness,  of  any  proposed  theory.  Figure  U  of 
Gamier  et  d.  is  tbe  result  of  such  a  process:  a  computauor. 
based  on  a  clearly  stated  theory.  Its  agreement  with  experiment 
seems  to  us  to  show  that  the  theory  contains  much  of  the 
essential  physics  of  the  stall  cell  wave  evolution,  but  if  this  is 
disputed  then  there  are  specific  uatements  that  one  exanunes 
to  see  tbe  cause  of  any  disagreement. 

In  addition  to  this  overall  view,  there  are  clear  errors  of 
concept  in  the  discussion.  For  example,  baroclinic  instability 
(which  depends  on  density  not  being  solely  a  function  of  pres¬ 
sure)  in  invoked  by  the  discussers  to  explain  some  aspecu  of 
routing  stall.  Tbe  flows  examined  by  Gamier  and  predeces¬ 
sors,  however,  bad  low  Mach  numbers  (on  the  order  of  0. 1  in 
some  cases)  and  temperature  rises  much  less  than  the  ambient 
level.  Under  these  conditions,  the  flow  can  be  considered  con¬ 
stant  density,  the  entropy  has  no  dynamic  significance,  and 
there  is  no  role  played  by  baroclinic  insubility.  Further,  in  the 
theory  presented  in  the  paper,  the  propagation  of  the  stall  cell 
depends  on  a  balance  between  inertial  effects  in  the  compressor 
and  the  upstream  and  downstream  flow  fieids;  there  is  no 
relationship  to  Rossby  waves. 

In  summary,  while  some  of  the  sutements  concerning  Rossby 
waves  made  by  the  discussers  may  be  correa,  we  have  seen 
no  factual  trail  leading  to  their  connection  with  routing  stall. 
We  would  be  pleased  to  consider  such  evidence  if  presented 
in  a  well-reasoned  and  unambiguous  manner,  rather  than  as 
the  vague  analogies  that  appear  in  the  discussion. 


302/ Voi.  113,  APRIL  1991 


Transactions  of  tha  ASME 


Modeling  Axial  Compressor 
Nonlinear  Rotating  Stall  Phenomena  for  Control 


Abstrflct 


James  D.  Paduano 
Daniel  L.  Gysling 

Massachusetts  Institute  of  Technology 
Cambridge,  MA  02139 


A  formiilation  of  the  Moore-Greitzer  rotating  stall  model  is  presented  which 
allows  nonlinearity  to  be  represented  in  a  control-theoretic  framework.  To  test  the 
validity  of  the  nonlinear  model,  stall  inception  experiments  are  compared  to 
simxilated  stall  inception  transients.  The  shape  of  the  nonlinear  compressor 
characteristic  is  shown  to  be  important  in  characterizing  the  transient  behavior.  The 
effects  of  the  throttle  characteristic  and  unsteady  losses  are  also  discussed. 

Introduction 

Rotating  stall  and  surge  are  violent  limit  cycle  -type  oscillations  in  axial 
compressors  which  resxUt  when  perturbations  (in  flow  velocity,  pressure,  etc) 
become  unstable.  (Driginally  treated  separately,  these  two  phenomena  are  now 
recognized  to  be  coupled  oscillation  modes  of  the  compression  system  -surge  is  the 
zeroth  order  or  planar  oscillation  mode,  while  rotating  stall  is  the  limit  cycle 
resulting  from  higher-order,  rotating-wave  disturbances.  The  importance  of  these 
phenomena  to  the  safety  and  performance  of  gas  turbme  engines  is  widely 
recognized  [1],  and  various  efforts  to  either  avoid  or  control  both  rotating  stall  and 
surge  have  been  studied  [2J3,4], 

A  tumfrig  point  in  these  attempts  came  with  the  development  of  relatively 
simple  models  far  surge  and  rotating  stall  [5,6  J],  which  relied  on  modeling  the 
global  behavior  of  the  compression  system  rather  than  detailed  internal  flow 
characterization.  These  modeb,  which  we  will  call  the  Moore<?reitzer  models,  were 
simple  enough  to  be  used  in  the  design  and  implementation  of  subilizing 
controllers.  In  fact,  it  has  been  shown  that  in  centrifugal  compressors  [8,9],  and  in 
some  low-speed  axial  compressors  [10,1 1],  the  linearized  v^ioM  of  the  surge  and 
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rotating  stall  models  are  accurate  and  useful  representations  in  the  context  of 
stabilization. 

The  nonlinear  forms  of  these  models  have  also  received  attention  as  tools  for 
studying  stabilization  and  control  [12,131-  In  this  respect,  noitiinear  modeling  of 
surge  is  more  mature;  experimental  studies  indicate  that  the  details  of  surge 
iiutiation  and  the  surge  limit  cycle  are  well  characterized  by  the  nonlinear  surge 
model  [14, 211;  all  indications  to  date  are  that  nonlinear  control  law  design  based  on 
this  model  is  jvistified  and  would  work  in  implementation. 

The  nonlinear  rotating  stall  model,  on  the  other  hand,  is  more  complicated, 
involves  more  assvunptions  and  simplifications,  and  is  more  difficult  to  verify 
experimentally.  Lavrich  [15]  conducted  the  most  thorough  study  of  the  assumptions 
of  the  Moore-Greitzer  model,  and  found  that  during  fully  developed  stall,  significant 
radiad  and  circumferential  flow  occurs,  which  makes  the  model  assumptions  less 
accurate.  Thus  care  must  be  exercised  in  using  the  rotating  stall  model  without  first 
verifying  its  usefulness  in  characterizing  the  instability  to  be  controlled. 

Fortunately,  characteruing  fully-developed  rotating  stall  is  not  our  primary 
goal.  Since  a  stabilizing  controller  would  keep  perturbations  relatively  small,  it  is 
only  small-perturbation  waves  and  stall  inception  waves  that  we  must  accurately 
model.  The  former  have  been  shown  to  obey  the  linearized  dynamics  satisfactorily, 
and  to  be  stabilizable  over  a  certain  range  of  unstable  operating  conditions.  Stall 
inception  waves,  on  the  other  hand,  involve  large  enough  perturbations  that 
nonlinear  effects  must  be  taken  into  account.  These  nonlinearities  may  be  impxjrtant 
for  controllers  of  severely  nonlinear  compressors,  or  to  extend  the  stabilized 
operating  range  of  existing  active  control  research  compressors. 

In  this  paper,  we  first  present  the  coupled  nonlinear  surge/rotating  stall 
model,  in  a  form  which  is  useful  for  control  law  design.  We  then  look  at 
experimental  rotating  stall  inception  data,  and  compare  it  to  simulation  results.  Our 
goal  is  to  show  that,  for  the  perturbations  which  lead  to  rotating  stall,  the  Moore- 
Greitzer  model  adequately  characterizes  compressor  dynamic  behavior.  In  the 
process,  the  important  effects  of  the  nonlinearities  will  be  elucidated. 

Low  Speed  gncompicasible)  Comprcaaor  Modeling 

Consider  the  schematic  diagram  of  an  axial  compressor  in  Hgure  1.  It 
consists  of  an  upstream  annular  duct,  a  compressor  modeled  as  an  actuator  disk,  a 
downstream  annular  duct,  and  a  throttle.  E>uring  stable  operation,  flow  through  the 
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compressor  can  be  assumed  to  be  circumferentially  unifonn  (axisymmetric),  and  a 
single  non-dimensional  measure  of  flow  through  the  compressor  determines  the 
system  state.  This  measure  is  the  'flow  coefficient',  which  is  simply  the 
nondimensionalized  value  of  the  axial  velocity: 

_  (axial  velocity) 

(rotor  speed) 

During  quasi-steady  operation,  the  total-to-static  pressure  rise  delivered  by  the 
compressor  is  simply  determined  by  its  'pressure  rise  characteristic,'  denoted  Vc(<t>)- 
The  pressure  rise  is  balanced  by  a  pressure  loss  across  a  throttling  device,  which  can 
be  either  a  simple  flow  restriction  (used  for  testing  compressors  as  components)  or 
the  combustor  and  turbine  in  a  gas  turbine  engine.  The  balance  between  pressure 
rise  across  the  compressor  and  pressure  drop  across  the  throttle  is  depicted  as  an 
intersection  between  the  characteristics  of  the  two  devices,  VcM))  and  Vx((|>),  where, 
for  low  pressure  ratios,  Vt(<I>)  is  usually  taken  to  be  a  quadratic  function  of 

¥r  =  2  (2) 

Kt  depends  on  the  degree  of  throttle  closure.  In  a  typical  experiment,  the  throttle  is 
slowly  dosed,  the  throttle  characteristic  becomes  steeper  (modeled  by  adjustment  of 
Kt  above),  the  intersection  point  between  Vc(<t>)  Vt(<^)  changes,  and  the 

equilibrium  operating  point  of  the  compressor  moves  from  high  flow  to  low  flow 
(see  Figure  2). 

The  stability  of  the  equilibrium  point  represented  by  tite  intersection  between 
¥c(<|>)  and  ¥x(<|>)  has  been  the  topic  of  numerous  studies,  due  to  its  importance  in  the 
safe,  high  performance  operation  of  gas  turbine  engines.  In  our  model,  the  system 
state  imder  unsteady,  possibly  non-axisymmetric  (i.e.  drcumferentially  varying) 
conditions  is  characterized  by  three  terms;  the  aimulus  averaged  pressure  rise 
delivered  by  the  compressor,  iy,  the  annulus  averaged  flow  coeffident,  and  the 
spatially  distributed  pertiirbation  on  denoted  6^ : 

(|i^,0,t) = ^  +  5<^0i,e,'t)^  (3) 

where  ii  is  the  nondimensional  axial  position  in  the  compressor  (the  origin  is  chosen 
to  be  at  the  oranpressor  face),  9  is  the  circumferential  position,  and  t  is  non- 
dimensional  time  (in  rotor  revolutions). 

Note  that  evaluation  of  Vic  and  ¥t  must  now  be  conducted  more  carefully 
due  to  the  unsteady  and  non-axisymmetric  character  of  the  flow:  ¥c  is  evaluated  at 
11  s  0  (the  compressor  ^ce),  and  varies  with  both  t  and  6  -  le.  we  evaluate 
¥c(  ^  +  5^0, 9, T)  ).  Thus  the  compressor  is  viewed  as  a  distributed  memoryless 
nonlinearity  operating  on  the  local  flow  coeffident  On  the  other  hand,  due  to  the 
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nature  of  the  downstream  flowfield,  Vx  can  be  evaluated  for  the  annulus  averaged 
flow;  thus  the  pressure  loss  across  the  throttle  is  simply  Vx<4) ). 

One  additional  variable  must  be  introduced  in  order  to  set  up  the  system  of 
equatioixs.  The  upstream  flowfield,  being  two  dimensional,  admits  both  axial 
velocity  perturbations  (&j> )  and  circvimferential  velocity  perturbations.  Rather  than 
introduce  a  circumferential  velocity  variable,  we  will  introduce  the  perturbation 
velocity  potential  5<P ,  such  that 

§<^=5<j)  and  =  5(ciic.  vcl.) .  (41 

on  o6 

We  will  see  that  50  can  ultimately  be  eliminated  from  the  equatioiis,  along  with  ail 
of  the  partial  derivatives  with  respect  to  space,  leaving  an  operator-theoretic 
ordinary-differential  relationship. 

This  discussion  serves  only  to  introduce  the  relevant  states  of  the  system. 
Derivation  of  a  model  for  the  dynamics  of  the  compression  system  is  presented  in 
other  documents,  and  is  beyond  the  scope  of  this  paper.  Our  purpose  is  to  present 
the  model  in  a  format  which  is  coherent  and  accessible  from  a  control  theoretic  point 
of  view,  and  to  disctiss  the  dynamic  implicatiorw  of  the  model.  Thus  we  present  the 
dynamics  without  further  derivation,  referring  the  interested  reader  to  the  relevant 
literature  [5,6,7,10,16]. 

1)  For  the  upstream  flow  field  we  assume  no  incoming  vortidty  (dean  inlet 
conditions)  and  thus  the  flow  in  this  region  is  potential: 

V28<I>  =  0  qSO.  (5) 

2)  The  aimulus  average  (a,a.)  pressure  rise  across  the  compressor  lags  behind  that 
imposed  by  the  throttle  characteristic,  due  to  mass  storage  in  the  downstream 
ducting  and  plenum  chamber: 

=o-  (6) 

3)  The  a.a.  flow  coeffident  changes  to  try  to  balance  the  difference  between  the  a.a. 
pressiire  rise  delivered  by  the  compressor  and  the  a.a.  pressure  rise  that  actually 
exists  across  the  compressor  (in  imsteady  situations  these  can  be  different): 

c 

4)  Rnaliy,  the  non-axisymmetric  (n.a.)  part  of  the  pressme  rise  delivered  by  the 
compressor  acts  to  aoxlerate  the  flow  through  the  rotor  and  stator  passages,  where 
part  of  this  acceleration  is  due  to  the  rotor  moving  through  a  non-uniform  flow 
perturbation  (this  is  represented  by  the  presence  of  a  partial  with  respect  to  0): 
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5)  Definitions:  B,  in,)i,  X  are  scalar  geometric  parameters  defined  in  [16],  ^■)  is 

the  inverse  of  Vj,  and  the  definitions  of  the  a.a.  and  n.a.  part  take  the  expected 
forms: 


[Vc]a.a.=-^r'^C<iQ 

[Veka.  =  Vc -[Veka.  • 


(9) 


note  that  only  through  the  nonlinearity  of  Vc  are  the  axisymmetric  and  the  non- 
axisymmetric  dynamics  coupled.  Furthermore,  if  the  n.a.  dynamics  (rotating  stall) 
dynamics  are  fast  compared  to  the  a.a.  (surge)  dynamics,  then  it  is  reasonable  when 
studying  surge  to  represent  the  system  using  only  the  a.a.  part,  provided  the 
compressor  characteristic  is  properl}/  modified  to  reflect  the  effect  of  instability  of  the  n.a. 
part.  Such  modification  for  high-effidency,  multi-stage,  high  hub /tip  axial 
compressors  will  invariably  lead  to  an  a.a.  characteristic  which  is  discontinuous  and 
has  a  hysteresis  loop  (as  in  [7]). 

The  system  of  equations  (5-8)  is  a  coupled  set  of  partial  differential  equations, 
in  which  two  space  dimensions  and  time  are  present.  For  dean  inlet  flow 
conditions,  however,  the  space  dimensions  can  be  eliminated  by  introducing  the 
solution  for  the  upstream  velodty  potential  as  follows: 


5<I>=  £  a„(x>e"«el"ln  ti^O.  (10) 

n^o 

This  solution  satisfies  Laplace's  equation,  and  the  other  boundary  conditions  of  dean 
inlet  flow  experiments  as  described  in  [10].  Using  Equation  (4),  we  can  also  write  a 
solution  for  5<j>  in  the  upstream  flowfield: 


&}>=  £  $„(t>ei^el«ln  n^O,  (11) 

n#o 


where  $(x) »  These  relationships  allow  54>  to  be  eliminated  from  the  system, 

and  Equatitm  (8)  to  be  written 


+  +  Xn^j-e^^J  =  [VC($  +  5^)]n.a. 


(12) 


where  the  need  for  partials  has  been  eliminated,  and  $n{t)  is  the  n*  spatial  Fourier 
coeffident  of  the  axial  velodty  perturbation  at  the  compressor  face 

Introduction  of  the  Fourier  series  solutions  to  eliininate  spatial  derivatives  is  a 
well-known  method  for  handling  distributed  systems.  The  modal  (or  'spectral') 
form  of  the  equations  allows  linear  control  techniques  to  be  applied.  This  approach 
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has  proven  successful  in  laboratory  stabilization  of  rotating  stall  [10,11],  To  study 
the  effects  of  nonlinearity  on  the  system,  an  operator-theoretic  form  is  often  more 
useftxl-  By  substituting  the  Fourier  transform  definition  of  into  (12),  we  can  write 
the  system  (6-8)  as  follows: 


•to 

V 

0 

-1 

0 

¥ 

— L-^)  0 

0 

¥ 

=r 

0 

0 

+ 

0 

E(^) 

0 

A(.) 

&P 

o 

■>k.. 

where: 

n*o 

and 

A(-)  =  r^{Xn./(.)) 

E  and  A  are  linear  operators  which  represent  spectrally  the  effect  of  the  upstream 
flowfield,  as  well  as  allowing  derivatives  with  respect  to  6  and  Tj  to  be  evaluated. 
The  linear  and  nonlinear  parts  of  Equation  (13)  have  been  separated  for  illustrative 
purposes,  but  the  equations  are  dearly  m  the  desired  form,  i.e.  i  =  F(x). 

Equations  (13)  can  be  further  recast  into  a  number  of  different  forms, 
depending  on  the  application,  by  repeated  application  of  the  Fourier  transform  and 
its  inverse.  For  instance,  we  have  implemented  an  update  equation  for  E(5^ )  in  our 
simulation,  and  then  used  the  proper  Fourier  relationships  to  recover  5^ .  It  is  also 
possible,  by  choosing  appropriate  state  variables,  to  reduce  the  system  to  one 
involving  convolution  with  influence  functions  in  the  circumferential  variable  6,  and 
thus  eliminate  the  summations  over  n.  Finally,  discretization  of  in  6  and 
substitution  of  matrix  Fourier  transformations  in  place  of  summations  and  integrals 
allows  the  system  to  be  written  as  a  flnite-dimensional  state-space  system,  with  good 
numerical  prof>€rties  for  simulation  and  control  work  110] 
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The  purpose  of  this  section  was  to  introduce  the  Moore-Greitzer  model  m  a 
form  which  is  useful  to  control  theorists.  Simplification  of  the  model  to  state^pace 
form,  as  well  as  approximatiorts  such  as  the  surge-only  and  rotating-stali  only 
approximations,  can  be  made  with  (13)  as  a  starting  point.  Because  of  the 
assumptions  on  the  upstream  flowfield,  the  pardal-difierential  namre  of  the  original 
system  of  equatiorts  has  been  eliminated,  and  the  dependence  on  axial  position  has 
been  ‘solved  out'  of  the  system,  leaving  a  simpler  set  of  equations. 

Refinement  of  the  above  model  to  include  the  effects  of  uivsteadiness  on  the 
compressor  characteristic  has  been  conducted  by  Hendricks  et.  al.  (18),  for  the 
linearized  system.  Their  refinement  recognizes  that  the  compressor  characteristic  is 
not  in  reality  a  memoryless  nonlinearity.  They  show  that  the  lags  inherent  in  the 
compressor  pressure-rise  response  have  a  strong  effect  on  both  the  damping  and  the 
rotation  frequency  of  pre-stall  waves.  Al  hough  th’"  odification  is  not  yet  available 
in  the  nonlinear  simulation  used  here,  an  approximation  has  been  implemented 
which  allows  the  damping  effect  of  unsteadiness  to  be  taken  into  account.  We  will 
show  in  the  next  section  that  w  th  this  modification,  and  with  an  adjustment  of  X.  to 
accovmt  for  the  rotation  frequency  change,  a  nonlmear  simuiabon  of  Equation  [13] 
accurately  models  stall  inception  in  experimental  low-speed  axial  compressors. 

Comparison  of  Simulated  and  Experimental  Stall  Inception 

The  nonlinear  functions  and  Vyin  (13)  govern  both  the  stall  inception  and 
the  fully  developed  stall  behavior.  Fully  developed  stall  behavior  has  been  treated 
by  other  researchers,  and  for  the  purpose  of  stabilization,  it  is  the  character  and 
subsequent  avoidance  of  stall  incqjtion  that  is  of  primary  interest  Thus  we  will 
conantrate  here  on  the  effect  of  Vc  and  Vjon  nonlinear  stall  inception  behavior, 
showing  both  experimental  and  theoretical  results. 

Stall  inception  -  that  is,  transition  from  axisymmetric  flow  to  fully  developed 
stall  -  is  of  interest  becavise  only  during  this  transition  process  are  twno  important 
criteria  met  by  the  flow  field:  1)  relatively  small  axial  flow  perturbations  2)  strong 
influence  of  die  nonlinearities.  Meeting  the  first  criterion  is  important  to  insure  that 
the  assumptions  inherent  in  the  model  described  above  and  in  [7]  are  reasonable. 
Specifically,  the  "semi-actuator  disk"  assumption  used  to  simplify  the  representation 
of  the  flow  across  the  compressor  is  a  more  severe  approximation  during  fully 
developed  stall  than  during  pre-stall  and  stall-inception  conditcwvs  (151.  Restricting 
the  model  validation  to  waves  of  small  amplitude  relative  to  fully  developed  stall 
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does  not  pose  a  problem  to  control  law  development,  because  presumably  any 
working  crntrolier  would  stabilue  the  system  and  avoid  the  fully-developed  stall 
condition. 

The  second  criterion  mentioned  above  is  important  in  the  present  study 
because  understanding  and  accurately  modeling  nonlinear  stall  inception  behavior 
is  our  goal.  In  some  compressors,  over  a  certain  range  of  flow  coefficients, 
linearization  of  the  dynamics  in  (13)  is  a  workable  approach  [3].  However,  to  further 
extend  the  operating  range  of  these  compressors,  and  to  control  compressors  in 
which  nonUnearities  are  more  severe,  we  must  understand  the  nonlinear  behavior. 
Although  fully  developed  stall  is  a  nonlinear  phenomenon,  it  violates  our  first 
criterion.  Thus  we  are  left  with  stall  inception,  where  nonlinear  effects  are  beginning 
to  influence  the  behavior,  but  the  flow  perturbations  across  the  compressor  are  still 
relatively  small. 

Our  approach  in  the  present  study  is  to  carefully  model  three  experimental, 
low  speed  compressors  which  have  different  stall  inception  beltaviors.  For 
convenience  we  will  label  these  compressors  Cl,  C2,  and  C3.  The  details  of  the 
experimental  setup  for  each  compressor  are  described  in  references  [3],  [18],  and  [19] 
respectively.  The  geometric  details  of  the  compressors  (those  necessary  to  perform 
the  simulation)  are  presented  in  Tables  I  and  H,  and  the  compressor  and  throttle 
characteristics  are  shown  in  Figures  3, 4,  and  5.  Note  the  following  deviations  from 
strict  physical  interpretation  of  the  model  parameters: 


1)  The  Greitzer  'B'  parameter  [5]  is  set  to  0.1  in  the  experimental  compressors  -  this 
represents  in  all  cases  a  'worst  case’  maximum.  Even  using  this  maximum,  the 
sturge  dynamics  are  very  stable  for  the  experiments  we  will  present;  thus  we 
have  for  Equatioits  (6,7) 


$  2  HW)  . 

'?  2[Vc:{^  +  5<}>)]a  a/ 

Le.  the  mean  flow  will  follow  the  throttle  characteristic  very  closely  in  these 
experiments. 


(16) 


2)  The  unsteady  loss  parameter  is  set  to  03  in  all  three  compressors.  A  priori 
prediction  of  this  parameter  is  difficult  [18],  so  we  have  diosen  to  use  an 
appTOxmute  value  which  is  the  same  for  all  three  compressors.  The  value 
chosen  is  roughly  the  non-dimensional  convection  tizne  acrc^ss  one  blade  row 
(which  happens  to  be  approximately  the  same  in  all  three  compressors). 

3)  Two  simulations  will  be  presented  for  each  compressor.  The  first  will  use  the 
geometrically  determined  value  of  X,  and  tlte  second  will  uses  an  'effective  X', 
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which  has  been  adjusted  to  account  for  the  rotation  frequency  change  caused  by 
unsteady  losses.  Since  only  the  damping  effect  of  unsteady  losses  are  currently 
modeled  in  the  simulation,  this  approach  is  deemed  appropriate  (see  [20]).  X  is 
the  only  parameter  (in  the  simple  version  of  the  model  presented  here)  which 
can  be  u^  to  change  the  frequency  of  rotating  stall  -  modeling  other  effects 
(which  do  in  fact  increase  the  rotating  stall  frequency)  would  require  additional 
dynamics  in  the  simulation. 

In  order  to  determine  the  compressor  characteristics  in  Figures  3-5,  the 
following  procedure  was  followed:  Rrst,  the  experimental  data  for  each  compressor 
was  fit  with  polynomial  segments.  The  experimental  data  extends  only  to  the  mark 
'X'  on  each  figure,  because  beyond  this  point  the  compressor  is  unstable  and  does 
not  operate  axisymmetrically.  The  region  between,  the  ’X’  and  the  ‘O'  marks  on  these 
figures  is  the  actively  stabiHzed  region  of  operation.  Compressors  Cl  and  C2  have 
had  their  stable  operating  range  augmented  through  active  control.  This  allows  us 
to  more  fully  characterize  the  compressor  characteristic  in  a  very  important  region 
for  this  study;  when  the  active  control  is  switched  off  in  these  compressors, 
nonlinear  stall  inception  proceeds  from  the  operating  point  ’O',  and  the  region 
between  the  'O'  and  the  'X  is  the  first  region  accessed  by  transient  velocity 
perturbations. 

The  next  step  in  determining  Vc  is  to  utilize  the  simulation  to  qualitatively 
iterate  on  the  correct  shape  for  its  unstable  part.  This  trial-and-error  procedure  is 
necessary  because  no  directly  measured  data  for  Vc  ^xist  in  this  unstable  region. 

Our  hypothesis  is  that  stall  inception  provides  a  measure  of  the  effects  of  Vc  which  is 
distinct  enough  to  allow  the  deduction  of  the  shape  of  ¥c  beyond  the  measurable 
range.  Such  deduction  requires  an  understanding  of  the  impact  of  various  'shape 
parameters’  for  ¥c  on  stall  inception  behavior.  Implicit  in  this  approach  is  the 
assiunption,  which  we  will  verify  through  application,  that  the  character  and 
qualitative  features  of  the  stall  inception  process  are  driven  primarily  by  the 
norUinearities,  and  that  informed  choices  for  the  shape  of  the  unstable  side  of  the 
characteristic  can  be  made  which  allow  the  qualitative  stall  inception  features  to  be 
simulated. 

Several  features  ic^  the  shape  of  the  unknown  part  of  are  shared  by  most 

compressors,  so  these  provide  a  geieral  framework  within  which  to  search. 

Pressure  rise  generally  reaches  a  maximum  at  some  flow  coefficient,  dropping  off 
below  this  flow  value  due  to  separation  and  other  loss-producing  factors  at  low 
flows.  During  reverse  flow  (negative  S^i),  however,  pressure  rise  becomes  roughly 
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quadratic  and  increasing,  because  the  compressor  looks  roughly  like  a  throttle  to 
reverse  flow.  The  details  of  the  drop  in  pressure  rise  below  the  peak,  the  depth  of 
the  low-pressure-rise  region  between  zero  flow  and  the  peak,  and  the  steepness  of 
Vc  for  negative  flow  values  are  the  parameters  which  are  adjusted  to  attempt  to 
match  the  experimental  stall  inception  behavior. 

For  our  purposes,  the  most  important  feature  of  ¥c  is  its  shape  near  the  peak 
-specifically  its  steepness  on  the  unstable  flow  flow  side)  compared  to  the  stable 
(high  flow)  side  of  the  peak.  Compressor  Cl  is  steeper  on  the  stable  side  than  the 
unstable  side  over  a  large  range  of  flow  coefficients.  Compressor  C2  is  roughly 
symmetrical  about  its  peak,  ,and  compressor  C3  has  a  steeper  slope  on  the  tmstable 
side.  (See  Figures  (3-5)).  This  qualitative  observation  may  be  made  conceptually 
precise  by  specifying  the  sign  of  the  leading  coefficient  of  a  cubic  polynomial  fit  to 
the  peak  of  the  characteristic: 

VC^(^)  =  A<l>3  +  B<|>2  +  C(j> +D  (17) 

With  this  description  of  the  peak.  Cl  would  have  A<0,  C2  would  have  A=0  and  C3  would 
have  A>0. 

Differences  in  the  shape  of  Vc  near  its  peak  are  used  to  account  for  the 
observed  differences  in  stall  inception  behavior.  The  other  features  mentioned 
above  are  chosen  so  that  the  simulation  gives  roughly  the  measvired  magnitude  and 
depth  of  the  fully  developed  stall  cell;  these  are  less  important  for  stall  inception 
than  the  conditions  around  the  peak,  at  which  stall  inception  occurs. 

Figures  3-5  also  show  the  transient  of  the  azmulus-averaged  operating  point 
during  the  transition  into  rotating  stall.  Note  that  the  annulus-averaged  compressor 
no  longer  operates  on  the  axisymmetric  characteristic  -  although  the  local  flow  does. 

Since  most  compressors  are  tested  using  only  annulus  averaged  measurements,  their 
measttred  characteristics  cannot  be  considered  as  the  axisymynetric  (local)  characteristic 
for  use  in  2-D  simulations.  Conversely,  when  one  studies  the  1-D  dynamics  of  a 
compression  system,  the  axisymmetric  characteristic  should  not  be  u^ed:  The  1-D 
dynamic  system  sees  the  l-D  (aimulus  averaged)  effect  of  rotating  stall,  so  this  effect 
should  be  modeled  by  using  the  annulus-averaged  compressor  characteristic,  which, 
for  the  compressors  tested  here,  is  a  discontinuous,  dual-valued  function  (due  to 
hysteresis  in  rotating  stall  recovery). 

The  unstable  parts  of  the  compressor  characteristics  presented  in  Figures  3-5 
are  the  results  of  our  search,  in  each  case,  for  the  shape  of  Vc  beyond  the  peak  that 
allows  the  simulation  to  best  mimic  the  experimentally  observed  stall  inception 
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behavior.  The  'best  fits'  to  the  transient  data  obtained  in  this  way  are  shown  in 
Figures  6, 7,  and  8.  In  all  cases  the  salient  features  are  similar  between  the 
experiment  and  simulation,  although  the  three  compressors  have  very  different  stall 
inception  behavior.  Compressor  Cl  has  a  very  long,  slow  growth  of  perturbation 
waves  into  rotating  stall.  Compressor  C2,  on  the  other  hand,  has  relatively  small 
perturbation  waves,  followed  by  a  sharp  inception  wave  which  leads  quickly  into 
fully  developed  rotating  stall.  Compressor  C3  is  even  more  severe  in  this  regard: 
nonlinear  influences  are  seen  while  the  waves  are  still  quite  small,  and  the  stall  wave 
grows  extremely  quickly  into  violently  a  nonlinear  event. 

It  is  clear  from  Figures  6-8  that  during  stall  inception  (and  even  during  fully 
developed  stall)  the  proper  choice  of  the  shape  of  Vc  cari  allow  experimental 
observations  to  be  closely  modeled  by  the  Moore-Greitzer  model.  It  is  also  clear  that 
without  the  adjustment  of  X,  the  model  is  only  qualitatively  correct;  the  rotation 
frequency  is  not  well  predirted  by  the  basic  model  presented  in  Equation  (13).  The 
explanation  for  this  behavior  is  given  by  Hendricks  et.  al.  [18]  for  the  linearized  case; 
extension  of  the  nonlinear  model  to  include  the  unsteady  loss  effects  they  discuss  (as 
well  as  other  effects,  such  as  swirl  sensitivity  and  deviation)  is  here  approximated  by 
increasing  X  so  that  the  rotation  frequencies  match.  With  this  adjustment  (which  we 
feel  is  justified  due  to  its  basis  in  the  extended  model  [18],[20]),  the  ability  of  the 
simulation  to  capture  the  nonlinear  stall  inception  behavior  is  remarkable  for 
compressors  Cl  and  C2.  The  discrepancies  in  C3  will  be  discussed  in  the  next 
section. 

Disnission 

To  understand  the  influence  of  ¥c  on  stall  inception,  consider  a  sinusoidal 
velocity  perturbation  being  mapped  through  a  compressor  characteristic,  shown  in 
Figure  9.  Here  it  is  clear  that  at  the  peak  of  the  characteristic,  a  linear  representation 
of  is  rarely  sufficient;  the  slope  of  the  characteristic  is  near  zero,  so  higher  order 
derivatives  become  important  The  high  velocity  portion  of  the  wave  experiences 
attenuating  pressure  forces,  because  it  accesses  the  stable  side  of  the  characteristic, 
while  the  low  flow  side  experiences  destabilizing  pressure  forces.  Because  of  the 
interacticm  caused  by  partials  with  respect  to  8  and  t  (Equation  8),  the  pressure  rise 
does  not  act  alone  to  accelerat  the  flow,  fristead  there  is  an  'int^ating  action'  of, 
for  instance,  the  first  sinusoidal  harmonic  If  the  integral  efrect  of  the  positive  and 
negative  parts  of  the  characteristic  causes  a  net  z  ttenuating  effect,  then  the  wa  ve  will 
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die  away  (or  converge  to  a  small  amplitude  limit  cycle).  If  the  integral  effect  is 
amplifying^  the  wave  will  continue  to  grow,  with  a  speed  which  depends  at  each 
instant  on  the  wave  shape  and  its  mapping  through  Vc- 

The  two  extremes  of  this  general  behavior  are:  1)  extremely  gradual 
characteristics,  whose  behavior  can  be  adequately  characterized  using  a  linearized 
analysis  (with  the  proper  choice  of  slope),  and  2)  characteristics  which  have  very 
abrupt  changes  in  slope.  In  the  latter  case  (when  the  unstable  side  is  much  steeper 
(A>0),  as  in  Figure  9),  a  sharp  drop  in  pressxire  rise  is  experienced  by  the  low-flow 
part  of  the  wave  (if  it  is  large  enough  to  access  the  sharp  change  in  slope).  This 
pressure  drop  overrides  other  influences  and  causes  a  quick,  localized  deceleration  of 
the  flow  (as  in  Figure  8).  The  drop  in  flow  further  reduces  the  overall  pressure  rise 
delivered  by  the  compressor,  which  moves  the  mean  operating  point  towards  lower 
values  (in  order  to  satisfy  the  throttle  characteristic.  Equation  16).  The  system  is 
thus  'dragged*  into  rotating  stall  at  a  rate  which  is  premature  when  viewed  from  a 
linearized  standpoint.  In  fact,  with  the  proper  initial  condition,  some  compressor 
models  can  go  into  stall  while  they  are  at  annulus-averaged  operating  points  which 
are  stiU  'stable'  in  the  linearized  sense.  In  these  cases,  the  domain  of  attraction  of  the 
operating  point  has  become  very  small,  because  of  the  existence  of  a  nearby  abrupt 
change  in  the  nonlinear  mapping  Vc- 

Of  somewhat  secondary  importance  to  the  stall  inception  behavior  is  the 
slope  of  the  throttle  characteristic,  ¥7.  If  ¥7  is  steep  at  the  nominal  operating  point 
large),  the  annulus-averaged  flow  coefficient  is  insensitive  to  changes  in  the 

pressure  rise  delivered  by  ¥c.  This  is  the  case  in  Cl  (Figure  6),  in  which  the  throttle 
discharges  to  a  plenum  below  atmospheric  pressure,  so  the  throttle  line  is  very  steep 
during  stall  initiation.  This,  combined  with  the  shape  of  ¥0  accounts  for  the  slow 
transient  into  rotating  stall. 

When  ¥7  is  shallow  (3¥r/30  small),  on  the  other  hand,  the  noiUinearity  of  ¥<; 
couples  more  immediately  into  changes  in  the  mean  flow  as  follows:  ¥cmaps 
energy  from  higher  harmonics  into  the  zeroth  harmonic  (this  e^^  is  represented  by 
the  function  [y(;^  +  S^)]^  and  can  be  seen  in  Figure  9).  This  causes  a  loss  in 

annulus-averaged  pressure  rise,  which  must  be  accompanied  by  a  relatively  large 
drop  in  $,  if  ¥7  is  shallow  (see  Equation  (18)).  Thus  the  rate  at  which  the  system  is 
'dragged'  into  rotating  stall  depends  in  part  on  the  slope  o£  ¥7.  Compressor  C3  is 
the  best  example  of  this  type  of  behavior  -  the  transient  from  stall  inception  to  fully 
developed  stall  is  well  under  one  rotor  revolution,  partially  because  of  the  shape  of 
¥7. 
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Figiire  8  indicates  that  there  is  a  bigger  discrepancy  between  the  simulated 
and  the  measured  stall  inception  behavior  for  compressor  C3  than  for  Cl  and  C2. 
Several  factors  contribute  to  this  discrepancy.  Most  important  is  the  effect  of  non- 
axial  flow  on  the  measvirements.  Hot-wire  anemometers  are  used  to  measure  the 
flow  velocity  in  the  experiments;  these  devices  effectively  measure  the  absolute  value 
of  axial  plus  radial  flow  perturbations.  In  the  C3  experiment,  the  hot  wires  are 
mounted  very  close  to  the  compressor  face  (ti  =  0),  where  significant  non-axiai  and 
reverse  flow  perturbations  exist.  In  the  Cl  and  C2  experiments,  on  the  other  hand, 
the  hot  wires  are  mounted  further  upstream  of  the  compressor  (Tj  =  -0.5  and  T)  =  -0.2 
respectively)  where  the  measured  perturbations  are  primarily  axial;  a  'fluid  dynamic 
filter'  exists  (Equation  (11))  which  smoothes  out  the  internal  flow  details,  allowing 
the  more  global  influences  (those  modeled  by  Moore-Greitzer)  to  be  observed. 

The  philosophy  that  modeling  global  effects  is  sufficient  for  studying 
transient  rotating  stall  behavior  is  not  universally  applicable  in  low-speed  axial 
compressors.  Day  [19]  has  measvu'ed  stall  inception  behavior  which  mwst  be 
observed  in  detail  to  be  fully  imderstood.  In  such  cases,  the  Moore-Greitzer  model 
requires  further  refinement;  radial  flow  effects  as  well  as  secondary  flows  may  need 
to  be  at  least  partially  accounted  for  to  properly  model  these  stall  phenomena. 
Including  these  effects  would  make  the  model  3-dimeiisional  (radial  variations  not 
ignored)  instead  of  2-dimensional,  and  increase  their  complexity  considerably. 

Another  important  conclusion  that  one  can  draw  from  the  results  presented 
here  is  that  nonlinear  effects,  when  they  are  important,  often  nxanifest  themselves  as 
high  spatial  frequencies  m  the  stall  transients.  In  both  C2  and  C3,  the  rotating  stall 
precursor  wave  starts  as  a  sinusoidal  wave  (first  spatial  harmonic).  During  stall 
inception,  however,  significant  spatial  harmonic  content  above  the  first  harmonic 
exists  in  the  wave  shape  as  it  transitions  into  rotating  stall.  Figure  9  is  an  example  of 
how  this  comes  about  -  it  shows  a  first  harmonic  perturbation  being  transformed 
into  a  2nd  harmonic  acceleration  term  5^.  Hgure  10  shows  the  result  -  during  stall 
inception,  what  began  as  a  1st  harmonic  perturbation  becomes  a  multi-harmonic 
perturbation,  eventually  transitioning  again  to  a  Ist-harmoxuc  dominated  fully 
developed  stall  cell.  This  complex  behavior  may  indicate  that  approximations  which 
model  only  the  first  spatial  harmotuc  (Galerkin  approximation,  [7])  do  not  capture 
^  important  nonlinear  effects  at  stall  inception  accurately  enough  to  allow  realistic 
control  law  design. 
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Candasians 


A  nonlinear,  control-theoretic  form  for  the  Moore-Greitzer  model  has  been 
presented.  This  form  is  sufficient  to  accurately  model  nonlinear  stall-inception 
behavior  provided  a)  the  unstable  part  of  the  compressor  characteristic  is  properly 
adjusted,  and  b)  the  effects  of  unsteadiness  on  the  pressure  rise  delivered  by  the 
compressor  are  included  (either  theoretically,  as  in  [18],  or  approximately,  which 
involves  adjusting  the  inertia  parmeter  X).  Stall  inception,  rather  than  fully 
developed  stall,  is  used  as  a  means  to  verify  the  Moore-Greitzer  model  of  rotating 
stall.  The  effects  of  the  shape  of  the  pressure  rise  characteristic  have  been  elucidated 
through  evaluation  and  comparison  of  experimental  and  simulation  results.  The 
most  important  conclusions  are; 

a)  The  steepness  of  the  characteristic  on  its  unstable  side  compared  to  its  stable 
side  determines,  to  a  large  extent,  the  character  of  stall  inception. 

b)  second  and  higher  harmonics  often  interact  strongly  with  the  first  harmonic 
during  stall  inception. 
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Table  I  -  Compressor  Model  Parameters 


Cl 

_£2 . 

C3 

U  (speed  at  mean  wheel  Tadius) 

73  m/s 

72  m/s 

36  m/s 

R  (wheel  radius) 

0.259  m 

0.287  m 

0.686  m 

4>  at  stall  inception 

0.433, 0.445 

0.467 

0.433 

Kt  at  stall  inception 

1 

c 

8.1, 8.6 

9.38 

6.25 

8.0 

6.66 

4.75 

B 

0.1 

0.1 

0.1 

m 

2 

2 

2 

li 

0.65 

1.29 

0.42 

X 

0.18 

0.68 

0.25 

Xgff  (see  [20],  adjusted  to  m^tch  frequencies) 

0.48 

0.95 

0.4 

measurement  position 

ti=-0.5 

ti=-0.2 

o 

II 

P" 

nondim.  convection  time  (used  for 

0.3 

0.3 

03 

vmsteady  loss  approximation} 


Cl: 


¥c<<l>)  ={ 


Table  n  -  Compressor  Characteristics 

1 .9753-<j>2  -  0.098765-<|»  +  0.051235  ; 
-12.776-^^  +  63946-<}(2  -  0.29577<{>  +  0.053597  ; 

[ -5.5363V  +  7.7202<t>^  -4.2045<1>^  + 1.1276-<|>  +  0.071953 


<j)<  0.025 
0.025  <4(50.30 
;  6  >  030 


£2l 


12.117V  -  2.4235-<^  +  0.22117  ;  4>  5  0.1 

-49.624- V  +  39.509-4(^  -  6,4130-<|)  +0.39584  ;  0.1  <  (>  5  0.40 
-10.0695-V  +  9.4301-4> - 1.1848  ;  4(> 0.40 


S2l 

¥c(<l>) 


(4-V-2-^  +  0.5  ;  4(50.25 

-143,14-^  +  143.04-^^ -44.683-^ +4.7172  ;  035  <^50.405 
-133654^  + 11374-<^  - 1.9206  ;  0.405  <  ^  5  0.4638 

-5.4283-V  +  43112-<^-f'.21325  ;  <^>  0.4638 
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Pressure  Rise  (or  Drop),  y 


Figure  1  -  Compression  system  components:  A  -  inlet  duct,  B  -  compressor, 
C  -  downstream  duct,  D  -  throttle. 


Figure  2  *•  Compressor  and  throttle  behavior  during  a  typical  experimental  test. 
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e  5  -  Comoressor  C3 


Known  part  of 

compressor 

characteristic 

Estimate  of 
unknown  part 
of  compressor 
characteristic 
(based  on  sim¬ 
ulation  tests) 

Transient  into 
rotating  stall 

Throttle 

Characteristic 

-v 

Beginning  and 
ending  p>oints 
for  the  transient 
into  rotating  stall 

0 

Lowest  value  at 
which  compressor 
characteristic  has 
been  measured 
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Figures  3>5  -  Compressor  and  throttle  characterisdcs  used  to  simulate  rotating 

stall  inception  in  compressors  Cl,  C2,  and  C3.  Transients  of  annulus 
average  (a.a.)  pressure  vs.  flow  during  stall  inception  are  also  shown 
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Figure  6  -  Comparison  of  Experimental  and  Simulated  Stall  Inception 
for  Compressor  Cl. 


Figure  7  -  Comparison  of  Experimental  and  Simulated  Stall  Inception 
for  Compressor  C2. 
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Figure  8  -  Comparison  of  Experimental  and  Simulated  Stall  Inception 
for  Compressor  C3. 
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Figure  9  -  Effect  of  nonlinear  characteristic  on  pressure  forces  which  act  to 

accelerate  a  velocity  perturbation,  ftessvu-e  forces  (on  right)  below 
the  mean  value  act  to  decelerate  the  flow.  Note  the  significant  crossfeed 
between  the  first  harmonic  and  the  zeroth  and  second  harmonics. 
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Figure  10  -  Participation  of  1st  5  Fourier  harmonics  in  stall  inception.  Note  that  harmonics 
2  and  3  temporarily  become  larger  than  the  Ist  harmonic  during  stall  inception. 
Simulation  results  are  for  compressor  C3  (same  as  Fig  '-e  8). 
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'  abstract 

The  onset  of  rotating  stall  has  been  delayed  in  a  low  speed, 
single-stage,  axial  research  compressor  using  active  feedback  connoi. 
Control  was  implemented  using  a  ciicutnfetendal  array  of  hot  wires 
to  sense  rotating  waves  of  aacial  velocity  upstream  of  the  compressor. 
Circumferentially  travelling  waves  were  then  generated  with 
appropriate  phase  and  amplitude  by  'wiggling"  inlet  guide  vanes 
driven  by  in^vidual  actuators.  The  control  scheme  considered  the 
wave  panem  in  retrss  of  the  individual  spatial  Fourier  components. 

A  simple  proportional  control  law  was  implemented  for  each 
harmonic.  Control  of  the  <ttst  ^adal  harmonic  yielded  an  1 1% 
decrease  in  the  stalling  mass  flow,  while  control  of  the  Srst  and 
second  harmcnics  together  reduced  the  stalling  mass  flow  by  20%. 

'  The  control  system  was  also  used  to  measure  the  sine  wave  response 

of  the  compressor,  which  behaved  as  would  be  expected  for  a  second 
order  system. 

NOMENCLATURE 

Cn  complex  spatial  Fourier  coefficient  (Eq.  (2)) 

IG  V  inlet  guide  vane 

n  mode  number 

P  static  pressure 

Pf  total  pressure 

R„  .  controller  gain  (Rg^IZgl)  .... 

r  mean  compressor  radius 

j  't  non-dimensioaal  time  («  UtA) 

I  U  mean  conqnessor  blade  speed 

Vjc  axial  velociiy  measurement  (Eq.  (S)} 

Z„  controller  ctunplex  gain  and  phase 

comtoiler  phase  for  n'th  mode  >  IZgl) 
y  IGV  stagger  angle 

S( )  perturbed  quantity 

8  circumferential  coordinate 

k  rotor  inertia  panmeier 

p  rotor -i-ttaKX' inertia  parameter 

*  Current  Address;  Whittle  Laboratory,  Cambridge  University. 
Cambridge,  England 


PiQV  IGV  inertia  parameter 

p  density 

local  flow  coeffident  (axial  velodty/U) 

9  area  averaged  flow  coefficient 

V  compressor  pressure  rise  (P-Py)  /  (pU^) 

Subscrints 

n  n'th  circumferential  Fourier  mode 

R  real  pan  of  complex  quantity 

I  imaginary  pan  of  complex  quantity 

INTRODUCTION 

Axial  compressors  are  subject  to  two  distinct  aerodynamic 
insiabilides,  rotating  stall  and  surge,  which  can  severely  limit 
compressor  performance.  Routing  stall  is  characBriz^  by  a  wave 
travelling  about  the  circumference  of  the  machine,  surge  by  a 
basically  one-dimensional  fluctuation  in  mass  flow  through  the 
machine.  Whether  these  phenomena  are  viewed  as  disdnci  (routing 
stall  is  local  to  the  blade  rows  and  dependent  only  on  the  compressor, 
while  surge  involves  the  entire  pumping  system  -  compressor, 
ducting,  plenums,  and  throttle)  or  as  related  (both  are  natu  al  modes 
of  the  compression  system  with  surge  cone^nding  to  the  zeroth 
order  mode),  they  geiterally  cannot  be  tolera^  during  compressor 
opendon.  Both  rotating  sttU  and  surge  reduce  the  pressure  rise  in  - 
die  machine,  cause  rapid  headng  of  the  blades,  and  can  induce  severe 
mechanical  distress. 

The  tradidoiul  approach  to  the  problem  of  compressor  flow 
field  instabilities  has  bem  to  incoiporate  various  features  in  the 
aertxiynairuc  design  of  the  compressor  to  increase  the  sable 
operating  range.  Balanced  sage  loading  and  casing  crearmem  are 
examples  of  ^gn  features  that  fall  into  this  category.  More 
lecendy,  techniques  have  been  developed  diat  are  based  on  moving 
the  operating  point  close  to  the  surge  line  when  surge  does  not 
threaen,  and  then  quickly  increasing  the  margin  when  required, 
either  in  an  open  or  clos^Ioqt  manner.  The  open  loop  techniques 
are  based  on  ofaservadon,  supponed  by  many  years  of  experience, 
that  compressor  stability  is  strongly  influence  by  inlet  distordons 
and  by  pressure  transiena  caused  by  augmentor  ignidon  and.  in  turn, 
that  inlet  distordon  can  be  conelaied  with  aireraft  angle  of  attack  and 
yaw  angle.  Thus,  significant  gains  have  been  realized  by  coupling 
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{he  aircraft  flitht  control  and  engine  fuel  control  so  that  engine 
operating  point  is  continually  adjusted  to  yield  the  minimum  stall 
margin  required  at  each  instantaneous  fUght  condition  (Yonke  et  aL, 
1987). 

Qosed  loop  stall  avoidance  has  also  been  investigated.  In 
these  studies,  sensors  in  the  compressor  were  used  to  detetmine  the 
onset  of  rotating  stall  by  measuring  the  level  of  unsteadiness.  When 
stall  onset  was  detected,  the  control  system  moved  the  operating 
point  to  higher  mass  flow,  away  from  the  stall  line  (Ludwig  and 
Nenni,  1980).  While  showing  some  effectiveness  at  low  operating 
speeds,  this  effort  was  constrained  by  limited  warning  time  from  the 
sensors  and  limited  control  authority  available  to  truve  the 
compressor  operating  point. 

This  paper  presents  the  initial  results  of  an  alternative  and 
fundamentally  different  means  for  atiacldng  the  problem  posed  by 
rotating  stalL  Here,  we  increase  the  stable  flow  range  of  an  axial 
compressor  by  using  closed  loop  control  to  damp  the  unsteady 
perturbations  which  lead  to  rotating  stall.  In  contrast  to  previous 
work,  this  dynamic  stabilization  concept  increases  the  st^le 
operating  range  of  the  compressor  by  moving  the  stall  point  to  lower 
mass  flows,  as  illustrated  conceptually  in  Fig.  1.  There  appear  to  be 
at  least  two  advantages  of  this  new  technique.  One  is  that  engine 
power  always  remains  high  with  dynamic  stabilization  while  power 
must  be  cut  back  with  stall  avoidance  (often  at  critical  points  in  the 
flight  envelope).  A  second  advantage  is  that  the  gain  in  operating 
range  can  be  potentially  greater.  In  the  following  sections,  we  briefly 
describe  those  elements  in  the  the  theory  of  compressor  stability  that 
are  relevant  to  active  stability  enharrcement,  discuss  the  design  of  the 
experimental  apparatus,  and  present  the  experimental  results. 

Conceptual  View  of  Compressor  Stability 

and  AcUYe.StaH  Control 

We  consider  rotadng  stall  to  be  one  of  the  class  of  natural 
instabilities  of  the  compression  system,  as  analyzed  for  example  by 
Moore  and  Greitzer  (1986)  for  low-speed  machines  of  high  hub-to- 
tip  radius  ratio.  Their  model  predicts  that  the  stability  of  the 
compressor  is  tied  to  the  growth  of  an  (initially  small  amplitude) 
wa  'C  of  axial  velocity  which  travels  about  the  circumference  of  the 


Mass  Flow 


Fig.  1 :  The  intent  of  active  compressor  statrilizadon  is  to  move  the 
surge  line  to  lower  mass  flow 


compressor.  If  the  wave  decays  (i.e.  iu  damping  is  greater  than 
zero),  then  the  flow  in  the  compressw  is  stable.  If  the  wave  grows 
(wave  dancing  negative),  the  flow  in  the  compressor  is  unsuble. 
Thus,  wave  growth  and  compressor  flow  stability  are  equivalent  in 
this  view. 

One  prediction  of  this  model  that  is  useful  for  present 
purposes  is  that  routing  waves  should  be  present  at  low  amplitude 
prior  to  stall.  McDougall  (1988,  1989)  has  identified  these  waves  in 
a  low  speed,  single-sage  compressor,  and  Gamier,  ei  al  (1990) 
observed  them  in  both  a  single  and  a  thnx-suge  low  spe^ 
compressor,  and  in  a  three-stage  high  speed  compressor.  The  waves 
were  often  evident  long  (ten  to  one  hundred  rotor  revolutions)  before 
'  staU.  It  was  found  that  Ae  waves  grew  smoothly  into  rotating  stall, 
without  large  discontinuities  in  phase  or  amplitude,  and  that  the  wave 
growth  rate  agreed  with  the  theory  of  Moore  and  Greitzer  (1986). 
Funhcr,  the  measurements  show^  how  the  wave  damping,  and  thus 
the  instantaireous  compressor  stability,  could  be  extract  flora  real 
tiitre  measuremenu  of  the  routing  waves. 

In  1989,  Epstein,  Ffowcs  Williams,  and  Greitzer  suggested 
that  active  connol  could  be  used  to  aitiflcially  damp  these  routing 
waves  when  at  low  amplitude.  If,  as  the  theory  implies,  routing  stall 
can  be  viewed  as  the  mature  form  of  the  routing  disturbance, 
damping  of  the  waves  would  prevent  routing  stall  from  developing, 
thus  moving  the  point  of  insubility  onset  as  in  Fig.  1.  It  was 
proposed  that  the  compressor  subility  could  be  augmented  by 
creating  a  travelling  disturbance  with  phase  and  amplitude  bared  on 
teal  time  measurement  of  the  incipient  instability  waves.  This  paper 
presents  an  experimental  investigation  of  this  idea. 

The  ba^  concept  is  u>  rtreasutt  the  wave  pattern  in  a 
compressor  and  generate  a  circumferentially  propagating  disturbaiKe 
based  on  those  messurements  so  as  to  damp  the  growth  of  the 
naturally  occurring  waves.  In  the  particular  implementation 
desciib^  herein,  shown  schematically  in  Fig.  2,  individual  vanes  in 
an  upstream  blade  tow  are  "wiggled"  to  create  the  nvelling  wave 
velocity  disturbance.  The  flow  which  the  upstream  sensors  and  the 
downstream  blade  rows  see  is  a  combination  of  both  the  naturally 
occurring  insubility  waves  and  the  imposed  control  dismrbances. 

As  such,  the  comlxnaooo  of  compressor  and  conuoUer  is  a  different 
machine  than  the  original  con^Hessor  -  with  different  dynamic 
behavior  and  different  stability. 

At  this  pmnt.  it  is  appropriate  to  present  the  routing  stall 
model  and  conrtea  it  with  the  idea  of  control.  Here,  it  is  the  structure 
of  the  model  that  is  most  imporunt  rather  than  the  fluid  mechanic 
details.  Since  the  structure  provides  a  fiwnework  for  design  of  the 
control  system,  the  quantitative  details  can  be  derived  by  fitting 
experimental  dau  to  the  model. 

The  existing  models  for  routing  stall  incq>tion  in  multi-row 


Rg.  2:  Conceptual  control  scheme  using  "wiggly"  inlet  guide  vanes 
to  generate  circumferential  mveUing  waves 
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axial  compressors  are  typified  by  an  equation  for  the  velocity  and 
pressure  peroiibsuions  of  the  form 


5P, 


r-«PTo 


compressor  i  compressor 
“ii _ inlet 


pU^ 


dv  -  -  35^  360 


(1) 


Here,  SP  and  SPj  are  the  static  and  total  pressure  pemirbadons 
respectively,  is  the  non-diinensiottal  axial  velocity  penurbation.  X 
and  4  are  non-dimensional  parameters  leflecdng  the  fluid  inerda  in 
stator  and  rotor  passages  respectively,  (dy/d^)  is  the  slope  of  the 
non-dimensional  compressor  characteristic,  and  i  is  a  non- 
dinwnsionai  tune,  1  ^  tUM  Equation  (1)  has  been  shown  in  several 
publtcadons  (e.g.  Hynes  and  Gieitzer.  1987:  Longiey.  1988)  and  we 
will  no'  present  its  development  here.  The  equadon  is  an  expression 
of  the  matching  condidons  (across  the  compressor)  for  flowfields 
upstream  and  downstream  of  the  compressor  and,  as  such,  upstream 
and  downstream  flow  field  desaipdons  are  needed  to  be  able  to  find 
a  soludon. 

Using  these,  Longiey  (1990)  has  shown  that  one  can  put  Eq. 
(1)  in  a  wave  operator  form.  For  the  nth  spadal  Fourier  coefficient, 
this  is 


appropriate  real  valued  sutes. 

The  second  order  rnodet  of  compressor  behavior  is  useful  for 
two  reasons.  First,  it  can  be  tested  expenmentally  in  a 
straightforward  manner.  Second,  it  provides  both  a  conceptual 
qualitadve  flamework  about  which  to  design  a  control  system  (i.e. 
the  subilizadon  of  a  second  order  system)  and,  given  the  results  of 
the  experimental  test,  the  quandtadve  inputs  required  to  do  the  control 
system  design. 

EXPERIMENTAL  APPARATUS 

A  0.52  meter  diameter,  single-stage  low  speed  research 
compressor  was  selected  as  a  test  vehkie  due  to  its  reladve 
simplicity.  The  general  mechanical  consmicdon  of  the  machine  was 
desi^bed  by  Lee  and  Greitzer  (1988),  and  the  geomeny  of  the  build 
studied  here  is  given  in  Table  1.  The  apparatus  can  be  considered  to 
consist  of  four  secdons:  the  compressor  (described  above), 
instrumentadon  for  wave  sensing,  actuators  for  wave  launching,  and 
a  signal  processor  (controller).  The  design  of  the  last  three 
components  is  discussed  below. 

TABLE  1 

SINGLE-STAGE  COMPRESSOR  GEOMETRY 


(2) 


The  left-hand  side  of  Eq.  (2)  is  a  convccdve  operator  corresponding 
to  ciicumferendal  propagadon  with  velocity  X/(2/(lnl  +  4))  •  (rotor 
speed).  In  addidon,  the  growth  rate  of  the  wave  is  dependent  on  the 
slope  of  the  compressor  characteiisdc.  If  (dy/d^)  is  posidve  the 
waves  grow;  if  negadve  they  decay.  Neutral  stability  (wave 
travelling  with  constant  amplitude)  occurs  at  (dy/d0)  0. 

We  can  cast  Eq.  (2)  in  a  form  that  is  more  useful  for  control 
by  considering  a  purely  pn^gadng  disturbance.  The  fust  Fourier 
mode  will  be  of  Ae  foim  e^,  so  Eq.  (2)  can  be  wrinen  as 


(2^4)^  + 
3t 


Thus  far,  the  equadons  presented  have  been  for  flow  associated  with 
unctmtrolled  compressor  dynamics.  If.  in  addidon,  we  model  the 
control  as  due  to  pemirbadons  in  JGV  stagger,  Sy,  we  obtain  the 
following  equadon  for  the  flist  Fourier  mode: 


dt 


iX- 


Ijj]  8«+[i«4lGv(|j)-(|^-9HlGV  ^ 
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(4) 


where  is  the  axisyminetric  (annulus  averaged)  flow  coefficient, 
4igv  fluid  inerda  parameter  for  the  IGVs,  and  (dy/dy) 
represents  the  increment^  pressure  rise  obtainable  from  a  change  in 
IGV  sagger,  y. 

This  is  fomolly  a  flrsi  onler  equadon  for  6y.  however  it 
must  be  remembeied  that  the  quandty  of  inretest  is  the  real  part  of 
jy.  If  we  excess  5y  in  terms  of  its  teal  and  imaginary  pw,  8y  > 
8^11  *  i8y|,  ttett  Eq.  (4),  which  is  a  coupled  pair  of  fust  order 
equadons  for  and  i8y|,  becomes  mubemadcally  equivalent  to  a 
second  order  equadon  for  Sy^.  The  form  thus  used  in  the  system 
identification  discussed  below  is  thus  second  order.  Another  way  to 
state  this  is  that  a  flru  order  equadon  with  a  complex  (or  pure 
imaginary)  pole  is  equivalent  to  a  second  order  system  in  the 


Tip  Diameter 

0.597  m 

Hub-to-TIp  Rado 

0.75 

Axial  Mach  No. 

0.10 

Operating  Speed 

2700  RPM 

IGV 

Rotor 

Stator 

Mean  Line  Sagger 

0 

35" 

22.5" 

Chamber  Angle 

0 

25" 

25" 

Solidity 

0.6 

1 

1 

Aspect  Rado 

0.9 

2.0 

1.9 

The  sensois  used  in  die  present  invesdgadort  are  eight  hot 
wires  evenly  spaced  about  the  circumference  of  the  compressor,  0.5 
compressor  ra^i  upstream  of  the  rotor  leading  edge.  The  wires  were 
posidoned  at  mids^  and  oriented  so  as  to  measure  axial  velocity. 
Hot  wires  where  chosen  because  their  high  sensidviiy  and  Crequency 
response  are  well  suited  to  low  speed  compresson.  The  sensors 
were  posidoned  reladvely  far  upstream  so  that  the  higher  harmonic 
components  of  the  disturbances  generated  by  the  compressor  would 
be  filtered  (the  decay  rate  is  like  where  n  is  the  haimanic 

number).  This  ledu^  the  likelihood  of  qadal  aliasing  of  the  signal. 
With  eight  sensors,  the  phase  and  amplitude  of  the  first  three  distur¬ 
bance  harmonics  may  be  obtained,  lite  outputs  of  the  anemometers 
were  filtered  with  four  pole  Bessel  filters  with  a  cutoff  fiequency  of 
22  tunes  rotor  rotation.  The  axial  locadon  of  the  season  is  impratant 
in  determining  the  signal  to  noise  rado  (SNR)  of  the  rotadog  wave 
measurements;  this  question  was  studied  by  (}amier  et  aL  (1990), 
who  showed  the  SNR  to  be  greatest  upstream  of  the  stage. 

There  are  many  ways  to  generate  the  required  traveiling 
waves  in  an  axial  eotapnssor.  Techniques  involving  oscillating  the 
inlet  guide  vanes  GGVs),  vanes  with  oscillating  flaps,  jet  flaps, 
peripheral  arrays  ^  jets  or  sicdon  pons,  dp  bleed  above  the  rotor, 
whirling  the  entire  rotor,  and  acousdc  arrays  were  all  considered  on 
the  basts  of  efiecdveness,  compiexiiy,  cost,  and  leduiical  risk.  For 
this  inidal  demonsttaiion  in  a  low  sp^  coo^ressor.  oscillating  the 
IGVs  was  chosen  on  the  basis  of  mifiimum  technical  risk. 

Considerable  care  was  taken  in  design  of  the  actuadon  system 
to  maximize  effecdveness  and  minimize  complexity  and  cost.  An 
unsteady  singularity  method  calculadon  of  the  potendai  flow  about  a 
cascade  was  canied  out  first  o  evaluate  tradeofi's  between  Made 
angle  of  attack  and  flow  tuming  angles  vetsus  cascade  solidity, 
fracdon  of  the  cascade  actuated,  and  airfoil  aspea  rado  (Silkowski. 
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Fig.  3;  Calculated  blade  stagger  angle  change  required  to  generate  a 
given  first  harmonic  axial  velocity  perturbation  as  a  function 
of  the  fraction  of  the  blade  row  actuated 


1990).  The  unsteady  flow  was  examined  since,  although  the  reduced 
frequency  of  the  IGV  airfoil  relative  m  rotating  stall  is  about  0.3  for 
the  fitst  harmonic,  several  harmonics  may  be  of  interest 
Calculations  were  also  perfoimed  to  evaluate  the  relative 
effectiveness  of  bang-t^g  actuation  versus  continuous  airfoil 
positioning.  As  an  example  of  these  actuation  studies,  the  tradeoff 
between  the  peak  airfoil  angle  of  attack  excursion  and  the  fraction  of 
the  cascade  actuated  is  shown  to  Fig.  3.  As  the  fraction  of  the  airfoils 
which  is  actuated  is  increased,  the  angle  of  attack  requirements  on 
intUvidual  blades  are  reduced. 

The  limits  to  blade  motion  are  set  by  both  mechanical 
constraints  Ci.e.,  actuator  torque  limits)  and  airfoil  boundary  layer 
separation  at  large  angles  of  attack.  A  NACA  63-0009  airfoil  section 
was  chosen  due  to  its  good  off-angle  perfonnance  and  relatively  low 
momenL  The  airft^  were  cast  from  low  density  epoxy  to  reduce 
their  moment  of  inertia.  A  coupled  steady  inviscid- viscous  solution 
of  the  flow  over  the  blades  indicated  that  the  boundary  layers  would 
suy  attached  at  angles  of  attack  up  to  fifteen  degrees  (Diela,  1988). 

In  this  experiment,  blade  actuation  to^ue  requirements  are 
set  by  the  airfoil  inertia  since  the  aerodynamic  forces  are  small.  Both 
hydraulic  and  electric  actuators  are  commercially  available  with 
sufficient  tmque  and  frequency  response.  Hollow  core  D.C.  servo 
motors  were  selected  because  they  were  considerably  less  expensive 
than  the  equivalent  hydraulic  servos.  The  blades  and  motors  have 
roughly  equal  moments  of  inertia. 

For  a  given  IGV  solidity,  the  number  of  actuators  required 
can  be  reduced  by  increasing  the  blade  chord,  but  this  is  oonstrained 
by  actuator  torque  and  geometric  packagmg.  The  final  IGV  design 
consists  of  twelve  untwisted  oscilladng  airfoils  with  an  aspect  rado  of 
0.9  and  a  solidity  of  0.6  (Fig.  4).  The  complete  actuation  system  has 
a  frequency  response  of  80  Hz  (^iptoximately  eight  dmes  the 
fundamemrd  rotating  stall  frequent)  ax  plus  or  minus  ten  degrees  of 
airfoil  yaw.  The  flow  angle  disttibudon  measuted  at  the  rotor  leading 
edge  station  (with  the  rotor  removed)  for  a  stationary  ten  degree 
cosine  stagger  pattern  of  the  IGVs  is  compared  in  Eg.  3  to  a 
predkdon  of  the  same  flow  made  by  Silkowski  (1990). 

The  conizol  law  implemented  for  the  tests  described  here  is  a 
nnipie  {noponionality;  u  each  instant  in  dtne.  the  spadal  mode  of 
the  IGV  stagger  angle  perturtadon  is  set  to  be  direedy  propordonal  to 
the  n<h  mode  of  the  measured  local  velocity  penurfoadon.  The 


complete  control  loop  consisted  of  the  following  steps.  First,  the 
sensor  signals  are  digitized.  Then,  a  discrete  Fourier  transform  is 
taken  of  the  eight  sensor  readings.  The  first  ar»d/or  second  discrete 
Fourier  coefricients  are  then  muIdpUed  by  the  (prrietermined) 
complex  feedback  gains  for  that  mode.  Next,  an  inverse  Fourier 
transform  is  taken  which  converts  the  modal  feedback  signals  into 
individual  blade  commands.  These,  in  turn,  are  then  sent  to  the 
individual  digital  motor  controllers.  Addidonal  housekeeping  is  also 
performed  to  store  informanon  for  post-test  analysis,  limit  the  motor 
currents  and  excursions  (for  mechanical  pttscecdon),  and  correct  for 
any  accumulaied  digital  errois. 

The  controller  hardwire  selection  is  set  by  CPU  speed 
requirements  (main  rotating  stall  control  loop  and  individual  blade 
position  control  loops),  I/O  bandwith  (sensor  signals  in,  blade 
positions  out,  storage  for  post-test  analysis),  operating  system 
overhead,  and  cost.  The  final  selection  was  a  commercial  20  MHz 
80386  PC  with  co-processor.  A  multiplexed,  twelve  bit  analog  to 
digital  converter  digitized  the  filtered  hot  wire  outputs.  The  D.C. 
servo  motors  were  controlled  individually  by  commcTcial  digital 
motion  control  boards.  Using  position  feedback  from  optical 
encoders  on  the  motors,  each  motm  controller  consisted  of  a  digital 
proportional,  integral,  derivative  (PID)  controller  operuing  at  2000 
Hz.  The  entire  control  loop  was  run  at  a  500  Hz  repetition  rate. 
Motor  power  was  provided  by  350-watt  D.C  servo  amplifiers.  The 
complete  hardware  arrangement  is  shown  in  Eg.  6. 


Circumferential  Position  (Deg) 


Eg.  5:  A  comparison  of  the  measured  and  calculated  flow  angle 
generated  0.3  chords  downstream  by  a  10  degree  cosine 
stagger  pattern  disoribution  of  12  inlet  guide  vanes 
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Fig.  6:  Hardware  component  of  actively  stabilized  axial  flow  c  mpiessor 


OPEN  LOOP  COMPRESSOR  RESPONSE 

The  inputs  and  outputs  that  chatacteiize  the  fluid  system  of 
interest  (the  comptessor  and  associated  flow  in  the  annular  region) 
are  the  inlet  guide  vane  angles  (inputs)  and  the  axial  velocity 
distribudon  (outputs).  In  the  ptesent  configuration  this  consists  of 
twelve  inputs  (twelve  inlet  guide  vanes)  and  eight  outputs  (eight  hot 
wires)  so  that  the  system  is  multiple  input-multiple  output  Because 
the  disturbances  of  interest  are  of  small  amplitude,  the  system 
behavior  can  be  tatoi  as  linear  and  we  can  thus  express  the  spatial 
distribution  of  the  input  and  output  penuibations  (or  indeed  of  any 
other  of  the  flow  peiTurbations)  as  a  sum  of  spatial  Fourier 
components,  each  with  its  own  phase  velocity  and  damping.  This 
repieseniation,  which  is  consistent  with  Eq.  (2),  allows  us  to  treat  the 
disturbances  on  a  harmmuc-by-hannonic  basis,  and  reduces  the  the 
input-output  relationship  to  single  input-single  ouqtut  tetms,  an 
enormous  ptactical  simplification. 

The  complex  spatial  Fourier  coefficient  for  each  mode  n  is 
given  by 

Cn  ■  ^ S  Vk exp[- 2igatJ  (3) 

wheie  K  is  the  number  of  senson  about  the  circumference  (8  in  this 
case),  and  is  the  axial  velocity  measured  at  angular  position  k. 

The  magnitude  of  Cj  is  thus  the  amplitude  of  the  first  harmonic  at 
any  time  and  its  phase  is  the  instantaneous  angular  position  of  the 
spatial  wave  Fbi^er  component. 

An  impoitant  concept  in  the  present  approach  is  the 
connectm  between  rotating  stall  and  travelling  wave  type  of 
disturbances  in  the  compressor  aimulus.  In  this  view,  the  wave 
damping  and  the  compressor  damping  are  equivalent  and  determine 
whether  the  flow  is  stable.  At  the  neutral  stability  point,  the  damping 
of  disturbances  is  zero,  and  close  to  this  point ,  the  damping  should 
be  small.  (The  measurements  given  by  Gamier,  et  al.  (1990)  show 


this.)  Thus,  for  a  compressor  opeiating  point  near  stall,  the  flow  in 
Che  annulus  should  behave  like  a  lightly  damped  system,  i.e.,  should 
exhibit  a  resonance  peak  when  driven  by  an  external  disturbance.  As 
with  any  second  order  system,  the  width  of  the  peak  is  a  measure  of 
the  damping. 

The  present  apparaius  is  well  suited  to  establishing  the  forced 
response  of  the  comptessor  since  the  individuai  inlet  guide  vanes  can 
be  actuated  independently  to  generate  variable  frequency  travelling 
waves.  The  sine  wave  response  of  the  comptessor  was  measured  by 
rotating  the  ±10  degree  sinusoidal  IGV  angle  distribution  shown  in 
Hg.  3  about  the  circumference  at  speeds  ranging  fiom  O.OS  to  1.75 
of  rotor  tootional  speed.  Figure  7  shows  the  magnimde  of  the  first 
spatial  Fourier  coefficient,  as  a  percentage  of  the  mean  flow 
coefficient,  as  a  function  of  input  wave  rotation  fiequency,  i.e.  the 
transfer  function  for  the  first  spatial  mode. 

The  peak  response  to  the  forcing  sine  wave  is  seen  in  Fig.  7 
to  be  at  23%  of  the  rotor  rotation  fiequency.  This  is  close  to  the 
fiequency  observed  for  the  small  amplitude  wives  without  forcing 
(20%)  arid  for  the  fully  devel<^)ed  roaring  stall  (19%).  This  behavior 
supports  the  view  sat^  previously  that  the  compressor  behaves  as  a 
second  order  sysam. 

CLOSED  LOOP  EXPERIMENTS  -  ROTATING  STALL 
STABILIZATION  OF  THE  FIRST  FOURIER  MODE 

While  the  open  loop  experimenu  described  above  ate  of 
interest  in  elucidating  the  basic  structure  of  the  disturbance  field  in  the 
compressor  annulus,  this  work  is  principally  aimed  at  suppressing 
roaring  sail  using  closed  kx^  conooL  To  assess  this,  experiments 
were  perfoixned  using  a  control  scheme  of  the  form 


t^TfiOvJn'ih  mode  *  Cn 
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Fig.  7;  Measured  open  loop  response  of  the  first  spatial  mode  of  the 
compressor  to  a  10°  IGV  stagger  rotating  sine  wave  excitadon 


In  Eqs.  (6)  and  C7).  is  the  change  in  inlet  guide  vane  stagger 
angle.  The  quandty  Zq  is  the  complex  feedback  gain  for  the  nth 
Fourier  mode  (n'th  spadal  hannonic  component  of  the  disturbance), 
with  Rfi  the  amplitude  and  Pn  1^^  phase  angle  between  the  measured 
axial  velocity  spatial  harmonic  (0.i  radii  upstream  of  the  rotor)  and 
the  input  inlet  guide  vane  angular  position  spatial  haimonic.  The 
influence  of  feedback  amplitude  (Rn)  phase  (^)  were 

established  with  a  set  of  parametric  experiments  carried  on  at  a  flow 
coefficient  (W  close  to  stall,  in  a  region  of  marginal  flow  stability. 

Data  is  shown  in  Fig.  8  in  the  form  of  the  power  spectral 
density  (PSD)  of  the  first  spatial  mode  axial  velocity  disturbance 
(Cj)  at  two  control  phase  angles  (Pj),  0°  and  45°.  The  qrerating 
point  is  fixed  at  a  normally  stable  flow  coefficient  of  ^  0.47S  (stall 
without  control  occurs  at  ^  s  0.430).  For  each  phase,  spectra  are 
shown  with  feedback  control  and  with  no  control  (vanes  stationary  at 
zero  flow  angle).  The  rotating  disturbance  is  evident  in  the  strong 
peaks  at  23%  of  rotor  rotation  frequency.  The  height  of  the  peaks  is 
a  measure  of  the  strength  of  the  rotating  waves.  The  scales  are 
dimenrional  but  all  pbts  are  to  the  same  scale  so  they  can  be 
compared  directly.  The'difference  between  the  pe^  heights  with  no 
control  in  the  two  cases  is  due  to  finite  sampling  time,  le.,  to 
differences  in  the  ambient  disturbance  levels  during  the  sampling 
period. 

At  0°  phase  angle,  the  peak  at  0.23  frequency  is  higher  with 
active  control  than  with  fixed  vanes,  implying  that  the  feedback 
control  at  this  phase  is  amplifying  the  rotating  disturbance  waves  (Le. 
making  them  less  stable).  At  43°  phase  angle,  however,  the  peak 
with  control  is  lower  than  that  with  fixed  vanes,  implying  that  control 
is  anentuating  the  waves  in  this  case.  Thus,  the  ratio  of  the  height  of 
the  peak  in  the  PSD  with  and  without  control  (Le.  the  wave 
amplification)  is  a  measure  of  the  elFectiveness  of  the  feedback  in 
influencing  the  travelling  wave's  sttiiility.  The  influence  of  controller 
phase  (p|)  at  fixed  gain  on  the  wave  amplitude  ratio  was 
experimentally  evaluated  for  phase  shifts  between  0°  and  360°,  as 
^own  in  Hg.  9.  For  phases  between  0°  and  130°,  die  waves  are 
atientuate^  while  the  waves  are  amplified  for  phase  angles  between 
160°  and  330°.  The  maximum  attenuation  found  was  roughly  30  at 
>  73°,  and  the  maximum  amplification  of  a  factor  of  1,300  occurs 
at  pj  ■  273®.  Between  Pj «  290  and  Pi »  345,  the  system  is 
unstable  fi-e.  goes  into  rotating  stall). 

If  wave  stability  is  equivalent  to  compressor  stability,  then 
conqmssar  stability  should  be  enhanced  for  control  phases  at  which 


Frequency,  Normalized  to  Rotor  Revolutions 


Fig.  8:  The  influence  of  proportional  feedback  control  on  the  power 
spectral  density  (PSD)  of  the  first  spatial  mode  of  the 
compressor  at  two  feedback  phase  angles  (Pi)  versus  the 
behavior  with  fixed  IGVs 


Rg.  9:  Influence  of  feedback  control  phase  angle  (pj)  on  the  strength 
of  the  first  spatial  mode  of  the  flow  in  the  compressor  at 
^  »  0.475 
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Fig.  10;  Influence  of  feedback  control  phase  angle  (3i)  on  the  flow 
coefficient  at  which  the  compressor  goes  into  rotating  stall 

the  waves  are  attenuated  and  should  be  decreased  when  the  waves  are 
amplified.  This  is  indeed  the  case  as  illustrated  in  Fig.  10.  Here,  the 
flow  coefficient  (0)  at  which  the  compressor  goes  into  rotadng  stall 
as  the  compressor  throttle  is  very  slowly  closed  (d$/dt  =  2xlO'V 
rotor  revolution)  is  shown  as  a  function  of  controller  phase  angle 
(3i).  Depending  upon  the  phase,  the  control  changes  the  stalling 
flow  coefficient  by  as  much  as  ±1 1%.  Comparison  of  Figs.  9  and 
10  makes  clear  the  connection  between  wave  damping  and  rotating 
stall.  Rotadng  stall  is  suppressed  when  the  waves  are  damped  and  is 
promoted  when  the  waves  ate  amplified. 

Hgure  1 1  shows  the  influence  of  control  of  the  first  spadal 
harmonic  wave  in  a  more  familiar  form  of  non-dimensional  pressure 
rise  (tp)  versus  non-dimensional  mass  flow  (flow  coefficient,  at 
constant  corrected  compressor  speed.  With  fixed  inlet  guide  vanes 
(no  control),  the  compresstxr  stalls  at  ^  =  0.43.  With  feedback  control 


Time,  Rotor  Revolutions 


Stall  Without  Control 


Stall  With  Control 
of  First  Spatial  Mode 


0.3  .0.4  0.5  ..0.6  0.: 

Row  Coefflciant,  ^ 

Fig.  11:  Mon-dimensional  pressure  rise  (V)  versus  mass  flow  ($) 
chatacterisdc  showing  the  meastued  influence  of  feedback 
control  of  the  first  spadal  mode  on  compressor  operadng 
range 


Fig.  12:  Time  history  of  ccmipressor  sensor  ou^ut  (a)  and  actuator 
response  (b)  with  first  spadal  mode  control  as  the  throttle  is 
very  slowly  closed.  Rotadng  stall  onset  is  at  a  time  of  0. 


at  the  most  effective  phase  found  (P]  «  60°),  the  stalling  flow 
coefficient  is  p  >  0.375, 1 1%  lower.  At  the  phase  producing  the  most 
wave  amplification  (Pj  =  275"),  the  stalling  flow  coefficient  is  0.475. 


Much  can  be  learned  from  examining  the  time  resolved  . 
behavior  of  the  controlled  compressor  as  the  throttle  is  very  slowly 
closed  at  a  ctmtroller  phase  (p|)  of  604.  The  overall  system  behavior 
is  shown  in  Rg.  12.  Here,  the  onset  of  stall  occurs  at  a  non- 
dimensional  time  Of  0.  Prior  to  that  time,  the  sensor  output  is  small 
relative  to  the  rotadng  stall  an^litude.  The  acniators,  however,  are 
clearly  producing  a  travelling  wave.  (The  actuator  response  to  the 
rotadng  stall  after  stall  onset  is  due  to  the  light  damping  of  the  blade 
servos.) 

The  time  evolution  measured  by  a  single  sensor  is  shown  in 
Rg.  13.  For  this  compressor  with  no  control  (Fig.  13a),  the  routing 
stall  grows  quite  slowly.  With  control  of  the  first  spadal  mode  (Fig. 
13b),  the  growth  is  much  faster.  (Note  that  this  occurs  at  a  tower 
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Time,  Rotor  Revolutions 

Fig.  13:  The  influence  of  control  on  the  time  history  of  a  single  sen¬ 
sor  as  the  throttle  is  slowly  closed  to  stall  the  compressor 


flow  coefficient  than  Fig.  13a.)  Further,  the  disturbances  with 
control  have  twice  the  frequency  as  in  the  no  consol  case.  This  is 
due  to  the  primary  disturbuKe  now  being  a  two-cell  routing  stall,  i.e. 
the  second  spatial  mode. 

The  influence  of  first  mode  control  on  the  disturbance  modal 
stmcure  is  illussated  in  Figs.  14  and  IS.  which  show  disturbance 
phase  and  amplitude  versus  time.  A  linear  variation  of  phase  with 
time  indicates  that  the  disttobance  is  propagating  at  constant  speed. 
Without  control  (Bg.  14),  both  the  first  and  second  spatial  tn^es  are 
evident  in  both  magnimde  and  phase  for  40  rotor  revolutions  before 
staJL  The  first  mode  is  clearly  die  strongest  everywhere  and  the  fully 
developed  stall  is  an  admixture  of  both  modes,  l^en  the  flrst  spanal 
mode  is  controlled  ^g.  IS),  it  is  the  second  which  is  stronger  prior 
to  stall,  and  predominates  in  the  fully  developed  rotating  stall 

Control  of  the  Second  Snatial  Mode 

Since  the  second  spatial  mode  appears  predominant  when  the 
first  mode  is  under  control,  it  makes  sense  to  control  the  second  mode 
as  well.  The  effect  of  simultaneous  control  of  the  first  two  spatial 
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Fig.  14:  Time  history  without  ctmirol  of  the  fint  two  Fourier 
coefficients  as  the  throttle  is  slowly  closed  to  stall  the 
compressor  att^Orevs 


Time,  Rotor  Revolutions 

Fig.  IS:  Same  as  Fig.  14,  but  with  control  of  the  first  spatial  mode 


inodes  on  compressor  stalling  pressure  rise  is  shown  in  Fig.  16. 

With  both  modes  under  the  control,  the  compressor  does  not  stall 
until  a  flow  coefficient  of  ^  =  0.35,  a  20%  increase  in  operating  range 
over  the  no  control  case.  Examination  of  the  time  behavior  of  the 
Fourier  coefficients,  as  the  compressor  throttle  is  slowly  closed  (Fig. 
17),  shows  that,  prior  to  stall,  the  first  and  second  modes  are  of  about 
equal  strength.  At  the  stall  point,  the  second  mode  growth  is  initially 
more  rapid  but  fully  developed  stall  is  predominantly  the  first  mode. 
This  suggests  that  (nonlinear)  mode  coupling  is  impoiunt  as  the  wave 
mantles.  The  itMasured  third  spatial  nmde  is  relatively  weak. 

SYSTEM  IDENTmCATION 

The  measurements  presented  have  b«n  for  a  compressor 
with  a  simple  proportional  control  law,  one  whose  rationale  is  based 
on  a  linear  theory  as  summarized  by  Eq.  (4).  There  are  many 
analytical  tools  now  available  to  design  mine  sophisticated  control 
schemes  with,  hopefully,  improved  performance.  The  success  of  the 


Fig.  16:  Compressor  characteristic  as  in  Fg.  1 1 ,  but  with  active 
control  of  first  and  second  spatial  inodes 


Fig.  17:  Same  as  Figs.  14  and  15.  but  with  control  of  the  first  and 
second  spatial  inodes 


control  design,  however,  will  be  based  in  no  small  pan  on  the  fidelity 
of  the  system  model  assumed  for  the  compressor.  Also,  we  are 
interested  in  understanding  more  about  the  compressor  fluid 
mechanics.  The  apparatus  assembled  for  the  active  control 
experiment  is  well  suited  to  quantitatively  establishing  the  dynamic 
response  of  the  compressor  by  directly  measuring  its  transfer 
function. 

The  magnitude  behavior  of  the  compressor  response  to  IGV 
motion  was  given  in  Fig.  7.  This  behavior  can  be  put  into  a  more 
complete  form,  and  compared  to  at  least  the  struemre  of  the  fluid 
dynamic  model,  by  plotting  the  phase  and  magnitude  (Bode 
diagram)  of  the  transfer  function  between  the  first  Fourier  coefficient 
of  IGV  motion  and  the  first  Fourier  coefficient  of  the  resulting  axial 
velocity  perturbations.  This  transfer  function  has  both  a  magnitude 
and  a  phase,  which  results  from  both  spatial  and  time  lags  between 
the  input  and  output.  We  expect  the  behavior  of  this  system  based 
on  the  modelling  described  ^ier  to  be  that  of  a  second  order 
system.  This  should  be  easily  identifiable  from  experiments  such  as 
a  rotating  sine  wave  response,  for  example. 

We  can  express  the  fluid  model  of  Eq.  (4)  in  more 
convenient  transfer  function  form  as 


|^(s)  =  K 

5y 


s  ■»  (A  -*•  Bi) 
s  +  (C  +  Di) 


(8) 


where  s  is  the  Laplace  transform  variable.  The  complex  form  of  this 
transfer  function  gives  rise  to  second-order  behavior  in  the  measured 
variables,  as  mentioned  previously.  The  advantage  of  this  form  is 
that  it  uses  the  minimum  number  of  parameters  to  completely 
specify  tftt  transfer  characteristics  of  the  system.  A  linear  regression 
type  fit  (Lamaire,  1987}  can  be  done  for  the  parameters  K.  A,  B,C, 
and  D.  This  gives  rise  to  the  results  shown  in  Fig.  1 8,  where  it  can 
be  seen  that  die  response  characteristics  in  the  experiment  are 
tnimicited  by  the  model.  We  have  obtained  this  type  of  fit  using 
various  types  of  IGV  inputs;  routing  waves,  stationary  waves  with 
oscillating  amplitudes,  and  sationary  waves  with  random 
amplitudes.  As  would  be  expected  in  a  linear  system,  the  input- 
output  behavior  is  unaffected  by  such  variations  in  the  character  of 
the  input.  Mote  details  on  this  system  identification  can  be  found  in 
Paduano  et  al.  (1990).  Overall,  the  fit  of  the  second  order  model  to 
the  measurements  is  very  good. 

In  summary,  the  fidelity  of  the  model  fit  to  the  dau  in  Fig.  18 
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Fig.  1 8;  Bode  plot  showing  response  of  the  compressor  to  a  sine 
wave  forcing  exciution  at  0  =  0.475 


indicates  that  structure  of  the  fluid  model  of  Eq.  (4)  is  appropriate  for 
this  compressor  at  the  flow  conditions  examined.  We  have  yet  to 
make  the  quantitative  prediction  of  the  Bode  plot  fiom  the 
compressor  geometry. 

DISCUSSION 

The  most  impottanc  point  of  this  paper  is  chat  these 
experiments  demonsnate  that  it  is  physically  possible  to  actively 
control  routing  stall  in  an  axial  flow  compressor  and,  by  doing  so, 
obtain  a  useful  extension  in  compressor  operating  range.  A  second 
point  is  that  these  experiments  more  firmly  esublish  a  clear  link 
between  low  amplitude  circumferentially  propagating  disiurbantxs 
prior  to  stall  and  fully  developed  routing  stall  -  when  the 
disturbances  are  suppressed,  routing  stall  is  prevented.  This  initial 
anempt  to  control  routing  stall  is  encouraging.  As  is  ofun  the  case, 
however,  these  results  raise  many  more  questions  than  they  answer. 
These  questions  thus  suggest  future  research  directions. 

The  control  law  used  in  the  experiments  reported  herein  is 
quite  simple.  Considerable  effort  is  being  spent  on  the  design  of 
mote  sophisticated,  and  hopefully  more  effective,  controllers.  The 
controllers  can  be  useful  in  two  ways  -  first,  in  extending 
compressor  performance  and,  seco^  in  elucidating  the  details  of  the 
dynamic  behavior  of  the  compression  system. 

At  the  mocnent,  we  do  not  have  a  quantiuove  explanation  for 
the  experimenully  observed  limit  to  control  effectiveness  on  this 
compressok  (Le.  why  is  there  a  209b  flow  range  improvement  rather 
than  a  10%  or  30%  improvement).  Preliminary  investigations  show 
that,  insofar  as  the  linear  system  analysis  exemplified  by  Eq.  (8)  is 
concerned,  the  bandwidth  and  actuator  authority  limits  of  the  current 
system  have  doc  yet  been  reached.  Another  possibility  is  that  higher 
order  modes  may  drive  the  instaUlity.  Measutemenu  to  dau  have 
not  shown  that  the  third  spatial  mode  is  strong  (the  highest  mode 
which  can  be  resdved  with  the  present  insmimenntion).  Various 
other  nonlinearities  can  be  imponant.  Also,  at  some  flow 
coefficienu,  the  assumptions  which  underlie  the  wave  model  (Eq. 

(4))  and  the  acoianon  scheme  chosen  nuy  cease  to  be  valid  (i.e.  two- 
dimensional  flow).  Work  is  ongoing  to  address  these  questions. 

There  are  also  more  general  issues  raised  that  go  beyond  the 
behavior  of  this  particular  compressor.  We  have  no  basis  on  which 


10  quandtaovely  exorupoiaie  foacmg  staii  conorol  beytwid  the  nuchitw 
tested.  We  note,  hovnever,  that  she  wave  l*hav;of  cxpteited  m  ihu 
control  scheme  has  been  observed  on  other  low  and  hign  speed 
compressors  by  McDougall  and  Garmer.  Thus,  we  might  expect 
that  those  machines  could  be  cootn^ieal  in  a  suniUr  fasluon  to  a 
greater  or  lesser  degree.  Thu  quesson  can  only  be  addressed  in 
substance  by  experunental  invesagatioa  of  other  buikis  of  this 
compressor  and  of  ocher  compressors.  A  second  approach  is  to 
quanatadvely  reconctle  the  system  behavioc  such  as  observed 
expetimentaiiy  in  Fig.  18  with  a  first  prinetpies  fluid  mechamc  mode! 
related  to  compressor  geometry  as  exemplified  by  Eq.  (4).  Dus 
would  facilitate  mote  accurue  predictions  of  compressor  behavior 
with  controL  Work  is  ongoing  in  both  aieas. 

Another  concern  is  the  generality  of  the  routing  stall  model 
Certainly  such  assumptions  as  rwo-dimensicmaliry  and 
incompressible  flow  ire  of  limited  ipplicabiitty.  These  models  can 
and  are  being  made  more  etabocaie  as  fidelity  with  txpenmenai  data 
requires.  It  is  important  to  emphasise  here  that  the  concept  of  active 
cwnrol  of  compressor  insubtUnes  is  not  dependent  on  the  accuracy 
of  any  parnculi  mathematical  model  or  conceptual  view  of  the  flow 
in  a  compressor.  The  model  is  there  to  provide  a  framework  about 
which  to  design  a  control  system.  Any  model  would  do  (assuming 
it  was  an  accurate  representaaon  of  the  fluid  mechanics),  although 
certainly  sotxK  formulations  are  much  more  tractable  for  coo  ,i 
design  than  others. 

Actuation  schemes  are  also  imporum  since  they  influence 
both  the  effectiveness  of  control  and  the  complexity  and  difficulry  of 
implementation.  The  approach  adopted  here  was  chosen  mainly  on 
the  basis  of  minimum  technical  nsk.  Many  other  techniques  can  be 
cmisidered  and  each  must  be  quanataavely  evaluated  m  terms  of 
control  authority  and  impieroentition  difficulty  for  a  parucuiar 
installation.  Research  efForu  in  this  area  may  be  fruitful 

As  a  (Inal  point,  we  would  like  to  comment  on  the 
interdisciplinary  nature  of  this  research.  The  effort  to  date  has  been 
successful  due  to  the  work  of  both  compressor  and  controls 
engineers  and  it  has  been  challenging  for  both  speaalbes.  (n  the  past 
vcvenl  years,  we  have  spent  considerabie  dme  learning  how  to  talk 
with  each  other  and  can  report  that  the  effort  appears  so  far  to  be 
rewarding. 

CONrLUSIONS 

Rotating  stall  in  a  low  speed  axial  compressor  has  been 
suppressed  using  active  feedback  controL  To  date,  a  20%  gam  in 
compressor  mass  flow  range  has  been  achieved.  The  measured 
dynamic  behavior  of  the  compressor  has  followed  predictions  from  a 
two-dimensional  compressor  stability  model  These  results  reinforce 
the  view  that  the  compressor  stability  is  equivalent  to  the  sabiiity  of 
low  amplitude  waves  which  travel  about  the  machine 
dicuinferendally. 

This  is  a  progress  report  on  an  ongoing  effon.  The  results  so 
far  indkaie  that  active  control  of  large  scale  fluid  mechanic 
instabilities  such  as  rotating  stall  in  axial  compresson  is  very 
promising.  Much  work  saU  needs  so  be  done  to  assess  the  practical 
applicability  of  these  lesuiis. 
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-  DRAFT  - 

Submiaed  for  Review  for  the  1993  ASME  Gas  Turbine  Conference 

/  ^IVE  STABILIZATION  OF  ROTATING  STALL 
IN  A  THREE-STAGE  AXIAL  COMPRESSOR 

by 

J.M.  Haynes,  G  J.  Hendricks,  and  A.H.  Epstein 

ABSTRACT 

A  three-stage,  low  speed  axial  research  compressor  has  been  aedvely  stabJized  by 
damping  low  amplitude  circumferentially  travelling  waves  which  can  grow  inu?  rotating  stall. 
Using  a  circumferential  array  of  hot  wire  sensors,  and  an  array  of  high  speed  individually 
positioned  control  vanes  as  the  actuator,  the  first  and  second  spatial  harmonics  of  the  compressor 
were  stabilized  down  to  a  charaaeristic  slope  of  0.9,  yielding  an  8%  increase  in  operating  flow 
range.  Stabilization  of  the  third  spatial  harmonic  did  not  alter  the  stalling  flow  coefficicnL  The 
actuators  were  also  used  open  loop  to  determine  the  forced  response  behavior  of  the  compressor. 
A  system  identification  procedure  applied  to  the  forced  response  data  then  yielded  the  compressor 
transfer  function.  The  Moore -Greitzer,  2-D,  stability  model  was  modified  as  suggested  by  the 
measurements  to  include  the  effect  of  blade  row  time  lags  on  the  compressor  dynamics.  This 
modified  Moore-Greitzer  model  was  then  used  to  predict  botli  the  open  and  closed  loop  dynamic 
response  of  the  compressor.  The  nKxiel  predictions  agreed  closely  with  the  experimental  results. 
In  particular,  the  model  prediaed  both  the  mass  flow  at  stall  without  control  and  the  design 
parameters  needed  by,  and  the  range  extension  realized  from,  active  control. 
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IMTRQPUCTIQN 

Axial  flow  compressors  suffer  from  inherent  hydrodynamic  instabilities  known  as  surge 
and  rotating  stalL  Surge  is  a  one-dimensional  mass  flow  disturbance  involving  the  entire 
compression  system,  while  rotating  stall  has  a  two-  or  three-dimensiMial  structure  rotating  about 
and  local  to  the  compressor  blading.  Both  are  large  amplitude  disturbances,  disrupting  compressor 
operation  and  inrposing  large  structural  loads,  and  so  are  unacceptable  in  routine  ctnnpressor 
q^eration. 

A  useful  theoretical  model  of  compressor  hydrodynamic  stability  started  with  Emmons  et 
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al.  (1955)  and  has  evolved  through  Moore  and  Greitzer  (1986).  This  analysis  shows  that  surge 
and  rotating  stall  are  simply  the  mature  form  of  the  natural  oscillatory  modes  of  the  compression 
system.  Surge  is  the  lowest  (zero)  order  mode  and  rotating  stall  is  the  higher  order  modes.  This 
model  predicts  that  these  hydrodynamic  disturbances  start  at  very  small  amplitude  (during  which 
time  the  modes  may  be  considered  as  linear  and  decoupled)  but  quickly  grow  into  their  large 
amplitude  form,  surge  and  rotadng  stall  (which  exhibit  nonlinear  behavior  and  whose  dynamics 
are  coupled).  Thus,  the  stability  of  the  compressor  is  equivalent  to  the  stability  of  these  small 
amplitude  waves  which  exist  prior  to  stall.  Gamier  et  al.  (1991),  McDougal  et  al.  (1990),  and 
Etchevers  (1992)  presented  experimental  data  showing  the  existence  of  these  low  amplitude  waves 
and  their  evolution  into  stall  in  seyeral  axial  compressors.  More  recently,  Paduano  and  Gysling 
(1992)  have  shown  that  the  details  of  the  time  evolution  of  the  disturbances,  especially  the  wave 
form,  is  quite  sensitive  to  the  shape  of  the  compressor  pressure  rise  versus  mass  flow 
characteristic. 

Epstein,  Ffowes  Williams,  and  Greitzer  (1989)  first  suggested  that  surge  and  rotating  stall 
could  be  prevented  by  using  active  feedback  control  to  damp  the  hydncxiynamic  disturbances  while 
they  are  still  at  small  amplitude.  Aside  from  reducing  the  control  authority  required,  control  of  the 
fluid  disturbances  while  they  still  arc  at  very  low  amplitude  permits  incipient  surge  and  rotating 
Stan  to  be  treated  and  controlled  separately  (since  their  behavior  will  be  linear  and  decoupled). 
Active  suppression  of  surge  was  subsequently  demonstrated  experimentally  on  centrifugal 
compressors  by  Ffowes  Williams  and  Huang  (1989)  and  Pinsley  et  al.  (1991),  and  on  an  axial 
compressor  by  Day  (1991).  Paduano  et  al.  (1991)  demonstrated  active  suppression  of  rotating 
stall  in  a  single-stage  low  speed  compressor.  By  damping  the  small  amplitude  travelling  waves 
rotating  about  the  annulus  prior  to  stall,  they  increased  the  stable  flow  range  of  the  compressor  by 
25%. 

The  data  of  Paduano  et  al.  provides  strong  experimental  evidence  that  at  least  the 
quantitative  structure  of  the  hydrodynamic  stability  theory  is  appropriate  for  this  type  of 
compressor  and  that,  indeed,  rotating  stall  can  evolve  from  small  amplitude  travelling  waves  since 
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damping  these  waves  prevents  the  fonnation  of  rotating  stall.  In  these  experiments,  the  travelling 
waves  were  decomposed  into  separate  spatial  harmonics  with  each  harmonic  controlled 
individually.  This  showed  that  the  linear  and  decoupled  behavior  predicted  by  the  Moore  and 
Greitzer  theory  did  indeed  occur.  The  theory,  however,  predicted  that  all  spatial  harmonics  go 
unstable  at  the  same  mass  flow,  while  the  experiment  showed  that  the  lower  the  harmonic,  the 
higher  the  mass  flow  at  instability.  This  behavior  has  an  important  implication  for  active  control 
since  it  means  that  all  spatial  harmonics  need  not  be  simultaneously  controlled  in  order  to  realize  an 
increase  in  compressor  operating  range,  greatly  simplifying  the  physical  realization  of  such  a 
control  system. 

In  the  work  presented  herein,  we  extend  the  experimental  single-stage  work  of  Paduano  by 
applying  the  same  active  control  techniques  to  a  three-stage,  low  speed  research  compressor.  Both 
open  loop  forced  response  and  closed  loop  actively  stabilized  data  are  presented.  We  also  extend 
the  two-dimensional,  incompressible  hydrodynamic  stabOity  theory  of  Moore  and  Greiuer  to 
include  non-ideal  effects  such  as  time  lags  associated  with  the  development  of  viscous  losses  and 
deviations.  These  modifications  have  the  effect  of  s^araring  in  mass  flow  the  instabilities  of 
individual  spatial  harmonics  as  observed  by  Paduano.  We  then  show  that  this  theory  docs  an 
excellent  job  in  quantitatively  predicting  both  the  open  and  closed  loop  dynamic  behavior  of  the 
three-stage  compressor.  This  includes  predicting  the  natural  stall  point  (inception  of  rotating  stall 
without  control)  and  predicting  both  the  controller  parameters  required  and  the  improvement  in 
mass  flow  range  gained  from  active  control.  Finally,  we  make  some  comments  on  the  utility  of  an 
actively  stabilized  machine  for  exploration  of  compressor  dynamics. 

Experimental  Apparahis 

A  0.6  meter  diameter,  three-stage  low  speed  axial  research  compressor  was  adapted  for  use 
as  a  test  article  in  these  experiments.  Work  in  this  rig  was  previously  reported  by  Gamache 
(1990),  Lavrich  (1988),  and  Gamier  el  al.  (1991).  The  blading  details  are  given  in  Table  1 .  The 
control  scheme  adopted  was  tiiat  used  by  Paduano  et  aL  in  which  the  travelling  waves  of  axial 
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velocity  arc  detected  by  a  circumferential  array  of  hot  wires  just  upstream  of  the  compressor  and 
individually  actuated  vanes  upstream  of  the  rotor  are  used  to  generate  the  rotating  disturbance 
structure  required  for  control.  The  test  compressor  was  appropriately  modified  by  moving  the 
inlet  guide  vanes  (IGV’s)  sufficiendy  far  upstream  so  that  control  vanes  could  be  placed  between 
the  IGV’s  and  the  first  rotor.  In  this  arrangement,  the  inlet  guide  vanes  produce  the  mean  swirl 
while  the  unchambered  control  vanes  provide  the  time  and  circumferential  variations  needed  to 
stabilize  the  compressor.  Each  of  the  twelve  control  vanes  consisted  of  NACA  65-0009  cast 
epoxy  airfoils,  cantilevered  from  a  hollow  core,  high  torque  to  inertia  DC  servo  motor  (Fig.  1). 
Instrumentadon  included  circumferential  hot  wire,  total  pressure,  and  static  pressure  arrays 
mounted  throughout  the  compressor  (Fig.  2).  Additional  measurements  consisted  of  rotor  speed 
and  torque,  average  compressor  mass  fiow  (from  a  venturi),  and  rig  housekeeping. 

The  control  system  hardware  is  illustrated  in  Fig.  3.  The  signals  from  the  eight  hot  wire 
anemometers  mounted  about  the  compressor  circumference  axe  filtered  by  four-pole  Bessel  filters 
set  at  1(XX)  Hz,  which  is  25  times  the  shaft  frequency,  0%.  The  signals  are  then  digitized  by  a  16- 
bit  A/D  system  in  an  80486  computer,  which  implements  the  control  laws  and  outputs  the 
commanded  control  vane  positions  to  individual  vane  position  control  systems.  These  consist  of 
closed  loop,  PID  position  servos',  one  for  each  channel,  feeding  350  watt  servo  amplifiers  which 
drive  the  DC  servo  motors.  Optical  encoders  mounted  on  each  motor  provide  a  vane  position 
signal  to  the  feedback  controllers.  The  vane  servo  loops  operated  at  50  tOy  (2000  Hz),  while  the 
entire  control  loop  in  the  computer  was  operated  at  12.5  cOy  (500  Hz).  The  control  vane  dynamic 
response  was  determined  by  driving  the  vane  array  with  a  pseudo-random  binary  signal  with  a 
minimum  pulse  width  of  2.5  cOy  (100  Hz),  while  the  compressor  was  operated  near  its  stall  point. 
These  measurements  showed  that  the  transfer  function  of  the  flow  actuation  system  could  be 
modelled  quite  closely  by  two  sectmd  order  systems  in  series  with  a  natural  frequency  of  170  Hz 
and  a  damping  ratio  of  0.35.  This  yields  a  frequency  response  flat  to  ±3  dB  up  to  3  (Oy  (120  Hz). 
The  first  spatial  harmonic  of  rotating  stall  is  approximately  0.3  <Oy  (12.5  Hz)  in  this  compressor. 

The  computer  control  algorithms  were  also  similar  to  those  used  by  Paduano.  At  each 
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time  step,  the  anemometer  data  is  digitized  and  linearized  into  axial  velocity;  a  discrete  spatial 
Fourier  transform  is  then  used  to  decompose  the  eight  velocity  measurements  into  spatial 
harmonics  (only  modes  1, 2,  and  3  were  examined  here);  a  separate  control  law  is  then 
implemented  on  each  spatial  harmonic;  and  then  an  inverse  discrete  Fourier  transform  on  the 
spatial  harmonics  is  taken  to  yield  individual  blade  position  commands  to  each  of  the  12  control 
vane  position  control  systems. 

A  simple  proportional  control  law  was  implemented  in  these  experiments.  For  each  spatial 
harmonic  n,  the  change  in  control  vane  stagger  angle,  y,  is  proportional  to  the  measured  change  in 
axial  velocity,  C. 

=  ",  (1) 

where  Zn  is  the  complex  constant  of  proportionality 

Z„  (2) 

Rn  represents  the  gain  of  the  controller,  while  fin  w  the  phase  angle  between  the  measured  velocity 
perturbation  and  commanded  stagger  angle  change  for  each  harmonic.  With  this  harmonic  by 
harmonic  control  scheme,  fin  is  a  spatial  lead  which  can  account  for  both  lags  in  the  control  system 
and  the  dynamics  of  the  compressor.  The  total  change  in  vane  staggei  angle,  tiien 

simply  the  sum  of  the  deflections  calculated  for  the  individual  harmonics  being  studied  (1, 2,  or  3 
in  this  case).  Paduano  established  the  optimum  gain  and  phase  for  each  harmonic  empirically. 
Here,  as  will  be  shown  later,  theoty  can  be  used  to  calculate  the  optimum  feedback  gain  and  phase 
with  results  closely  matching  those  found  experimentally. 

Steady  State  Compressor  Performance 

Aside  from  active  stabilization  experiments,  steady  state  measurements  were  taken  both  to 
assess  the  compressor  operating  characteristics  and  m  establish  me  aerodynamic  parameters 
needed  as  input  to  the  analytical  modeling  and  control  law  design.  These  incltxied  measurements 
of  the  speedline  shape,  die  torque  efficiency,  and  the  influence  of  control  vane  stagger  angle  (>)  on 
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the  non-dimensional  pressure  rise  coefficient  (y/).  Specifically,  the  values  required  by  the 
theory  were  derived  from  measurements  of  the  steady  state  influence  of  vane  stagger  on 
compressor  pressure  rise,  as  illustrated  in  Fig.  4.  The  resultant  values  of  dyftdyand  are 
shown  in  Fig.  5.  Data  in  the  normal  unstable  low  flow  area  were  taken  while  the  compressor  was 
stabilized  with  feedback  control. 

Compressor  Performance  With  Active  Stabilization 

Active  feedback  stabilization  of  the  first  two  spatial  harmonics  was  implemented  as 
described  above.  The  results  using  the  optimum  feedback  gain  and  phase  found  arc  illustrated  on 
the  specdline  in  Fig.  6.  Control  of  the  fint  harmonic  yields  a  range  increase  of  3%,  while  control 
of  the  first  and  second  harmonics  together  increase  that  to  8%.  At  this  point,  the  speedline  slope 
is  0.9.  The  compressor  torque  losses  continue  to  decrease  smoothly  in  the  actively  stabilized 
region. 

It  is  useful  to  examine  the  time  history  of  the  transient  into  stall  as  an  aid  in  understanding 
the  instability  evolution  process.  The  time  history  of  the  axial  velocity  measured  by  the  eight 
sensors  about  the  compressor  circumference  is  shown  in  Fig.  7  for  the  unsubilized  compressor. 
Here,  the  smooth  growth  of  the  first  spatial  harmonic  wave  is  quite  apparent  for  the  15  rotor 
revolutions  illustrated  before  stall  (it  is  highlighted  by  the  parallel  doned  lines  in  the  figure).  When 
the  first  spatial  harmonic  is  actively  suppressed  (Fig.  8),  the  stall  inception  process  is  different  in 
that  it  occurs  at  a  lower  mass  flow  and  that  the  low  amplitude  waves  growing  prior  to  stall  exhibit 
twice  the  frequency,  as  can  be  readily  seen  by  comparing  Figs.  7  and  8.  It  is  the  second  spatial 
harmonic  which  goes  unstable  and  triggers  the  rotating  stall  when  the  first  harmonic  is  stabilized. 

A  useful  tool  for  examining  the  wave  growth  is  a  discrete  spatial  Fourier  transform  of  the 
axial  velocities  measured  about  the  compressor  annulus  at  each  instant  in  time.  This  yields  a 
ctxnplex  Fourier  coefficient  for  each  spatial  harmonic,  the  magnitude  of  which  represents  the 
instantaneous  strength  of  that  spatial  wave,  and  the  phase  of  which  is  a  nreasure  of  the 
instantaneous  angular  position  of  the  wave.  Thus,  a  straight  line  phase  history  indicates  that  the 
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wave  is  travelling  at  constant  angular  velocity.  TWs  behavior  can  be  seen  in  Hg,  9,  which  presents 
the  spatial  Fourier  coefficients  calculated  from  the  unstabilized  data  of  Fig.  7.  The  first  harmonic 
position  does  change  at  a  constant  rate  for  some  IS  revolutions  before  stall.  (Note  that  the 
compressor  is  unwrapped  here  so  that  23t  radians  represents  one  revolution  of  the  wave,  4tc 
radians  two  revolutions,  and  so  on.)  Examination  of  the  magnitudes  of  the  first  three  spatial 
harmonics  in  Fig.  9  shows  that  the  first  is  the  strongest  and  that  it  grows  to  large  amplitude  before 
the  second  and  third  do.  This  uncontrolled  compressor  has  a  single  lobed  stall  (primarily  first 
harmonic)  at  this  mass  flow.  When  the  first  harmonic  is  actively  stabilized,  however,  the  Fourier 
coefficient  of  the  second  harmonic  is  strongest  prior  to  stall  (Fig.  10).  Once  stall  starts,  though,  the 
fint  harmonic  quickly  dominates.  Indeed,  examination  of  the  time  history  in  Fig.  8  shows  that 
once  the  fully  developed  rotating  stall  is  established,  it  is  a  single  lobed  stall. 

A  time  history  of  the  compressor  under  first  and  second  harmonic  control  is  shown  in 
Fig.  11  and  the  corresponding  spatial  Fourier  coefficients  in  Fig.  12.  Here,  the  instability  spears 
to  grow  from  both  the  first  and  second  harmonic,  with  the  third  harmonic  weaker.  Again,  the  fully 
developed  stall  is  primarily  single  lobed.  Although  the  third  harmonic  does  not  appear  to  play  a 
dominant  role  in  Fig.  12,  simultaneous  stabilization  of  the  first  three  harmonics  was  implemented 
with  results  shown  in  Figs.  13  and  14.  No  increase  in  stable  flow  range  is  achieved  over  control  of 
only  the  first  and  second  harmonics.  The  relative  roles  played  by  the  three  spatial  harmonics  is  not 
clear  from  the  data  in  Fig.  14,  although  the  first  harmonic  does  appear  to  grow  first. 

We  have  been  discussing  the  tempcnal  stmeture  of  the  instability  onset;  the  spatial  structure 
is  of  interest  as  well  since  that  can  be  used  to  connect  the  harmonic  representation  with  a  detailed 
compressor  aerodynamics  view  of  rotating  stall.  Axial  velocity  measurements  were  taken  at  three 
spanwise  stations  at  each  of  four  circumferential  positions  between  each  of  the  three  rotor  and 
stator  blade  rows,  as  indicated  in  Fig.  2,  in  order  to  elucidate  the  3-D  structure  of  the  flow  field. 

The  axial  velocity  data  was  transformed  into  spatial  harmonics  and  then  the  power  spectral  density 
of  each  harmonic  was  calculated  over  an  interval  prior  to  stall  as  a  measure  of  the  wave  strength  at 
that  time.  The  axial  and  spanwise  variation  in  the  strength  of  the  first  harmonic  wave  taken  prior  to 
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stall  of  the  unstabilized  compressor  is  shown  in  Fig.  15.  Upstream,  the  first  harmonic  is  strongest 
at  midspan  (the  same  is  true  for  the  second  and  third  harmonics  when  the  fint  is  stabilized). 
Behind  the  first  rotor,  the  signal  is  strongest  at  the  tip.  The  decay  in  wave  strength  between  the 
upstream  measurement  station  used  for  control  and  the  first  rotor  is  consistent  for  both  the  first 
and  second  harmonics  so  that  the  first  rotor  will  be  considered  the  compressor  face  in  the 
subsequent  modelling. 

We  have  now  presented  experimental  data  showing  that  a  low  speed  multistage  axial 
compressor  can  be  actively  stabilized  and  illuminating  the  stall  inception  processing  in  this 

machine.  We  will  now  use  this  data  as  an  aid  in  refining  an  analytical  model  of  instability 

/  * 

inception  and  show  both  how  this  model  can  quantitatively  predict  many  details  of  stall  inception 
and  how  the  model  can  be  used  to  design  an  active  control  system. 

MODELING 

The  two-dimensional,  incompressible  theory  that  has  been  formulated  by  Moore  and 
Greiizer  to  describe  rotating  stall  implies  that,  at  the  inception  of  the  instability,  small  amplitude 
traveling  waves  develop  in  the  conqiressor  annulus,  grow  in  magnitude,  and  eventually  develop 
into  rotating  stall  cells.  In  this  analysis  of  the  instability  inception,  an  arbitrary  axial  velocity 
disturbance  is  decomposed  into  its  Fourier  spatial  harmonics  which  can  then  be  analyzed 
independently,  since  the  equations  describing  the  evolution  of  the  instability  are  linear.  If  the 
compressor  is  assumed  to  operate  in  a  quasi-steady  manner,  i.e.  pressure  rise  is  a  function  of  flow 
coefficient  only,  this  model  predicts  that  all  the  spatial  harmonics  of  the  flow  coefficient 
perturbation  becmne  unstable  at  the  operating  point  where  the  total-to-static  pressure  rise 
characteristic  (y^vs.  0)  becomes  positively  sloped.  Disturbances  are  damped  where  the 
characteristic  is  negatively  sloped,  and  amplified  where  the  characteristic  is  positively  sloped,  with 
the  growth  or  decay  rate  of  the  perturbation  being  determined  by  the  magnitude  of  the  slope. 

Contrary  to  the  assumptions  of  the  above  model,  airfoils  do  not  respond  instantaneously  to 
changes  of  incidence,  and  it  has  been  observed  in  experiments  (Nagano  et  al.,  1971;  Mazzawy, 
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1977)  that  the  pressure  rise  across  a  compressor  does  not  respond  instantaneously  to  variations  in 
flow  coefficient.  As  will  be  shown,  this  finite  response  time  of  the  compressor  pressure  rise  has  a 
stabilizing  effect  on  flow  perturbations,  stabilizing  higher  harmonics  to  a  greater  extent  than  lower 
ones.  When  the  quasi-steady  assumption  in  the  model  is  relaxed,  and  allowance  is  made  for  finite 
blade-passage  flow  response  times,  the  spatial  harmonics  become  unstable  sequentially,  with 
higher  harmonics  becoming  unstable  at  larger  positive  slopes  of  the  compressor  total-to-static 
pressure-rise  characteristic  (i.e.  lower  flow  coefficients).  This  behavior  has  been  observed  in 
experiments  on  both  the  three-stage  compressor  being  considered,  and  previous  experiments  on  a 
single-stage  compressor  (Paduano,  1991;  Paduano  et  al.,  1991). 

The  sequential  destabilization  of  higher  spatial  harmonics  of  flow  coefficient  disturbances 
has  beneficial  implications  for  active  control.  By  controlling  only  the  first  spatial  harmonic  of  the 
disturbance,  an  increase  in  stable  operating  range  can  be  obtained,  down  to  the  flow  coefficient  at 
which  the  second  spatial  harmonic  of  the  disturtance  becomes  unstable.  By  controlling  both  the 
first  and  second  spatial  harmonics  beyond  this  flow  coefficient,  the  stable  operating  range  can  then 
be  extended  to  the  operating  point  where  the  third  spatial  harmonic  becomes  unstable.  Using  this 
control  approach,  the  maximum  range  extension  possible  as  predicted  by  the  model  is  therefore 
dependent  on  the  number  of  spatial  harmonics  of  the  disturbance  that  one  is  able  to  control,  giving 
the  designer  the  freedom  to  trade  complexity  (number  of  harmonics  controlled)  for  stable  range. 
Indeed,  it  is  just  this  behavior  that  was  found  in  the  experiment.  In  the  following  sections,  the 
model  is  extended  to  include  the  finite  response  time  and  the  results  are  compared  to  experimental 
data. 

ACCOUNTING  FOR  BLADE  ROW  PRESSURE  LOSSES. 

DEVIAnON  AND  BLOCKAGE 

The  peaked  sh^  (Fig.  6)  of  a  compressor  total-to-static  pressure  rise  characteristic,  v^is  a 
consequence  of  viscous  effects  -  stagnation  pressure  losses,  deviation,  and  blockage  -  which 
increase  as  the  flow  coefficient,  ^  is  reduced.  Lower  flow  coefficients  give  rise  to  larger  angles  of 
attack  on  the  compressor  blading,  which  lead  to  stronger  adverse  pressure  gradients  within  the 
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blade  passages.  These  adverse  pressure  gradients  produce  undesirable  flow  fields  both  in  the  tip 
clearance  region  (c.g.  large  dp  vortices)  and  within  the  blade  passages  (e.g.  separated  boundary 
layers).  Viscous  dissipation  and  mixing  within  these  flow  fields  cause  the  associated  high 
stagnation  pressure  losses,  while  the  displacement  effects  give  rise  to  deviation  and  blockage. 
When  the  overall  flow  within  the  compressor  is  unsteady,  the  blade  passage  flows  do  not  respond 
instantaneously  to  fluctuations  in  axial  velocity  and  blade  inlet  angle. 

To  determine  the  sensitivity  of  the  compressor  unsteady  response  to  various  phenomena,  it 
is  useful  to  quantify,  where  possible,  the  effect  of  each  on  the  measured  pressure  rise.  In  an  ideal 
compressor  in  which  the  effects  of  losses,  deviation  and  blockage  are  absent,  the  pressure  rise 
would  increase  monotonically  with  a  decrease  in  flow  cocfficienL  The  total-to-static  pressure  rise 
of  such  an  ideal  compressor  is  given  by  the  Euler  compressor  equation, 


n  j  / 

¥ideal  =n-<l>  •  +  tan^^,)  -  -| 

/=1 


2^cos(ag)^ 


(3) 


where  n  is  the  number  of  compressor  stages,  a,-  and  Pi  the  stator  and  rotor  exit  angles  of  the  i’th 
stage,  and  Og  the  exit  angle  from  the  last  stator.  The  difference  between  this  ideal  characteristic  and 
the  measured  one  (if/)  shown  in  Fig.  16  can  be  attributed  to  the  effects  of  losses,  blockage,  and 
deviation  outlined  above.  When  this  pressure  loss  becomes  greater  than  the  increase  in  ideal 
pressure  rise,  the  meastircd  pressure  rise  characteristic,  i^,  peaks  over  and  becomes  positively 
sloped. 


When  the  compressor  operates  isentropically,  ail  of  the  shaft  woric  input  goes  into 
increasing  the  stagnation  pressure  of  the  working  fluid.  The  iscnavpic  stagnation  pressure  rise 
across  the  compressor  can  therefcKe  be  calculated  ftom  the  shaft  torque  as: 


Wiser, 


(^e  )Ueiuropic 


r 


Icosr  iXf  ) 


(4) 


where  \^t  is  the  torque  coefficient  (measured  in  this  case).  The  isentropic  pressure  rise 
characteristic  of  this  three-stage  compressor,  ^fisen^  is  also  shown  in  Fig.  16.  The  contribution  of 
dissipation  to  pressure  losses  is  then  given  by  the  difference  between  the  isentropic  pressure  rise 
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characteristic  and  the  measured  one,  while  the  contribution  of  other  effects  (deviation  and 
blockage)  is  given  by  the  difference  between  the  ideal  and  isentropic  characteristics.  For  the 
purposes  of  this  srady,  it  is  convenient  to  consider  the  measured  pressure  rise  as  being  made  up  of 
the  difference  between  the  ideal  pressure  rise  and  the  sum  of  steady  pressure  losses  due  to 
blockage  and  deviation,  Ldjs  (i.e.  lack  of  turning),  and  losses  due  to  dissipation,  Luss  (i-c-  entropy 
production). 

It  is  apparent  firom  Fig.  16  that,  for  the  three-stage  compressor  being  considered  here,  total 
pressure  losses  (entropy),  Z-ujj,  increase  significantly  with  a  reduction  in  flow  coefficient,  whereas 
the  effects  of  blockage  and  deviation,  vary  little  over  the  operating  range  that  we  are 
interested  in,  i.e.  past  the  peak  of  the  measured  pressure  rise  characteristic.  The  influence  of  total 
pressure  losses  on  compressor  transient  behavior  are  easier  to  model  than  the  other  non-ideal 
phenomena  since  the  effects  of  total  pressure  losses  are  mostly  confined  to  individual  blade  rows 
(mainly  the  pressure  rise  aaoss  the  blade  row  is  affected);  on  the  outer  hand,  the  influence  of 
deviation  is  not  confined  to  a  single  blade  row.  Rather,  the  deviation  of  one  blade  row  alters  the 
angle  of  attack  on  the  following  row,  changing  the  pressure  rise  it  produces.  However,  since  the 
effects  of  deviation  and  blockage  appear  to  vary  little  with  flow  coefficient  over  the  flow  range  of 
interest  (i.e.  is  flat  in  Fig.  16),  these  phenomena  should  not  significantly  affect  the 
compressor  transient  response.  Although  we  have  not  studied  the  generality  of  this  observation  to 
other  compressors,  we  will  exploit  it  here  to  simplify  the  analytical  modeling.  Thus,  only  the 
effects  of  total  pressure  losses  on  compressor  transient  response  will  be  considered. 

MODELING  COMPRESSOR  TRANSIENT  BEHAVIOR 

To  start,  it  is  useful  to  consider  an  instantaneous  reduction  in  flow  coefficient  through  the 
compressor  (Hg.  17).  Since  the  fluid  dynamic  phenomena  (such  as  boundary  layers)  causing 
non-ideal  compressor  behavior  are  parabolic  in  nature,  they  do  not  adjust  instantaneously  to  their 
new  structure  associated  with  the  increased  angle  of  attack  on  the  compressor  blading  which 
occurs  when  the  flow  coefficient  is  reduced.  Rather,  the  change  in  structure  evolves  over  a  period 
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which  is  dependent  on  the  convection  time  of  the  bulk  fluid  through  the  blade  passage.  Thus,  ilic 
associated  pressure  losses  will  evolve  temporally  as  well.  Emmons  et  ai.  (1955)  suggested 
modeling  the  evolution  of  losses  with  a  fust  order  differential  equation; 


T.  =  SL  ^  -SL 

^loss  ^^quasi-neady 


(5) 


where  x\oss  represents  the  time  constant  characterizing  the  cvolucon.  Fer  the  step  reduction  in  o 
considered  here,  the  change  in  stagnation  pressure  loss  SLtra^nt  is  then  given  by  ; 


^^ransient  ~  ^^quasi-ittady  ^ 


(6) 


Since  the  stagnation  pressure  losses  reflect  the  time  lags  associated  with  the  flow  withm  the 
compressor  blade  passages,  the  compressor  pressure  rise  must  as  well.  To  illustrate  this  point, 
consider  again  an  instantaneous  reduction  in  flow  coefficient  when  the  compiressor  is  operating  on 
a  positive  sloped  portion  of  the  charaacrisdc  (Fig.  17).  Immediately  after  the  rtducDon  in  flow 
coefficient,  the  stagnation  pressure  loss  is  at  its  initial  value,  since  a  finite  dme  is  needed  for  the 
loss  to  evolve  to  its  final  value.  Since  the  pressure  rise  across  the  compressor  is  made  up  of  the 
difference  between  the  isentropic  value  and  the  loss,  the  pressure  rise  inidaily  follows  a  curve 
parallel  to  the  isentropic  one  as  shown  in  Fig.  17.  It  then  decreases  to  its  final  value  corresponding 
to  the  lower  flow  coefficient  after  a  finite  dmc  characterized  by  the  time  constant  Thus,  when 
the  flow  in  the  compressor  changes  abruptly,  the  slope  of  the  pressure  rise  charactcrisnc  deviates 
from  its  quasi-steady  value.  In  pardcular,  in  the  operating  range  of  the  compressor  where  the 
steady  characteristic  is  positively  sloped,  the  effective  transient  slc^  can  be  negative  when  me  time 
constant  associated  with  the  flow  unsteadiness  is  low  enough,  Le.  if  the  reduced  frequency  of  the 
unsteadiness  is  high.  This  has  important  implications  for  die  initiatiwi  of  rotating  stall  since  the 
stability  of  disturbances  is  dependent  on  the  effective  slope  of  the  pressure  rise  charaacristic. 
Specifically,  inclusion  of  the  time  lag  can  increase  compressor  subiliry. 


CQMfRESSQR  MQDELm.G. 


The  analytical  model  used  in  this  study  is  an  extension  to  the  one  described  in  Moore 
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(1984),  Hynes  and  Grciczcr  (1987),  and  Epstein.  Ffowes  Williams,  and  Grciizer  (1989).  The 
analysis  is  two-dimensional,  which  is  appropriate  since  the  machine  under  consideration  has  a  high 
hub-to-rip  ratio.  The  inlet  flow  field  is  undistorted  (uniform  inlet  total  pressure),  and  the  inlet  and 
exit  ducts  arc  assumed  long,  so  that  end  effects,  i.c.  reflection  and  scattering  of  the  disturbance 
wave  from  the  ends,  are  not  important.  In  addition,  the  tip  speed  of  the  compressor  is  assumed  to 
be  low  enough  for  the  flow  field  to  be  considered  incompressible. 

In  the  analysis  an  arbitrary  flow  penurbation,  S4>  is  assumed  to  be  of  the  form: 


(7) 


(8) 


In  the  above  forrauladon,  co„rlU  represents  the  rotation  rate  of  the  n'th  spatial  harmonic  non- 
dimensionalizcd  by  the  rotor  rotational  speed,  and  o^r/f/  the  non-dimensionalizcd  growth  rate  of 
the  n'th  spatial  harmonic.  When  the  above  form  of  the  flow  coefficient  perturbation  is  substituted 
into  the  differential  equations  describing  the  dynamics  of  the  fluid  in  the  compression  system,  the 
analysis  yields  an  eigenvalue  problem  in  Sn,  with  the  growth  and  rotation  rates  of  each  spatial 
harmonic  determined  from  the  solution  to  the  eigenvalue  problem.  If  the  real  part  of  JS  negative, 
the  spatial  harmonic  is  damped,  and  the  compressor  operation  is  stable;  if  the  real  pan  of  is 
positive,  the  spatial  harmonic  grows  exponentially,  so  that  the  compressor  is  unstable.  Details  of 
the  extension  of  the  stability  modeling  to  account  for  finite  compressor  response  time  can  be  found 
in  Appendix  A. 

An  adaptation  of  this  model  to  a  compressor  using  control  vanes  for  active  control  was 
developed  by  Paduano  ct  al.  in  their  study  of  the  control  of  rotating  stall  in  a  single  stage 
compressor.  The  details  of  the  dosed  loop  model  extended  to  allow  for  finite  compressor 
response  times  are  outlined  in  Appendix  B. 


Paduano  showed  that  he  response  of  compressor  flow  perturbadons  to  control  vane 
deflections  can  be  expressed  in  transfer  function  form  as, 

Sr  is~C^-iDJ(b^^+b,iS  +  b,,5^+...+b^s^) 
where  s  represents  the  complex  frequency  (growth  raw  and  rotation  speed)  of  the  forcing  funedon 
Sr,  the  control  vane  deflection  wave,  and  <(ii  refers  to  the  flow  coefficient  at  the  measurement 
stadon.  The  transfer  function  developed  from  the  compression  system  model  in  Appendix  B  can 
be  written  in  an  equivalent  form,  hence  the  model  parameters  can  be  related  directly  to  those 
determined  experimentally.  In  particular,  Cn  corresponds  to  the  growth  rate  On,  and  Dn  to  the 
rotadon  rate  cOn  of  the  n'th  spadal  harmonic.  i-Bn/Gn)  and  (An/Gn)  represent  the  growth  rate  and 
frequency  of  the  forced  perturbadon  wave  at  which  the  actuadon  system  is  ineffeenve  at  producing 
a  flow  perturbation  response.  (This  is  defined  as  a  zero  of  the  actuadon  system.)  In  addition, 
represents  the  effectiveness  of  the  compression  system  to  control  vane  forcing  over  the  frequency 
range.  The  parameters  An,Bn,Cn,Dn,  and  therefore  completely  specify  the  open  loop  behavior 
of  the  corapressor/acruation  system.  The  parameters  in  Eq.  (9)  were  experimentally  determined 
using  a  least  squares  algorithm  to  fit  the  form  of  the  transfer  function  to  the  measured  dynamic 
response  of  the  compressor.  The  accuracy  of  the  theoretical  model  as  a  quantitative  predictive  tool 
could  therefore  be  established  by  comparing  the  experimentally  determined  parameters  to  those 
predicted  theoretically. 


nnri  u  rnwi  uTTuJjil  u  iTn»  BTPT51 


In  the  devel(:q)tnent  of  the  hydrodynamic  stability  model,  it  is  assumed  that  the  spatial 
harmonics  of  disturbance  waves  are  decoupled,  so  that  a  linear  model  could  be  used.  T?iis 
assumption  should  be  valid  for  the  experimental  identification  studies  so  long  as  both  the  forcing 
and  response  disturbances  are  small  in  amplitude.  Since  the  compressor  characteristic  slope  plays 
an  important  role  in  the  model,  a  unique  transfer  function  exists  at  each  steady-state  operating  point 
for  each  spatial  harmonic  of  the  disturbance  wave.  In  the  experiment,  the  forced  response  vm 
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dciermined  with  the  compressor  operating  in  both  the  stable  and  normally  unstable  range.  In  the 
normally  unstable  operating  range,  the  compressor  was  operated  under  closed  loop  active  control. 
Under  these  conditions,  it  is  the  dynamic  response  of  the  combination  of  the  compressor  and  the 
control  system  that  is  measured,  therefore  it  is  necessary  to  also  accurately  characterize  the 
dynamics  of  the  control  system,  so  that  compressor  transfer  can  be  deduced  from  the  overall 
system  measured. 

The  basic  approach  is  therefore  to  excite  the  compressor  with  a  well-chacterized 
disturbance  (a  small  amplitude  sine  wave  deflection  on  the  control  vanes  travelling  about  the 
circumferences  at  various  speeds  is  a  simple  example).  In  this  case,  on  the  normally  stable  portion 
of  the  compressor  map,  a  pseudo-random  binary  excitation  signal  with  a  bandwidth  1.25  tiraes  the 
rotor's  rotational  firequency  was  used  to  excite  the  dynamics  of  the  first  three  spatial  harmonics. 
Identification  studies  of  harmonics  higher  than  three  would  have  required  control  vane  forcing  at  a 
frequency  beyond  the  bandwidth  of  the  actuation  system.  The  transfer  function  w  s  then 
determined  from  simultaneous  discrete-time  measurements  of  the  control  vane  deflections,  and 
flow  field  velocity  perturbations  around  the  compressor  annulus,  using  a  spectral  method.  The 
transfer  function  of  each  spatial  harmonic  resembled  a  second  order  dynamic  system,  which  is 
equivalent  to  a  first  order  system  with  complex  coefficients  of  the  form, 

Sr  s-C^-iD, 

which  indicates  that  the  additional  terms  in  Eq.  (9)  do  not  affea  the  transfer  function  significantly. 
From  the  order  of  magnitude  of  the  coefficients  of  the  additional  terms  in  the  theoretical  model, 
one  can  deduce  that  they  will  not  affect  the  shape  of  the  transfer  function  significantly  over  the 
range  of  forcing  frequencies  that  was  used  in  the  experiment  Figures  18  and  19  show  a  least 
squares  fit  of  the  transfer  function  of  the  form  in  Eq.  (10)  to  the  experimental  data.  The  fidelity  of 
fit  indicates  that  the  form  of  Eq.  (10)  is  quite  appropriate  for  this  compressor.  The  fit  parameters 
which  therefore  form  the  dynamic  model  of  this  compressor  are  given  in  Table  2. 

When  the  spatial  harnx>nic  of  interest  was  stabilized  by  closed-loop  control,  the  transfer 
function  could  not  be  determined  directly  in  the  above  manner.  In  this  case,  the  parameters 
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describing  the  open-loop  performance  were  calculated  using  an  instrument-variable  modeling 
technique  adapted  to  compressor  identification  by  Paduano  (1991).  This  method  required  an 
accurate  model  of  the  actuator  dynamics,  and  a  quantitative  estinaate  of  time  delays  in  the  feedback 
system.  The  actuator  dynamics  were  determined  from  measurements  of  the  response  of  control 
vane  motion  to  the  command  signal.  The  open  loop  transfer  function  of  the  compressor  was  then 
measured  by  superimposing  a  forcing  signal  on  the  vane  control  signal.  The  accuracy  of  the 
instrument-variable  method  was  checked  continually  by  comparing  the  vane  deflections  with  those 
simulated  by  the  actuator  dynamic  model.  The  open  loop  dynamic  parameters  of  the  compressor 
could  then  be  obtained  from  the  commanded  forcing  perturbation,  the  actual  vane  deflections,  and 
measurements  of  velocity  perturbations  upstream  of  the  compressor.  The  details  of  the  procedure 
are  described  by  Haynes  (1992). 

COMPARING  OPEN  LQQP  MEA&UREMEMTS  AND  PREDICTIQNS 

The  symbols  in  Fig.  20  show  the  growth  rates  and  frequencies  of  the  first  three  spatial 
harmonics  of  a  disturbance  wave  determined  from  the  experimental  identification  studies. 

Negative  values  of  an^lU  represent  temporal  decay  of  a  spatial  harmonic  while  positive  values 
represent  exponentially  growth.  The  experimental  data  shows  that  the  spatial  harmonics  of  the 
disturbance  wave  become  unstable  sequentially  as  ^is  decreased,  with  higher  harmonics 
becoming  unstable  at  lower  flow  coefficients.  The  spacing  of  the  neutral  stability  points  (On  -  0) 
of  the  spatial  harmonics  is  important  for  active  control  of  rotating  stall  in  compressors,  since  it 
gives  an  indication  of  the  range  extension  that  could  be  achieved  for  each  additional  spatial 
harmonic  that  is  controlled. 

With  no  control,  the  identification  data  indicates  that  rotating  stall  would  be  triggered  by 
the  growth  of  the  first  spatial  harmonic  where  aj  =  0  at  a  flow  coefficient  of  ^  =  0.46.  The  time 
history  of  spatial  harmonic  coefficients  shown  in  Hg.  9  does  indeed  show  that  a  coherent  first 
harmonic  perturbation  appears  first  here  and  grows  in  amplitude  before  the  higher  harmonics  do. 

Figure  20  also  shows  the  predictions  of  the  unmodified  Moore-Greitzer  model  (which 
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does  not  include  the  effects  of  finite  compressor  time  response),  that  all  the  spatial  harmonics  of 
the  disturbance  wave  become  unstable  at  the  same  flow  coefficient,  0  =  0.468,  which  is  the  peak 
of  the  total-to-stadc  pressure  rise  characteristic.  Also,  the  model  undeipredicts  the  rotational 
frequencies  of  the  spadal  harmonics.  The  model  modified  to  include  fiiute  response  times, 
however,  gives  much  better  agreement  with  the  experimental  data  (Fig,  21).  Since  the  exact  values 
of  the  compressor  blade  row  time  lags  needed  by  the  model  were  not  known  a  priori,  a  parametric 
study  was  done  to  determine  the  effect  of  their  variation  on  the  resultant  theorcdcal  prediedons.  In 
Fig.  21,  the  blade  row  response  dmes  tj  and  ^  set  equal  to  1.5  times  the  blade  passage 

convection  dmes,  which  gave  the  best  agreement  of  the  model  with  the  experimental  data.  It  is 
important  to  note  that  the  growth  and  rotation  rates  of  all  three  harmonic  disturbances  (6  quantities 
in  total)  predicted  by  the  model  show  good  agreement  with  data  when  only  one  constant  is 
adjusted,  the  blade  row  time  lag.  Furthermore,  the  value  required  to  match  the  data,  1 .5  times  the 
blade  passage  convection  time,  is  within  the  range  found  by  Nagano  et  aL  (1971)  whose 
experiments  to  characterize  the  response  time  produced  values  of  between  1  and  1.5.  This 
supports  the  hypothesis  that  finite  pressure  rise  response  time  is  the  physical  mechanism  causing 
the  sequential  destablizing  of  the  spatial  harmonics  of  the  flow  coefficient  perturbation. 

PREDICTING  CLOSED  LOOP  COMPRESSOR  BEHAVIOR 

As  was  discussed  above,  the  modified  compressor  stability  model  does  a  good  job  of 
predicting  the  open  loop  dynamics  of  the  system,  implying  that  the  compressor  dynamics  are 
appropriately  represented.  This  model  adapted  to  the  closed  loop  system  should  then  be  able  to 
predict  both  the  behavior  of  the  compressor  under  active  control  as  wcD  as  the  influence  of  control 
system  design  parameters  on  that  behavior.  Details  of  the  closed  loop  model  are  given  in 
Appendix  B. 

Hgure  22  shows  the  boundary  between  stable  and  unstable  operation  of  the  compressor 
operating  under  closed  loop  active  control  of  the  first  spatial  harmonic,  as  Ae  phase  of  Ae  ccmtrol 
vane  deflection  wave  is  varied  relative  to  that  of  Ac  measured  velocity  perturbation  wave.  The 
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flow  coefficient  at  which  the  spatial  harmonic  becomes  unstable  with  no  feedback  control  (gain,  R, 
=  0)  is  also  shown.  The  operating  range  of  the  compressor  is  thus  extended  for  those  phases  for 
which  the  closed  loop  stability  boundary  is  lower  than  the  uncontrolled  neutrally  stable  flow 
coefficient  The  control  system  has  a  destabilizing  effect  on  the  compressor  where  the  stability 
boundary  is  greater.  The  optimum  feedback  phase  is  that  which  gives  the  largest  range  extension 
and  corresponds  to  the  trough  of  the  closed  loop  stability  curve. 

The  model  prediction  and  the  experimental  results  in  Fig.  22  agree  closely.  The  agreement 
for  control  of  the  second  spatial  harmonic  is  close  as  well  (Fig.  23),  suggesting  that  the  model  is 
indeed  an  accurate  representation  of  the  stabilized  compressor  dynamics. 

OISCUSSIQX  ANH  SUMMARY 

We  have  presented  herein  details  of  the  closed  loop  control  of  a  three- stage  low  speed 
research  comp.essor.  In  addition  to  being  only  an  end  unto  itself,  the  actively  stabilized 
compressor  is  a  powerful  research  tool  for  use  in  the  understanding  of  compressor  dynamics.  In 
particular,  such  a  machine  facilitates  the  accurate  measurement  of  the  compression  system 
dynamics  with  a  combination  of  forced  response  experiments  and  system  identifleation 
methodology .  We  have  found  the  adoption  of  controls  formalization  to  be  a  great  aid  in  this  area 
of  fluid  mechanics  research. 

Two  approaches  were  taken  to  establish  the  compressor  dynamics:  (1)  experimental 
measurement  and  identifleation,  and  (2)  an  analytical  hydrodynamic  2-D  stability  model  of  the 
flow  field.  The  experimental  data  was  used  to  determine  the  relative  importance  of  fluid 
phenomena  included  in  the  modeling.  In  this  case,  compressor  time  lags  due  to  losses  proved  to 
be  important  while  those  stemming  firom  deviation  and  blockage  were  not  The  Moore-Greitzer 
stability  model  when  suitably  modifled  to  include  these  time  lags  accurately  predicted  the  open 
loop  onset  of  stall  as  well  as  the  behavior  of  the  stabilized  compressor.  This  implies  that,  to  the 
degree  to  which  these  results  may  now  be  generalized,  a  tool  now  exists  for  predicting  the  rotating 
stall  point  in  high  hub-to-tip  ratio  compressors  for  which  compressibility  is  not  important. 


21 


The  active  stabilization  of  the  first  and  second  spatial  harmonics  increases  the  operating 
range  of  this  compressor  by  about  8%,  stabilizing  the  machine  up  to  a  characteristic  slope  of  0.9. 
Stabilization  of  tiie  third  harmonic  does  not  alter  the  compressor  behavior.  At  this  time,  we  do  not 
understand  the  lack  of  effectiveness  of  the  control  in  increasing  the  operating  range  when  the  third 
harmonic  is  stabilized  Examination  of  the  actuator  motion  confirmed  that  actuator  authority  and 
bandwidth  limits  are  not  reached  before  the  rotating  stall  has  grown  to  large  amplitude.  The 
influence  of  effects  not  included  in  the  linear  model  have  not  been  examined  in  detail. 

Since  control  of  the  first  two  harmonics  confirms  quite  closely  to  theory,  Hendricks  and 
Gysling  (1992)  have  used  this  modeling  approach  to  examine  the  performance  of  alternate 
actuators  in  controlling  this  compressor.  They  found  that  a  circumferential  array  of  jets  at  the 
compressor  inlet  in  place  of  the  control  vanes  should  be  particularly  effective,  stabilizing  the 
compressor  down  to  a  characteristic  slope  of  4,  over  four  times  that  achievable  with  control  vanes, 
with  a  concomitant  increase  in  stable  flow  range.  Work  is  proceeding  on  an  experimental 
verification  of  this  modeling. 

Overall,  we  believe  that  the  good  agreement  between  the  experiment  and  theory  presented 
herein  indicates  that  it  is  now  possible  to  assess  analytically  the  influence  of  active  compressor 
stabilization  on  the  dynamics  of  the  type  of  machine  tested.  Work  is  ongoing  to  extend  the 
modeling  and  experiment  to  include  low  hub-to-tip  ratio  compressors  (a  3-D  stability  model),  to 
account  for  the  effects  of  compressibility,  and  to  treat  the  influence  of  inlet  distortion  on  actively 
stabilized  compressors. 
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APPENDIX  A 

COMPRESSOR  STABILITY  MODEL  INCLUDING  TRANSIENT  BEHAVIOR 


In  this  model,  the  pressure  rise  across  a  compressor  is  modified  by  the  pressure  difference 
required  to  overcome  the  inertia  of  the  fluid  within  the  blade  channels,  when  the  flow  within  the 
compressor  is  unsteady.  If  one  assumes  that  the  flow  within  the  blade  passages  is  one 
dimensional,  the  unsteady  pressure  rise  across  the  compressor  can  be  vritten  as  (Moore,  1984; 
Hynes  and  Grcitzer,  1987): 


pU^  5i}  U  dt 


(Al) 


where: 


\jf  _  —Lr—Lj  (A2) 

Yisen  is  the  isentropic  stagnation  pressure  rise  across  the  compressor  and  Lr  and  Lj  arc  the  rotor 
and  stator  stagnation  pressure  losses.  The  inertia  of  the  fluid  in  the  rotors  and  in  the  compressor 
are  represented  by  A  and  respectively.  At  the  initiation  of  rotating  stall,  the  flow  coefficient 
through  the  compressor  is  modified  by  a  small  perturbation  S<p  so  that: 

—  SPg  Lj  —  Lj  +  5Lj 

Pfi  =  Pti  +  4  =  4  +  ^4 

The  compressor  pressure  rise  perturbation  equation  is  therefore: 
pU^  ^  ^  ^  di>  U  dt 

Vuen  *  Vxf  +  4  jar  +  4ja 

where  Yss  is  the  steady,  axisymmetric  total-to-static  pressure  rise  including  losses,  and  Lsjs  and 
Lrjs  the  steady  stator  and  rotor  stagnation  pressure  losses  respectively.  The  stator  transient 


(A3) 

(A4) 

(A5) 
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stagnation  pressure  loss  pcnurbadon,  5L,,  is  given  by  the  differcndai  cquadon; 


h 


-  SL, 

at  o<p 


(A6) 


The  rotor  unsteady  stagnation  pressure  loss,  SLr,  is  calculated  in  a  reference  frame  rotating  with  the 
rotor 


■r(^  -  -  K 


K  dt 


In  this  analysis,  a  general  perturbation  in  flow  coefficient  of  the  form: 


(A7) 


<50  =  X  (AS) 

is  considered.  Each  spatial  harmonic  of  the  perturbation  can  be  considered  separately,  so  only  the 
nth  spatial  harmonic: 


=  (A9) 

will  therefore  be  examined. 

The  variables  describing  the  evolution  of  the  perturbation  can  be  non-dimcnsionalized  as 
follows: 


f  =  • 


tU 


T  =  — 

r 


Sn- 


r  r  U 

where  U  is  the  rotor  speed  and  r  is  the  average  radius  of  the  compressor  annulus,  so  that  the 
equations  describing  the  perturbation  become: 


(AIO) 


pW 


dip 


djS^)  d{5p) 
^  dt 


—  diSLj)  _  dLgjg 

dt  )  dip  ^  ^ 


(All) 

(All) 

(A13) 


5(p^Ay''‘e‘’'^ 


(A14) 
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The  upstream  stagnation  and  downstream  static  pressure  perturbadons  are  given  by  the 
expressions  (Epstein,  Ffowes  Williams,  Greitzer,  1989); 

SPh  _  1  d{8<t>)  (A15) 

pZP’  “  N 

and 

(A16) 

”  N  dt 

Substitudon  of  Eqs.  (A15).  (A16)  and  (A14)  into  Eqs.  (A11)-(A13)  produces  a  generalized, 
complex  eigenvalue  problem  in  Sn' 


iA-SnB)m  =  0 

where: 


dp  J 

r,  dp 

1 

,  dp 


1 


C 


0 


"1  0  0 
5=  0  1  0 
,0  0  1 


(A17) 


(A18) 


(A19) 


(A20) 

(A21) 


Visen  -Yss-^  • 

The  soludon  to  the  eigenvalue  problem  yields  the  growth  and  rotation  rates  of  the 


(A22) 
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perturbation  wave.  If  the  real  part  of  Sn  is  negative,  the  disturbance  is  damped,  representing  stable 
operation  of  the  compressor.  If  the  real  part  of  Sn:  is  positive,  the  disturbance  grows 
exponentially,  representing  unstable  operation.  For  the  uncontrolled  compressor  the  growth  rate  of 
the  perturbation  is  determined  by  the  slope  of  the  totai-to-static  pressure  rise  characteristic. 

We  must  now  fit  this  model  to  our  data.  The  steady  state  compressor  slope,  dyrssfd<l>  is 
determined  fiom  a  polynomial  fit  to  the  measured  pressure  rise  data.  The  total  pressure  loss 
across  the  compressor  is  estimated  fimm  the  difference  between  the  isentropic  pressure  rise 
characteristic  and  the  measured  one.  A  polynomial  fit  to  this  estimate  is  then  used  to  determine  the 
slopes  of  the  rotor  and  stator  loss  curves,  dLr and  For  the  particular  build  of  the 

three  stage  compressor  that  was  considered  (75%  reaction),  it  was  assumed  that  75%  of  the  steady 
total  pressure  losses  occurred  across  the  rotors,  and  25%  across  the  stators.  The  time  constants  rj 

and  were  related  to  the  convection  time  of  the  bulk  flow  through  the  blade  channels.  Since  the 
values  of  these  constants  was  not  measured,  a  parametric  study  was  done  by  varying  these 
constants  about  the  blade  passage  convection  time.  The  best  agreement  with  the  experimental  data 
was  obtained  with  the  time  constants  set  to  1.5  rimes  the  blade  passage  convection  time. 
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APPENDIX  B 

COMPRESSOR  STABILITY  MODEL  INCLUDING  ACTIVE  CONTROL 


In  an  actively  controlled  compressor,  the  relation  between  pressure  and  velocity 
perturbations  can  be  manipulated  by  the  actuator.  Analysis  of  the  movable  inlet  guide  vane 
actuator  involves  determining  relations  between  the  acmadon  and  perturbations  in  velocity  and 
pressure  introduced  into  the  flow  field.  The  actuator  is  modeled  using  quasi-steady  actuator  disk 
theory.  A  detailed  model  of  the  compressor  with  control  vane  control  is  given  by  Paduano  (1991) 
and  Paduano  et  al.  (1991),  and  is  outlined  here,  with  modifications  to  account  for  finite  compressor 
response  times.  With  control  vanes  and  quasi-steady  compressor  response  the  compressor 
perturbation  equation  can  be  written  as: 

plp-  90  9y  d-d  9t 

where. 


gPg  ^  1  d{5<h) 

pU^  ln|  di 

and 


3(Sr)) 
dd  ) 


with 


(B2) 


(B3) 


302  =  S01-  inpPigySy  (B4) 

and 

=  (B5) 

W  W  ^ 

Here  Sry  represents  an  angular  displacement  of  the  inlet  guide  vanes  from  their  mean 
position.  When  the  quasi-steady  assumption  is  relaxed,  and  the  finite  compressor  response  times 
are  modeled,  the  compressor  perturbation  equation  can  be  written  as: 
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~  ^^{2  _  ^^isnn  ^  x,.  _  xr  Xt  i  ‘^‘^2 ) 


IT 


.5r-5L,-6Lr-X^ 


pU^  30  "^  3y  '  "  '  3x}  di 

where  the  transient  losses,  SL^  and  SLr  arc  now  modeled  by  the  following  equations, 


(B6 


djSL,)  _  £i  sj,  .  ^^i,ss 


dt 


dp 


■802  +■ 


dy 


5y-  6L, 


(B7) 


r ^  dLf. ) ^  __  dLy jj  ^  ^  ^^.ss 

V  dt  dt}  J  dp  "  dy 


Sy-  5L, 


fB8) 


The  above  system  of  equations  can  be  wrinen  as  a  transfer  function  between  the  flow  penurbadon 
at  the  measurement  locadon  upstream  of  the  IGV’s,  and  the  conaol  vane  dcflecdon  5y, 


5y 


inPig^p^ 


^'^isen  ^^i.Sil^y  ^Tf^^jdy 


dy 


1+STj  If  r,(s  + in) 


inp,g^0S 


(- 


thu)] 


Uni 


S  +  dLrjj/dpi 

C  C'v  ^<(>2  1-^S?5  1  +  T,(s  + in) 


(B9) 


Control  is  implemented  by  sensing  the  axial  vcloc>y  perrurbadon.  Spj  upstream  of  the  inlet  guid<* 
vanes.  The  measured  signal  is  then  processed  by  the  conaollcr  which  commands  the  control 


vanes  to  introduce  a  suiuble  perturbation  into  the  flow  field.  With  the  proportional  feedback 


scheme  that  was  employed  in  the  experiment,  the  measured  signal  is  modified  in  amplitude  and 
shifted  spatially  in  phase.  This  is  implemented  analytically  as  follows: 


5r\^=Ze~^''^^>^'^50i 


(BIO) 


Z  =  Re-‘''a  (BID 

where  R  is  the  gain  in  amplinidc  of  the  signal,  and  Vq  is  the  spatial  phase  shift  of  the  commanded 
signal  relative  to  the  measured  signal.  In  practice,  non-ideal  behavior  causes  the  output  from  the 
actuator  to  differ  from  the  command  given  by  the  controller.  The  non-ideal  actuator  dynamics 
were  determined  experimentally  by  measuring  the  transfer  function  of  the  actuator  motion  relative 
to  an  input  command  signal,  and  then  fitting  an  appropriate  dynamic  model  to  the  transfer 
function.  As  a  simple  example,  assume  that  the  dynamics  of  the  actuator  can  be  modeled  by  a 
second  order  differential  equation, 
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_  diSy)  2 /c  ■  r  \ 
■  +  2gaC0a  =  0)a  i^'Ac  ~  ^y) 


(B12) 


where  offt  and  arc  the  resonant  frequency  and  damping  rado  of  the  actuarion  system,  (b  the 
experiment  a  higher  order  dynamic  model  was  required  to  accurately  match  the  vatzsxixcd  actuator 
transfer  function.)  With  axial  velocity  sensing  upstream  of  the  control  vanes,  the  actuator  equation 
then  becomes: 

^+25,0),  ^  -  ir) 

Equations  (B2)-{B8)  and  (B10)-(B12)  produce  an  eigenvalue  problem.  Parameters  in  the  analysis 
arc  the  operating  flow  coefficient  (which  determines  the  slope  of  the  pressure  rise  characteristic), 
the  gain  and  phase  of  th^  feedback  control  law,  and  the  actuator  dynamic  parameten.  For  the 
control  vane  actuator  with  velocity  feedback,  this  system  of  differential  equations  reduces  to  the 
form  given  in  (A17),  where  the  matrices  A,  B,  and  the  vector  Sx  are  now: 
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f  <5^  1 


Sx  = 


SLj 

5Lr 

5r 


with; 


(B15) 


(BI6) 


Visen  —  Vjj  *’  ^SJS  "*■  ^rjs  (B17) 

There  are  five  eigenvalues  for  each  spatial  harmonic  of  the  disturbance,  and  the  system  is  stable 
when  the  real  pan  of  each  of  the  eigenvalues  is  negative. 


TABLE  I 

MIT  THREE-STAGE  AXIAL  COMPRESSOR  DESIGN  PARAMETERS 


O  « 

CO  o 

U4  c 

« 1  ^ 
S 


p 

O  od 


p  >0 
^  \0 


o 

od 


fcTj 

<S 


o 


s 


VO 


M 

‘K 

U 

"O 


c  „ 

.2  C 

•s  u 
« 

u  C 

‘S  8 

«  MU 

net  Q 


e 

.2 

'5 

!S 


1-2 


w  O  ^ 
o 

w 
S 


C 

a 

^*G 

c  c: 


^  «  o  ^ 

E  H  <  E 
.2  6 


C  -  _ 

BO  oa  ^ 

-55  s;  2 

h>  X  Q  O  £  u  bo 


•S  O 

®  5 
o 

y  S 
g  « 

o  2 

15  «s 


o  -» 

BO  U 

S 

B0-< 

.2  U  ajj 

3  5 


oo  u-i  Cv  pn  ^  vO 

* ' 

00  t*^  p  p  p  ''T 

« 

d  d  d  <s  •v  d 

4.) 

o 

oo 

.&•  s 

H  s 

U 

'g 

G 

w  </:i 

fi 

C<3  -C 


E  & 

r'1  S 

U  *3 


T) 

II 


<>_•  vi| 

O 

,  "C 

o  i5 
Z  oc 


00 


o 

o 

p 

ir> 

v-j 

d 

od 

oc 

d 

VO 

»o 

cs 

ro 

r- 

<?v 


00 

d 


TT 

Cv 

d 


TT 

cv 

d 


cv 

oo 


VO 

OO 


00 


oo 


oo 

<N 

TT 


vn 

rv 

•VJ' 


p 

<N 


p 

rr 

VT 


p 

vri 


O  O 

— ■  d 


r-  r-; 

—  cs 


p 

p 

o 

p 

od 

vS 

d 

<s 

<N 

—  Of^pc’iP''*;  p®opppr-;p'^ 
O'd-^cnv/dd-^d'tr’p  —  dpod^ 
<N  oo  ts  fO  <N  VT  cs  m  ts  <o  •— cn 


CN 


i/i 


<S 

^  »n 


oo 


vn 

W-J 


00 

oo 


<?N 


«o  c 
o  « 

6l 

S2(S 


o 

!2 

*s 

a 

JU 

*5 


cx 

«e 

.c, 


^  cu  o,  o-  a. 

U<0  <0  5 

- v«->te»nggS 

UtfsSC4:c/30r)»:0Sc/3C0OS»Jc/3 


♦Measured  by  Gamache 
CV  =  Control  Vane 
IGV  =  Inlet  Guide  Vane 


TABLE  2 

PARAMETER  IDENTIFICATION  DATA 


Ist-Hannank 


Percent 

Difference  Rc(zcrQ)=  Im(zcro) 


4> 

from  0stall 

Cl  ~  ai 

Di=  mi 

Bi 

Gj 

-BiIGi  A]IG} 

,488 

6.0 

-0.1839 

0.329 

-0.0709 

0.00280 

-0.0573 

0.0489  1.238 

,462 

0.4 

-0.0303 

0.304 

-0.0650 

0.00375 

-0.0515 

0.0728  1.262 

432 

-6.0 

0.1320 

0.270 

-0.0463 

0.00943 

-0.0329 

0.2865  1.406 

2nd  Harmanic 

Percent 

Difference  Re(zero)=  Im(zcro) 

^  homtpstall  ^2- ^2  D2=  (i>2  ^2  ^2  -BilGi  Ai  I G2 


Fig.  1;  Three-stage  compressor  arrangement  with  individually  actuated  high  speed  control  vanes 
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Fig.  2;  layout  of  compressor  blading  and  instiumeniation 


3cw«m 


-\\ 


//■ 


Fig.  3:  Closed-loop  conirol  feedback  path 
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Fig.  4:  The  influence  of  uniform  control  vane  stagger  angle  (y)  on  the  compressor 
characttristic  at  5*  intervals  of  y 
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Fig.  5:  Variation  of  speedline  slope  and  control  vane  angle  pressure  rise 

influence  (9\}r/dY)  measured  for  the  three-stage  compressor 
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Fig.  6:  Active  stabilization  of  the  first  and  second  spadal  harmonics  decreases 
stalling  mass  flow  by  8% 
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Fig.  7:  Stall  inception  flow  field  around  compressor  annulus  at  midspan 
measured  upstream  of  the  IGVs  when  0  »  0.46,  with  no  control 
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Fig.  8:  Stall  inception  flow  field  around  compressor  annulus  at  midspan  during 
fint  harmonic  control  measured  upstream  of  the  ICVs  when  ^  ==  0.45 
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Fig.  9:  Magnitude  and  phases  of  the  first  three  spatial  Fourier  coefficients  (SFC) 
calculated  fiom  the  stall  inception  flow  field  at  midspan  (calculated  from 
the  data  of  Fig,  7) 
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Fig,  10:  Magnitude  and  phases  of  the  first  three  roadal  Fourier  coefficients 
calculated  from  the  stall  inception  flow  neld  at  midspan  during  first 
harmonic  control  (calculated  from  the  data  of  Fig.  8) 
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Hg.  1 1;  Stall  inception  flow  field  around  compressor  annulus  during  optimal 

1st  and  2nd  mode  control  measured  upstream  of  the  IGVs  when  ^  »  0.43 
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Fig.  12:  Magnitude  and  phases  of  the  first  three  matial  Fourier  coefficients 

calculated  from  the  stall  inception  flow  neld  at  midspan  during  opdnul 
firs  and  second  harmonic  control  (calculated  from  the  data  of  Fig.  11) 
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Fig.  13:  Stall  inception  flow  field  around  compressor  annulus  during  optimal 

1st,  2nd,  and  3rd  mode  control  measured  upstream  of  the  ICY’S  when  p  *  0.43 
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Hg.  14:  Magnitude  and  phases  of  the  first  three  spatial  Fourier  coeffici«its 

calculated  from  the  stall  inception  flow  field  at  tnidspan  during  optimal 
first,  second,  and  third  harmonic  control  (calculated  firom  the  data  of  Fig.  13) 
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Axial  Position  in  Compressor,  tj 


Figure  15:  Axial  variation  in  1st  mode  strength  measured  at  3  radial  positions 
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Fig.  16:  Comparison  of  the  ideal  pressure  rise  (.Vuuadf  isencropic  pressure 
rise  (yitcfl).  and  the  measured  pressure  rise  (y).  The  losses  due  to 
deviation,  and  dissipation.  L^jjy  are  also  shown. 
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Rg,  17:  The  effect  of  the  compressor  time  lag,  tioss.  's  to 
temporarily  increase  the  effective  slope  of  the 
compressor  characteristic 
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Fig.  18:  Estimate  of  compressor  transfer  function  for  first  harmonic 
at  =  0.49  (6%  above  the  stalling  flow  coefficient) 
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Fig.  19:  Estimate  of  compressor  transfer  function  for  second  harmonic 
at  =  0.49  (6%  above  the  stalling  flow  coefficient) 
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Fig.  20:  The  wave  growth  and  rotational  rates  compared  with  predictions  of  the 
unmodified  Moore-Greitzer  model  for  the  first  three  spatial  hannonics 
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Fig,  2 1 :  The  wave  growth  and  rotation  rates  compared  with  the  predictions 
of  the  model  modified  to  account  for  compressor  time  lags. 

The  arrows  denote  the  experimentally  dev^rmined  rotating  stall 
initiation  points. 
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Rg.  22:  The  influence  of  the  first  spatial  harmonic  controller  phase  angle. 
Pi,  on  stall  flow  coefficient  as  a  function  of  controller  gain,  R 


Flow  Coefficient  at  Neutral  Stability,  ^2 


Rg.  23:  The  influence  of  the  second  spatial  harmonic  controller  phase  angle 
Pi,  on  stall  flow  coefficient  as  a  function  of  controller  gain,  R 


IV.  MODELLING  FOR  CONTROL  AND  SYSTEM  IDENTIFICATION 


MODELING  FOR  CONTROL  OF  ROTATING  STALL 

by 

J.  Paduano,  L.  Valavani,  A.H.  Epstein,  E.M.  Greitzer  and  G.  Gucncnc 


Department  of  Aeronautics  and  Astronautics,  Gas  Turbine  Laboratory 
Massachusetts  Institute  of  Technology 
Cambridge.  Massachusetts  02139 


Abstract 

An  analyticai  nxxiei  for  control  of  totadng  stall  has  been  obtained  from  the  basic  fluid 
equations  describing  the  process  at  iixrepdon.  The  model  describes  rotating  stall  as  a  traveling 
wave  packet,  sensed  -  in  spatial  coiiqx)nents  ~  via  the  Fourier  synthesis  of  measurements 
obtained  from  a  circumferential  array  of  evenly  distributed  sensors  (hot  wires)  upsoeam  of  the 
compressor.  A  set  of  "wiggly"  inlet  guide  vanes  (IGV's)  equally  spaced  around  the  compressor 
annulus  constimte  the  ’’forced”  part  of  the  model.  Control  is  effected  by  laurx:hing  waves  at 
appropriate  magnitude  and  phase,  synthesized  by  spatial  Fourier  synthesis  from  individual  IGV 
deflections.  The  effect  of  the  IGV  modon  on  the  unsteady  fluid  pnxess  was  quantified  via 
identification  experiments  carried  out  on  a  low  speed,  single-stage  axial  research  compressor. 
These  experiments  served  to  validate  the  dieoretical  model  and  refine  key  parameters  in  it  Further 
validation  of  the  model  was  provided  by  the  successful  itEptementatiaa  of  a  simple  proportional 
control  law,  using  a  combmatioa  of  first  and  second  harmonic  feedback;  this  resulted  in  a  20% 
reduction  of  stalling  mass  flow,  at  essentially  die  same  pressure  rise. 
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Nomenclature 


IGV 

inlet  guide  vane 

PS2 

exit  static  ptessure 

Pri 

inlet  total  pressure  evaluated  at  steady  sute  operating  point 

AP 

Ps2  -  Pri 

9 

flow  coefficient  Cx  /  U 

Cx 

axial  velocity 

U 

wheel  speed 

x.ji 

fluid  inertia  parameters  inside  machine 

Y 

radius  of  machine 

P 

fluid  density 

V 

pressure  rise  characteristic  Ap  /  pu^ 

dy 

09 

Plln  =  Pti*^ 

slope  of  non  dimensional  pressure  rise  characteristic 

5Ps2  “  Ps2®^ 

§9  =  9cj^  > 

^  nth  spadal  harmonic  of  corresponding  variable 

$ 

perturbation  quantity 

^nl  »  *n2 

xah  spatial  cosine  and  sine  fuitcdons  of  flow  coefficient  perturbation 

tDR5 

rotating  stall  speed  (differs  with  each  spatial  hannonic) 

e 

circumferential  angle  ranging  from  0  to  2ic 

^9.t) 

circumferential  distribution  of  IGV  deflection,  degrees 

Srfn 

nth  spatial  harmonic  of  control  action,  • 

Ynl » Yn2 

n-spatial  cosine  and  sine  components  of  control  action 

G„(s) 

transfer  function  between  7it(s)  and  $n(s) 

C5ni(s) 

traiisfer  function  between  Uni(s) ,  Xni(s) 

Gn2(s) 

transfer  function  between  Un2(s) ,  Xn2(s) 

Uni.  Uni 

nth  spatial  codne  and  sine  coefficients  of  the  external  input 

Introduction 

The  pcrfortnancc  of  compression  systems  can  be  considerably  limital  by  muld-modc 
instabilities  that  variously  arise  in  both  axial  and  centrifugal  compressors.  These  are  surge  and 
rotating  stall.  Surge  is  essentially  a  one-dimensional,  mass  flow  disturtance  encompassing  the 
entire  pumping  system  -« compressor,  ducting,  plenum,  and  throttle.  It  causes  the  mass  flow 
through  the  machine  to  fluctuate,  generally  with  inevitable  flow  reversal  and  performance 
degradation.  Rotating  stall  is  a  localized  disturbance  that  starts  as  small  velocity  perturbations  at  a 
particular  seaor  of  the  compressor  annulus  and  propagates  circumferendally,  pervading  the  entire 
annulus.  In  many  siniadons,  the  velocity  perturbations  grow  exponentially  in  the  initial  stages  until 
a  nonlinear  traveling  wave  with  the  speed  of  rotating  stall  develops  around  the  annulus  (Rg.  1). 

These  two  phenomena  can  be  viewed,  in  a  unifled  framework,  as  eigennxxies  of  the 
compression  system  with  surge  constituting  the  zeroth  order  mode  and  rotating  stall  representing  the 
higher  order  modes  [1],  [2].  This  is  described  in  the  papers  by  Moore  [7]  and  by  Mootc  and 
Greittcr  [8]  who  showed  how  these  two  phenomena  are  linked.  Their  theoretical  work  was 
conoboiated  later  by  experimental  evidence  [10],  [1 1]. 

Fully  developed,  surge  and  rotating  stall  exhibit  their  nonlinear  nature  by  causing  large 
anoplitude  transitions  between  compressor  operating  points,  from  regions  of  high  to  extremely  low 
efficiency  and,  sometimes,  unrecoverable  conditions.  To  avoid  such  events,  design  engineers 
have  tradidonally  allowed  ait^le  surge  margins  to  keq}  engixte  operadon  away  from  the  unstable 
region.  This,  however,  can  compromise  performance  since  the  region  near  the  stability  region  is 
of  highest  achievable  perfonnance:  high  pressure  rise/low  mass  flow  operating  coiuiidons. 

Ptevkxis  anozipts  at  aettve  control  of  surge  consisted  primarily  of  largely  en^irical,  <^pen 
loop  strategies,  wiA  limited  success.  A  systeixiatic  feedback  approach,  even  f«  the  one- 
dimensional  surge  disturbance,  was  not  reported  in  the  literature  until  recently.  On  the  other  hand, 
atttsz^tts  at  controlling  rotating  stall,  which  is  the  focus  of  this  paper,  have  been  conriderably 
fewer,  in  both  open-loop  [16]  and  feedback  configuralioas.  This  can  be  attributed  to  the  fact  thau 
rotating  stall  is  at  least  two-dimensional  in  nature,  with  spatial  and  time  comp<»ents  and,  ti^refore. 
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considerably  more  difficult  to  control.  In  addition,  from  the  control  theoretic  point  of  view,  an 
appropriately  defined  model  for  control  of  rotating  stall  has  not  been  available,  even  though  more 
sophisticated  fluid  model  descriptions,  along  with  experimental  observations,  have  existed  in  the 
literature  [18],  [19], 

In  this  paper,  which  is  intended  for  control  audiemres,  we  derive  an  analytical  state-space 
model  for  control  of  rotating  stall,  validate  it,  and  funher  refine  its  key  parameters  via  identification 
experiments  on  a  low  speed,  single-stage  research  compressor.  This  is  the  first  control  theoretic 
model  obtained  for  rotating  stall  and  is  the  main  focus  of  the  present  paper.  The  (krived  model 
structure  is  funher  validated  by  a  successful  first  ittempt  at  feedback  control  using  a  simple 
proportional  (state  feedback)  strategy. 

In  the  following  secdons,  we  describe  the  analytical  derivatioa  of  the  noodel  and  the  open- 
loop  identification  procedures  underlying  its  stnictuit.  We  also  briefly  discuss  the  closed  loop 
control  strategy  that  has  resulted  in  moving  the  stall  point  to  20%  lower  flow.  A  detailed 
description  of  the  overall  experiment,  as  well  as  the  accompanying  mqrlementuion/hardwaie 
issues,  is  given  in  [20],  which  is  aimed  for  the  gas  ntrbine  community.  [20]  focuses  on  the 
exposition  of  experimental  and  fluid  process  aspects  without  any  discussion  on  the  dynamic  model 
per  se,  or  any  identification  and  structure  model  validation  details.  Such  information  is  deferred  to 
the  discussion  in  the  present  paper.  In  a  following  paper  [24],  we  discuss  the  complete  process 
identification,  with  q>ecial  emphasis  on  closed-loop  algcxithms  that  can  accurately  identify  die 
process  characteristics  beyond  its  natural  stability  point  In  [24],  a  new  closed-loop  identification 
algorithm  is  pcc^iosed,  wfaidi  is  tested  experimentally,  both  directly,  in  terms  of  identified  process 
characteristics,  u  well  as  indiiectly,  by  designing  more  accurate  feedback  coatrol  laws. 

The.  Fluid  Prftcea-MQdcI  •  A  Control  Thtarttic  Peraptetive 

In  this  section  we  briefly  outline  the  fluid  dynamic  description  of  the  rotating  stall  proMSs 
which  we  assume  to  be  the  mature  state  of  the  phenomenon  whose  linear  (perturbation)  behavior  is 
described.  We  start  with  the  basic  partial  differential  equation  capturing  die  {diysics  the  process 
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and  derive  from  it  an  analytical,  finite  dimensional,  naodcl  amenable  to  control.  Understanding  and 
interpreting  the  process  from  a  control  tiicoredc  perspective  is  essential  in  controlling  it  in  a 
systematic  fashion.  While,  normally,  a  fartial  differential  equation  form  would  imply  an  infinite 
dimensional  model  for  control,  in  what  follows  we  describe  how  an  accurate  ODE  model  was 
obtained,  based  on  undentanding  of  the  fluid  process  and  judicious  utilization  of  control  theoretic 
and  signal  processing  tools. 


The  Physical  Process  Without  Control 


We  Stan  with  the  basic  partial  differential  equation  as  derived  in  [8],  which  represents  the 
local  perturbation  in  pressure  rise  across  the  coccpnessor.  at  stall  inception,  and  conven  it  into  a 
canonical  wave  operator  form.  The  equation  is  given  by: 


Mil 

pU2 


89 


S<p  -  X- 


d&p  ru  889 


80  U  at 

where  (8^/89)  is  the  slope  of  the  non-dimen$k>iial  compressor  pressure  rise  characteristic  y  » 
(Ap/pU2),  where  Ap  is  defined  as  exit  static  pressure  Ps2  minus  inlet  total  pressure  Pri  evaluated 
at  the  steady-state  operating  point,  and  9  is  the  flow  coefficient  CxA^  Cx  the  axial  velocity. 
Positive  numbers  X  and  p.  represent  the  inertia  of  the  fluid  inside  die  machine  that  has  mean  radius 
r,  U  is  the  wheel  speed,  p  is  the  fluid  density. 

A  general  perturbation  is  represented  as  a  Fourier  series  and  it  is  convenient  to  write  the 
functions  in  equation  (1)  in  terms  of  their  spatial  Fourio'  coefficients; 


(1) 
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(2c) 


where  x  is  the  distance  from  compressor  face  and  the  definitions  of  P-ri„  ,  Ps2n  •  9n  •  obvious 
from  equations  (2a-2c). 

In  the  upstream  region,  the  axial  momentum  equarion  can  be  written  as  (an  unsteady 
Bernoulli  type)  equation  of  the  form; 


(5<Pi) 


^(5Pti) 

"^dx 


«  0 


(3) 


where  6<pi  is  the  upstream  flow  coefificient  Using  equation  (2a)  in  (3).  we  obtain,  for  the  nth 
spatial  harmonic  of  the  perturbation 


Pjln 


|n|  dt 


(4) 


Next,  using  continuity  (momentum)  and  the  condition  of  constant  exit  angle  (axial),  the 
presstire  gradient  at  compressor  exit  can  be  related  to  the  velocity  perturbations  by 


B  («Ps2)  TT  ^ 

—  » -  pu  —• 

9x  dt 

and  &{>2  is  the  downstream  flow  coefficient  <rf  die  perturbation.  By  continuity  at  compressor  face 
atiH  given  the  assumption  of  incompressibility,  «  5^  *  6^;  6^  is  as  in  equations  (1)  and  (2c); 
also,  X  as  0  at  con^irBSSor  face.  Using  equation  (2b)  in  (5),  we  gee 


D  pUr  d  (59ai) » 
Psa.-  ,  j  5 


(«) 


|n|  dt 

From  equations  (4)  and  (6),  the  LHS  of  equation  (1)  becomes,  for  the  nth  spatial  harmonic: 

“  SPTin  _  2r 
pU2  U|n|  dt 


(7) 
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Next,  rewriting  the  RHS  of  (1)  in  terms  of  the  spatial  Fourier  expansion  for  5<|>  and  taking  the  nth 
coefficient  we  get,  in  conjunction  with  equation  (7).  the  following: 


3t  36  " 


where  V'  =  (  dv  /dtp) ;  p  =  ^ 


Equation  (8)  is  the  standard  form  of  a  partial  differential  equation  of  first  oracr  in  Stpn.  with  t  and  6 
as  the  independent  variables. 

Thus,  the  complete  equation  (8)  is  of  the  general  form: 


A —  +  B—  + 
30  3t  ' 


t-  C  5<|>  =  0 


and,  consistent  with  PDE  theory  in  any  standard  text,  its  solution  can  be  written  as: 

5<p„- F(Ae  -  Bt)  e“  (10) 

where  the  functional  F  represents  traveling  waves  moving  in  the  posidve  0  direction  with  velocity 
B/A  =  X/p,  and  a  =  C/B.  Altemadvely,  the  nth  spatial  Fourier  coefficient  of  rotating  stall  is  indeed 
a  traveling  wave,  whose  amplitude  evolves  as  c®  predicting  growth  (instability)  at  positive 
compressor  slopes  v' ;  also,  X/p  is  the  conesponding  rotating  stall  speed,  cons,  in  the  positive  0 
direction.  Indeed,  rotating  stall  precursors,  in  the  fcxm  of  traveling  waves  of  increasing  amplitude, 
were  identified  long  before  the  onset  of  rotating  stall  (about  40  rotor  revolutions  before  stall)  [18]. 
A  typical  representation  of  die  experimental  data  obtained  is  shown  in  Hg.  3. 


The  solution  we  obtained  for  each  ^atial  Fourier  coefficient  constituting  the  rotating  stall 
process,  as  can  be  seen  in  equation  (10),  represents  a  general  traveling  waveform  modulated  by  an 
expcHiential.  For  the  application  at  hand,  given  the  cooqnessor  geometry,  we  seek  specific 
traveling  waveforms  which  are  periodic  in  the  argument  of  F,  Le.,  0  and  time..  Thus,  we  can 
write  the  mass  flow  perturbation  for  die  nth  harmonic  as 

.  g®  [cos(n0  -  0)ji5t)  +  j  sin(n0  - 


With  this  process  interpretation,  we  next  take  the  state  variables  to  be  the  (complex)  Fourier 
coefficients  corresponding  to  each  spatiai  mode.  This  is  key  in  the  derivation  of  a  state  space 
model  for  rotating  stall.  From  Eqn.  (1 1)  it  thus  follows  that,  for  each  Fourier  coefficient,  the  state 
variables  arc  given  by: 


x„i  =  Re  =  c^^cosfne  -  0)^5 1)  (12) 

x^  =  Im  =  e“‘ sin(ne  -  t0j^5 1)  a  =  v'/p 


n  =  1.  2... 

Taking  time  derivatives  of  x^i,  in  equation  (12)  and  writing  the  resulting  differential  equations 
in  matrix  form  we  obtain: 


.  A 
X  = 


Xni 

,  Xn2  . 

V/P  03rs 
-<Ors  V'/P 


Xfll 
^n2  J 


=  Ax 


(13) 


with  A  the  system  matrix  and  x  the  state  vector  for  each  spatial  mode. 

In  conclusion,  for  each  spatiai  Fourier  coefficient  we  can  write  a  two-dimensional  sute 
space  model,  representing  the  real  and  imaginary  parts  of  the  solution.  This  model  represents  the 
evolution  in  time  of  the  amplitude  and  phase  of  the  corresponding  modal  traveling  wave.  As  can 
be  seen  by  inspection  of  the  harmonic  form  of  the  A  matrix  in  equation  (13),  determines  the 
stability  prt^ierties  of  the  homogeneous  system.  In  fact,  the  characteristic  equation  is  given  by 

s^- 2  — s +  =0  (14) 

and  it  is  Hurwitz  (stable)  if  Y'  <0-  Forv'  >  0,  the  characteristic  polynomial  is  unstable  and  fex 
Y'  ^  0,  the  system  has  zero  dan^nng.  The  eigenvalues  -  of  time  evolution  of  each  harmonic  -  are 
=  (Y'  /p)  ±  ja>R3 . 


Defining  the  Innuta  and  Outputs  -  The  Complete  _MQdei 

Since  the  state  ^)ace  consists  ctf  traveling  wave  modes,  ^ate  (output)  measurements  will 
naturally  be  traveling  waves.  Also,  control  of  the  instability  will  be  effected  by  traveling  wave 
inputs,  consistently  designed  with  the  process  characteristics. 
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For  sensing,  a  circumferential  array  of  eight  hot  wire  anemometers  was  employed,  placed 
midspan  upstream  of  me  compressor  to  measure  axial  velocity  fluctuations.  At  each  hot  wire,  the 
obtained  signal  (measurement)  constitutes,  at  each  point  in  time,  a  linear  combination  of  the  spatial 
harmonics,  as  captured  by  the  Discrete  Time  Spatial  Fourier  (DTSF)  formula: 


Cxi(0  =  ZA,„(Oe'"®  (15) 

n 

6  angle  corresponding  to  location 
of  particular  sensor. 

i*>0, . 7  :  #  of  hot  wires 

nBl,2,. spatial  harmonics 

Thus,  at  every  time  t,  when  a  measurement  is  taken,  each  harmonic  can  be  synthesized  from  data 
of  the  collection  of  eight  sensors  according  to  the  inverse  Fourier  formula: 


V‘> 


=  Xc,^(')e 


-jn0k 


K 


k=0 


Cxk(t)  c 


•jnZn/s 


(16) 


j _  .  2nk 

where  • 


k  «  K  , 

and  K  *  7  in  the  present  context^ 
Equation  (16)  represents  the  output  equation  for  the  corresponding  state  space  model  for  each 
harmonic.  Obtaining  each  spatial  Fourier  coefficient  as  a  function  of  time  is  crucial  in  the  feedback 
ccmtrol  process;  it  has  also  been  important  in  identifying  precursor  waves  to  rotating  stall  [18]. 

For  launching  the  control  (traveling  wave  inputs),  twelve  wiggly  inlet  guide  vanes  (IGV's) 
were  positiemed  upstream,  each  independently  actuated  by  a  dc  motor,  which  is  controlled  for 
accuracy  via  an  inner  loq)  ctmqiensaior.  With  the  addition  of  actuation  mechanisms,  the  partial 
differential  etpiatioa  describing  the  (modulated)  fluid  process  now  has  an  additional  (exogenous) 
term,  ^  (jSrf^ ,  that  reflects  the  effect  of  active  control  on  the  fluid  process. 


^  It  U  possible  for  modal  content  greater  than  K/Z  (the  spatial  Nyquist  frequency)  to  exist  in  A,(t).  This 
infonnatian  would  alias  into  the  compatstion  of  the  tower  nodes,  ifowever.  these  modes  die  away  very  quickly 
upstream  of  the  compressor  [20,  ch.  4.1.21;  addition,  these  inodes  are  very  well  damped  m  higha  flow  coefficients 
m  was  experimemaily  obser^  [20,  ch.  5,6).  Thus,  placing  the  hot  wires  upstream  ot  the  compressor,  imnimizes 
aliasing  from  higher  ^mrial  modn  in  Eqn.  (16). 
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(17) 


P  I;  (59n)  +  ^  (Stpn)  =  V' S<Pn  +  ^  (5Yn) 
at  do  dy 

where  dt^r/dyis  the  control  input  coefficient  in  the  forced  equation  and  Syi,  is  the  required  control 

action.  Both  these  terms  are  as  yet  unspecified  and  do  not  derive  from  the  homogeneous  process 

dynamics.  For  our  specific  choice  of  actuation,  control  will  be  effected  through  deflection  of  the 

IGV's.  However,  the  coefficient  dy/dy  cannot  be  precisely  defined,  for  control  purposes,  by  a 

fluids  approach  alone,  either  analytically  or  experimentally.  Quantification  of  the  control  input  gain 

dy/dy  will  be  through  direct  system  idendficadon. 

At  each  point  in  dme,  the  individual  IGV  deflecdons  are  determined  by  spadal  Fcorler 
decomposition  of  the  control  signal  (Syi,).  required  to  stabilize  a  particular  spadal  mode  of  rotating 
stall.  Thus,  if  at  time  t,  the  required  overall  control  input  to  Eqn.  (17)  for  mode  n  is  5yn(t),  the 
individual  blade  deflecdons  will  be  determined  by  the  inverse  spatial  Fourier  transform: 


^  See  discussion  in  fooOKNe  on  previous  page. 
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Equations  (18)  -  (20)  clarify  implementation  issues  but  do  not  determine  the  required 
overall  control  action  Sy^.  This  should  be  the  outcome  of  the  controller  design  based  on  the  state 

space  model.  Qearly,  given  the  nature  of  the  process  and,  consequently,  of  the  ensuing  control, 
SYjj  itself  can  be  represented,  in  state  space  form,  as  a  traveling  wave  that  captures  the  magnirnde 

and  phase  evolution  of  the  controlling  wave.  Thus,  the  nth  mode  state  space  model  [Eqn,  (13)] 
with  control  now  becomes: 


¥'/P 

CO 

RS 

Xnl 

+ 

5^2. 

-tOnc. 

RS 

¥'/P  - 

Xn2 

0 

(21) 


where  we  have  dropped  5  from  5Yn  for  notational  convenience  in  the  linear  model.  In  addiriem,  let 
(3\l/'/dY)^j  =  Pi,  (3v/3y)^2  =  fc-  Since  the  coefficients  cannot  be  accurately  defined  by  fluid 


considerations  alone,  identification  experiments  were  designed  so  that  the  entries  of  the  control 
input  matrix,  as  well  as  those  of  the  transition  matrix,  could  be  determined  by  essentially  frtting 
experimental  data  to  the  derived  analytical  model  structure.  Also,  an  additional  term  to  complete 
the  state  space  description  in  Eqn.  (21)  was  added  to  represent  a  pure  phase  term  corresponding  to 
the  need  for  a  spatial  lag,  in  the  launched  control  wave  input,  that  was  observed  experimentally, 
due  to  sensor,  actuator,  and  fluid  mechanics  considerations.  Thus,  the  complete  naodel  is  now: 


s 

.^2. 

L 

-0), 


RS 


CO 

RS 

¥'/P 


[a*f 


P,  0 
0  p. 


'nl 


[Jo*] 


Ynl 

LYnlJ 


(22) 


According  to  Eqn.  (22),  the  spatial  lag  has  been  converted  to  an  equivalent  time  lag,  whose  value 
needs  to  be  identtfiecL  Equation  (22)  indicates  that  each  mode  requires  the  identificaticxi  of  five 
parameters.  This  is  undertaken  in  the  next  section. 


IdeniificatiQn 

System  identification  for  the  rotating  stall  process  proceeded  in  two  distinct  stages.  First, 
nonparametric  identification  was  carried  out  to  determine  the  transf.T  functions  •  for  each  harmonic 
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from  IGV  input  to  sensor  (hot  wire)  output,  N^nihout  first  selecting  a  possible  set  of  confined 
models.  The  procedures  employed  here  determined  the  transfer  funcaons  directly  from  the 
cxpeTimcntai  data.  Next,  once  the  transfer  functions  were  identified  -  in  frequerKv  donum  via 
Bode  magnitude  and  phase  plots  *  we  proceeded  to  parameter  idenoficaaon  by  assuming  a  system 
oitkr  consistent  with  the  transfer  function  forms  obtained  in  the  first  sugc.  All  cxpcnmenis  were 
carried  out  in  the  open-loop,  below  the  natural  subility  point,  with  model  structure  vaiidarion  as  the 
primary  objective.  Our  results  are  described  below. 

Nanoaramciric  IdsnofisaaQO  Clranafg  Fmactjaml 

A  schematic  representarion  of  the  overall  experimental  setuo  for  idcnoficabon  and  control  of 
rotating  stall  is  shown  in  Fig.  4.  This  includes  the  test  compressor  on  the  lower  pan  of  the  figure, 
as  well  as  the  signal  processing  and  control  software  blocks  Geft  pan),  along  with  a  control 
actuation  loop  that  governs  the  dc  servo  moton.  For  more  details,  the  reader  is  referred  to  [21  ]. 

As  noted  in  the  figure,  a  circumferential  array  of  eight  hot  wire  ancmcKDctm  (sensors)  have  been 
placed  tnidspan  upstream  of  the  compressor  to  measure  axial  velocity  fluctuations.  Also  upstream, 
twelve  wiggly  inlet  guide  vanes  GGV’s)  have  been  positioned,  each  indeperxlcnUy  actuated  by  a  dc 
motor,  which  is  controlled  for  accuracy  via  an  inner  loop  cotopensator.  The  dc  servo  actuation 
bandwidth  is  80  Hz,  well  above  the  process  bandwidth  of  about  10-14  Hz  or.  typically,  20%-504lc 
of  rotor  speed.  The  IGVs  represent  just  one  possible  mode  of  affecting  the  fluid  process,  but 
wen;  chosen  over  others  because  they  are  amenable  to  modeling  and  could  be  actuated  with  off-the- 
shelf  hardware. 

Inputs  to  the  process  are  the  twelve  IGV  blade  deflections  -  together  synthesiziDg  the 
traveling  waves  -  at  the  inlet  to  the  compressor.  These  deflections  are  represented  by  twelve 
numbers,  at  twelve  discrete  angular  locations  around  the  compressor  annulus.  Deflections  are 
about  the  mean  IGV  angle,  which  in  this  case  is  zero,  and  can  be  positive  or  negative  up  to  about 
±30  degrees;  in  most  expoinwnts  it  was  limited  to  ±1 5  degrees.  Even  spacing  of  the  Hades 
around  the  aumulus  facilitates  the  decomposition  into  discrete  Fourier  oicfBcicnts,  i.e.,  the  twelve 
blade  positions  can  be  exactly  decomposed  into  discrete  Fourier  coefficients.  These  coefficients 
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art  termed  the  “spatial  Fourier  coefficients”  (SFC’s),  and  are  distinct  from  those  in  a  time  Fourier 
decomposition.  The  output  of  the  system  consists  of  eight  measurements  of  the  local  axial  air 
speed,  taken  by  the  anemometers  around  the  compressor  annulus.  The  hot  wire?  at  the  mean 
radius  of  the  compressor,  approximately  .6  compressor  radii  upstream  of  the  IGV’s,  with  this 
upstream  location  chosen  so  as  to  reduce  the  likelihood  of  spatial  aliasing.  Since  the  rotating  stall 
dynamics  are  non-axisymmctric  perturbadons  to  the  mean  flow  of  the  compressOT,  all  velocity 
measiuemcnts  are  perturbadons  about  the  mean  flow.  Again,  because  of  even  spacing,  spadal 
Fourier  coefficients  of  the  measurements  are  directly  obtained. 

The  model  of  equadon  (22)  can  next  be  written  in  transfer  function  form  as  follows: 


LU„2(s)J 


(23) 


where  u„i  =  Re  u„;  Un2  =  Im  u„;  Un(t)  =  A  and  U„i(s),  U^(s)  are  the  Laplace  transforms 

of  Uni,  ^n2>  respectively.  The  input  Un(t)  is  realized  as  a  spatial  sine  wave  in  the  blade  deflection 
angles,  of  magnitude  A,  rotating  around  the  annrlus  at  a  frequency  cn.  Thus,  for  a  first  mode 
excitation  (ui(t)]  tiicre  would  be  only  one  blade  with  a  deflection  of  +A  degrees  at  any  one  time 
and,  at  a  later  time,  a  different  blade  around  the  annulus  would  have  a  deflection  -t-A. 

Equation  (23)  represents  a  two-input  two-ouqjut  system.  However,  it  can  be 
straightforwardly  shown  that  a  scalar  transfer  function  Gn(s)  can  be  calculated  from  the  transfer 
matrix  elements  as  follows: 


Furthermore,  G^j(s)  and  G^(s)  can  be  excited  separately  by  letting 

u^l(t) »  A  cos(n0  -  ©i)  and  u^(t)  =  0  w  (25a) 

u^(t)  =  A  cos(ne  -  ox)  (25b) 


and,  by  directly  taking  the  0  dependence  out  using  spatial  Fourier  arudysis,  the  inputs  to  the  model 
in  Eqns.  (22)  and  (23)  are  represented  as  simple  time  functions: 
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u^^(t)  =  A  cos  ti3t  and  u^(t)  =  0  or 
u^j(t)=0  and  u^^CO  =  A  cos  cot 


(26a) 

(26b) 


The  above  inputs  (26a,b)  are  realized  as  spatial  sine  waves  whose  angular  location  is  stationary. 
For  example,  the  input  in  (26a)  represents  a  sine  wave  whose  peak  is  at  the  fourth  blade  around  the 
compressor  while  in  (26b)  a  cosine  wave  is  represented  whose  peak  is  at  the  first  blade  around  the 
compressor.  Thus,  if  the  input  in  (26a)  is  used,  we  have: 

^  cos  [cot  +  Z  GjjjOcd)] 

^  IGn2(jc>)'  COS  [cot  +  Z  G^^jCjco)]  (27) 

Following  the  method  described  in  [22,  ch.  6],  each  output  sinusoid  was  conelated  with 
the  input  sinusoid  and  its  c^uadrature  component  The  results  of  these  correlations  are  then 
combined  to  determine  the  value  of  the  transfer  function  at  the  frequency  of  excitation  co.  For 
example,  if  the  input  is  u^j(t)  =  A  cos  cot  and  Uj^^ft)  =  0,  we  compute  the  corresponding 

correlations  Ic(N)  and  Is(N)  as  follows: 

1  N  A 

M  X  *nl(^T)  cos  (cokT)  j  Gjjj(j(o)  cos  [  Z  G|jj(jco)] 

^  I  ^ 

1  N  i 

Is(N)  -  i  X  »„,(«)  sin  (oikT)  J  G„,(jO))  sin  [  Z  0„,a<D)l 

Ckimbining  the  above  results,  we  find 

-5^Vic^(N)  +  Is^N) 

z  G  0“)  = -“ctan[Is(N)/Ic(N)J 

A 

where  G^^()C0)  is  the  estimated  transfer  function. 
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Figures  5-7  show  typical  results  of  the  fiequency  analysis  by  the  correlation  method  for  the 
rotating  stall  process.  Both  stationary  and  rotating  sinusoids  were  used;  in  the  latter  case  the 
technique  must  be  somewhat  modified  but  still  retains  the  same  properties.  In  Figure  8,  Gni(s) 
and  Gn2(s)  are  combined  to  form  a  derived  version  of  Gn(s)  for  comparison  with  tiic  experimental 
version  in  Figure  7.  The  good  agreement  obtained  further  corroborates  the  validity  of  the  argtimcnt 
that  identification  of  cither  Gnj(s)  or  Gn2(s)  is  sufficient,  since  they  are  essentially  the  same 
transfer  functions  according  to  the  model  of  Eqn.  (23). 

In  addition  to  the  correlation  methods,  spectral  analysis  methods  were  used  to  estimate  the 
same  transfer  functions  G^^^Cjcii)  or  G^Ow).  During  this  sequence  of  experiments,  pseudo-random 

binary  sequences  were  utilized  as  inputs.  In  such  cases  the  input  is  binary,  shifting  between  two 
levels  U|  and  U2  in  a  (pseudo)  random  fashion,  for  example: 

u(t)  =  5  (ui  +  U2)  +  j  (ui  -  U2)  sign  [R(q)  u(t- 1 )  +  w(t))  (30) 


with  w(t)  being  a  computer  generated  white-noise  process  and  where,  by  proper  choices  of  the 
filter  R(q),  different  spectra  can  be  realized.  Using  the  spectral  approach  [22],  the  transfer  function 
estimate  is  the  ratio  between  two  spectral  estimates  as  follows: 


(31) 


with  the  cross  spectrum  of  the  input  u  with  the  output  y  and  the  spectnim  of  u  given  respectively 
by: 


(32) 


1C 

Jw7(5-<iio)|uN(epd5 

-It 


(33) 


where  -  0)q)  is  a  frequency  window  centered  at  4  =  CiJq.  the  frequency  of  interest^  and  y 
describes  the  window  width,  with  a  large  value  corresponding  to  a  narrow  window. 


correspond  to  the  discrete  Fourier  transforms  of  y  and  u  respectively,  and  =  Uj,^(4)  j  • 

In  our  experiments,  the  Blackman-Tukey  procedure  was  apphed  with  a  frequency  window 
of  the  Hamming  type  (see  Appendix).  The  results  of  such  identification  experiments  arc  shown  in 
Figures  9  and  10,  where  the  inputs  were  chosen  to  be,  respecrively; 


U^j(s)  =  PRBS  =  0  and 

U„j(s)  =  0  U^2<^)  =  PBRS  (34) 

The  asymptodc  mean  square  error  is  evaluated  by: 


Gn(c  )-Go(e  ) 


^~M^(Y)|r(co)P  +  ^W(>) 


<I>U(CD) 


(35) 


where  Go(e^^)  is  the  actual  transfer  function  of  the  process,  <I>v  is  the  noise  spectrum,  and  the 

quantities  M^(y),  W(y)  are  as  defined  in  the  appendix.  For  large  y.  M(Tf)  decreases  while  W(y) 
increases;  as  N  the  second  term  on  the  RHS  in  equation  (35)  becomes  arbitrarily  small.  We 
note  that  in  ail  figures  5-10,  the  peak  -  corresponding  to  the  characteristic  rotating  stall  frequency  - 
is  at  about  12  Hz,  which  represents  23%  of  the  rotor  rotation  frequency  in  this  compressor.  In 
conclusion,  our  transfer  functioa  estimation  experiments  using  the  two  methods  outlined  above 
have  shown  remarkable  consistency  and  agreement.  Furthenuore,  their  shapes  suggest  second 
order  system  dynamics  for  each  mode,  cmisistent  with  the  structure  of  our  analytical  nxxiel. 

System  Parameter  Identification 

Once  the  frequency  domain  estunates  of  the  transfer  function  axe  available,  they  can,  in 

turn,  be  used  to  find  the  parameters  of  the  model.  We  use  the  structure  of  the  nominal  model  and  a 


3  Such  “weighting  functions’*  were  concentrued  arexaxi  each  pdefeero  kx:atioo,  as  roughly  anticipated  from 
available  experimental  measurements. 
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type  of  weighted  least-squares  fit  to  the  frequency  domain  estimates  Gnlw)  .  There  are 

many  ways  tiiat  one  could  choose  the  nominal  parameters  to  fit  the  frequency-domain  estimate. 

The  method  that  we  have  employed  here  follows  that  in  [23]  and  is  computationally  efficient,  since 
it  only  requires  the  solution  of  linear  equations. 

The  rotating  stall  modes  are  represented  by  second  order  prcpcr  transfer  functions 


of  the  form 


+  b,z  +  bi 

C(z,  Bq)  —‘i - * - ^ 

z  +  ajz  +  Z2 


(36) 


where  6q  is  defined  as  the  column  vector  of  parameters  Sq  *  [aia2bobib2] 


T 


for  which  we  can  write: 

z^G(z,  Oq)  » [zG(z,  Sq)  G(z,  Sq)  z^  z  1]  (•aj.a2bobib2]^ 

"  [zG(z,  Oq)  G(z,  Sq)  2^  2  1]  00  (37) 

Since  the  parameters  are  assumed  real-valued,  we  define 

Re  (z^Gfz,  0o)}  =  [rc  (zG(z,  Oq)}  Rc  {G(z,  So)}  Re  {2^)  Re  z  l]  Gq 
Im  {z^G(z,  Gq)}  =  [im  {zG(z,  Gq)}  Im  (G(z.  0o))  Im  [z^}  Im  z  l]  Gq  (38) 

Thus,  if  we  know  the  complex  value  of  G(z,  Gq)  for  some  unknown  z,  we  can  find  two  linear 

equations  in  the  parameters.  The  fiequency-domain  estimation  method  in  [23]  yields  an  estimate  of 
the  plant  at  frequencies  for  k^O, ...  N/2,  where  N  is  the  number  (even)  d  distinct  fiequencies 

over  v^h  the  Diacrete  Fooiier  Tiansfotm  (DFT)  is  taken. 
jcOfcT 

Letting  z  *e  forfc^, «.  N/2,  andT  the  sampling  interval,  we  define  an  (N  +  2)  x  5 
matrix  whose  elements  dq>end  upon  the  complex  values  of  some  discrete  fimetion  of  fiequency. 
We  fmm  the  matrix  A  {ofe^^.Gn)}  as  follows: 
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A  {G(e“‘^,9o)}  = 


Re  {e'“°G(e“°’^,0o))  Re  (G(e'“°\0o))  Re  (e^“°^)  Re  le'“°’^|  1 


Re(e'“<^'^>GCe'“<'"’>’',0„)) 


Re  (e^®'®’’ 


)  1 


Im|e^’’G(e'"°’',0o))  Im  (G(e''“°’'.0o))  Im  (e"”®’’)  Im  (e^^  0 


Im  {e'“<''®^G(e^»‘®’',0o)) 


Im  0 


Similarly,  the  (N  2)  vector  B  is  formed  as 


Re(e^^"G(e'“°^,0o)) 


f.J%T  1  Re(e^'"<«®"G<e'"<«®^,0o)) 

I  ,  IjatnT  _ .  jojoT _ 


Im(e''“°’'0(e^“°V)l 


Im  (e''"“‘®''G(e'"»'®\0o) 


Thus,  fixMn  Eqns.  (37)-(40)  we  can  write: 


A  {G(e^®^‘^,eo)}  00  =  B  {G{e^‘^’^.0o)} 

Next,  the  parameter  esomate  %  is  chosen  as  the  vector  that  Tninimiy<»x  the  fiequency 
weighted  norm  of  the  ertw  vector 

A  {GN(a)k)}  (G^coi,)} 

where  the  weighting  matrix  can  be  a  diagonal  matrix 

W»diag{  f(<H^  f(©i)  ....  f{o)(N/2)3  ^(®i)  ••••  ^“(n/2)3  1 

where  {(0)  is  a  finequency  preference  weighting  function. 
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The  paramcicr  estimate  that  minimizes  the  norm  of  the  error  vector  WFA  { GN(t»3k) )  6  - 
is  given  by  the  least  squares  result 

8  =  (a'*'  w’'  W  a)**  a”^  W  B  (44) 

The  results  of  applying  the  above  procedure  to  rotating  staU  are  shown  in  Figure  1 1,  where  the 
dotted  line  represents  the  five-parameter  identified  model,  and  the  solid  line,  the  corresponding 
averaged  experimoitally  obtained  transfer  function.  Similar  results  were  obtained  for  the  second 
mode,  also.  Ftxr  this  experiment  the  values  of  the  five  identified  parameters  are: 

(0^5  =  66.94, 0,^5  *  Y'  /p  =  -6.58,  Pj  =  -5.01,  =*  2.04,  gj  =  -.055  for  the  first  mode,  and  coj^j 

=  157.37, 0^5  » -32.46,  =  -11,57,  Pj  =  -.54,  g  =  -.048.  The  mass  flow  coefficient  was  .475 

for  both. 

The  five  parameters  were  identified  for  bodi  modes  at  various  mass  flow  coefficients  right 
before  stall,  ranging  from  a  mass  flow  coefficient  of  .55  down  to  .475,  which  is  almost  at  stall;  at 
these  extremes,  for  the  first  mode  ranged  from  -  36.38  to  -6.58  whkh  still  represents  a  stable 
point  on  the  cmnpressor  speed  line.  (Df^rangedrespectively  from  50.81  to  71.71  For  mode  2  the 
range  was  from  -93.17  down  to  -32.46  for  and  frran  188.60  down  to  157.37.  The  detailed 

results  ate  shown  in  Tables  1  and  2  respectively. 

Predictably,  the  mode  characteristics  become  less  stable  monotonically  (t^)  and  more 
oscillatoiy  (lightly  danqwd)  -  -  with  lower  flow  coefficients.  However,  examination  of  the 

second  mode  shows  that  it  is  consideiably  mote  stable  and  oscillatoiy  than  the  first  mode.  The 
oscillatoiry  behavior  does  not,  however,  exhibit  a  monoionic  trend  through  various  flow 
co^fidotts.  This  is  eiqiected,  since  phase  is  usually  not  as  accurately  observed;  in  addition, 
indivklual  mode  phase  may  be  mote  sensitive  to  the  ixesoice  of  higher  modes  (spatial  aliasing). 
Although  we  have  not  pursued  identification  of  higher  order  modes,  it  is  expected  that  these  trends 
will  i^ly  to  diose  as  well.  If  this  is  truly  the  case,  then  control  can  be  achieved  with  just  a  limited 
numbered  modes.  Indeed,  as  will  be  discussed  in  the  next  section,  we  were  able  to  control 
rotating  stall  with  mily  one  or  two  modes. 
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Another  important  observation  supported  by  ail  the  phase  plots  in  all  the  figures  is  how 
well  the  identified  model  phase  agrees  with  that  of  the  experimentally  determined  transfer 
functions.  It  is  remarkable  that  the  parameter  g  remains  essentially  constant  at  about  .06  for  the 
majority  of  flow  coefficients  in  both  modes.  This  further  corroborates  the  model  structure  and  the 
intended  modeling  function  of  the  parameter  g.  Indeed,  since  this  is  supposed  to  capture  a  spatial 
phase  -  turned  into  time  lag  -  its  value  should  remain  reladvely  unchanged  for  the  range  of  cases 
cemsidered  here.  To  summarize,  the  above  described  idendficadon  experiments  validate  the  model 
structure,  as  represented  in  Eqn.  (22),  including  the  pure  phase  term  for  the  spadal  lag. 

The  preceding  idendficadon  procedures  have  been  open  loop  sine*;  the  (^>eradng  points 
were  chosen  at  mass  flows  at  stable  -  before  stall  —  regions  of  the  compressor  characteristic. 
However,  model  validadon  notwithstanding,  parameter  idendficadon  is  really  needed  at  die 
unstable  post-stall  points  for  which  a  controller  has  to  be  designed.  Work  has  presently  been 
competed  [24]  on  closed-loop  parameter  identification  experiments  at  stall  and  beyond,  by 
incrementally  advancing  to  lower  mass  flow  operating  points  using  information  from  the 
immediately  preceding  stabilized  ones.  With  the  newly  available  infonnadon.  robust  compensadon 
can  be  designed  which  wUl  reliably  control  stall  well  beyond  the  currently  achieved  flow  coefficient 
of  0.35.  In  the  process,  it  is  also  possible  to  address  a  number  of  interesdng  issues  regarding 
limits  to  achievable  performance  via  aedve  control  stabilization  of  rotating  stall.  The  basic  question 
which  underlies  such  considerations  at  these  mme  extreme  conditions  is  which  is  the  first  barrier  to 
furdier  performance  m^novement  using  active  control:  (1)  loss  of  model  validity,  including  the 
violation  of  linearity,  or  Qi)  loss  of  control  authority  including,  apan  from  the  model  controllability, 
limits  on  actuatioo  bandwiddL  Surely,  there  are  also  a  number  of  pure  fluids  issues  to  be  resolved, 
such  as  the  validity  of  inoomptessibility  assumption,  etc.  These  are  discussed  in  mote  detail  in 
[21],  The  bottixn  line  is  that,  widi  active  control,  the  horizon  of  such  basic  investigations  is 
substantially  expanded. 
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Fxoerimental  Control  of  Rotating  Stall 


The  first  attempt  at  controlling  rotating  stall  experimentally  utilized  a  simple  proportional 
control  law  of  the  form 

=  (45) 

which,  when  substituted  in  equation  (24),  results  in  the  closed  loop  system: 


S 

.^2. 

L 

[a 


(46) 


V'/p-kbj  %s  -  ^2 

-©j^j  +  kbj  V'/P-gbj 

Qearly,  the  system  in  Eqn.  (46)  can  be  stable  for  appropriate  values  of  k.  Since  b^,  62  were  not 
exactly  known  at  the  time  this  was  attempted,  a  trial  and  error  procedure  was  employed  for  values 
of  k  that  stabilized  (46)  experimenodly.  Also,  various  spatial  phases  were  tried  [as  indicated  in 
equaticm  (253)]  until  a  combination  was  found  that  stabili^  the  system  best  The  criterion  was 
damping  ratio  enhancement  measured  using  the  PSD  of  the  closed  loop  process  at  a  stable  but 
underdaziq)ed  operating  point  of  the  conqpressor.  A  gain  k  of  5  degAn/s  was  chosen  and  a  spatial 
phase  of  60  deg  was  deemed  best  Figure  12  shows  the  overall  system  damping  behavior  for 
various  values  of  phase.  (For  more  details  on  this  experimental  procedure,  the  reader  is  referred  to 


[21].) 

MTith  this  sinq)le  prop<»tional  control  law,  using  only  first  mode  feedback,  rotating  stall 
was  stabilized  and  the  staUe  range  of  compressor  operation  was  extended.  The  flow  coefficient  at 
stall  was  reduced  by  1 1%,  down  to  0.375  from  the  stalling  value  of  0.43,  as  shown  in  Hgurel3. 
Closer  study  of  the  transient  data  indicated  that  die  second  spatial  Fourier  coefficient  was  actually 
growing  at  stall  incqption  when  the  contrcd  was  on  (Figure  14).  This  was  in  good  agreement  widi 
die  lineariQ^c^  the  assnnied  model  at  stall  inception.  When  the  second  mode  was  also  used  for 
feedback,  the  resulting  two-mode  proponional  contrtd  law  further  extended  the  stable  range  of 
operation  of  dw  compressor.  Stall  flow  coefificient  was  reduced  by  20%  to  0.35  below  the  natural 
stall  flow  coefficient  (Figure  15).  Thisoontrollerusedagainof5deg/m/sfarbothmodeswitha 
spatial  phase  of  53*  and  90*  for  the  first  and  second  modes  req[)ectively. 
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The  results  provide  compelling  qualitative  support  for  the  model  structure  and  for  the 
sensing,  feedback  and  actuation  schemes  used.  It  is  qualitative  because  only  the  qualitative  nawre 
of  the  system  behavior  -  the  structure  of  the  model  and  not  its  detailed  behavior  -  were  used  in  the 
control  design. 

Clearly,  a  dynamic  model  with  well-defined  parameters  allows  for  the  systematic  design  of 
robust  (dynamic)  controller  structures  that  could  improve  performance  further  and  guarantee 
stability  robustness  against  ambient  system  disturbances.  A  rigorously  designed  control  algorithm, 
with  carefully  chosen  structure  and  parameter  values,  can  predictably  stabiliac  all  modes.  For 
example,  if  one  looks  at  the  exponential  term  potentially  causing  the  instability,  as  is  also  refieaed 
in  the  solutions  of  equation  (17),  it  is  seen  that  the  system  goes  unstable  when  the  term  y'  /p 
becomes  positive.  Given  the  definition  of 


together  with  the  compressor  fluid  inertia  parameter  p.  as  defined  by 


p,«X,+ 


stators 


bx. 


os2(Y,)r 


bxj  stater  characteristic  parameter  (48) 


and  with  X,  the  rotor  fluid  inertia  parameter,  defined  by 


cos%jj)r 


bXj^;  rotor  characteristic  parameter  (49) 


rotors 

one  sees  by  substituting  in  Eqn.  (47)  the  expressions  of  Eqns.  (48),  (49),  that  the  value  of  P 
ranges  between  an  upper  and  a  lower  bound,  as  n  varies  from  1  to  <».  With  this  information,  in 
principle,  a  robust  controUer  can  be  designed  to  stabilize  most  modes,  since  an  upper  bound  on  the 
insabUity  rate  can  be  precisely  defined.  Knowledge  of  the  instability  range,  together  with  the 
precise  definition  oi  the  five  system  parameters,  is  crucial  in  realizing  substantial  further 
perfonnance  improvements  with  |vedicuble  overall  system  robustness  properties. 
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Conclusions 


An  analytical  ODE  mcxlel  for  control  was  developed  from  the  generic  fluids  partial 
differential  equation  describing  rotating  stall  at  inception.  The  model  structure  was  validated  by 
extensive  open-loop  identification  experiments  at  pre-stall  flow  conditions.  Additionally,  key 
model  parameters  were  identified.  Further  validation  of  the  derived  model  structure  was  provided 
by  the  success  of  a  simple,  proportional  feedback  control  law,  whose  parameters  were  empirically 
set  via  successive  experimentation. 

The  modeling  approach  taken  here  is  quite  generic  and,  therefore,  applicable  to  more 
complex  machines  whose  unsteady  fluid  disturbances  need  to  be  subilized  for  performance 
enhancement,  i.e.  operation  beyond  traditionally  set  surge  lines.  In  addition,  the  disturbances 
(rotating  stall)  presently  studied  have  been  characterized  by  good  identifiability  properties,  given 
the  quality  of  the  results  obtained-  This  is  promising  for  further  investigation  and  understanding  of 
the  basic  fluid  processes  at  very  low  flow  coefficients,  in  conjunction  with  active  stabilization.  It  is 
also  similarly  challenging  for  the  control  modelerAheorisL 

A  number  of  questions  regarding  fundamental  limits  to  performance  improvement,  model 
and  associated  assumptions  validity,  bandwidth  and  other  implementation  limitations,  have  started 
being  addressed.  Unquestionably,  the  horizons  for  basic  research  have  been  considerably 
expanded  pursuant  to  the  present  work.  The  interdisciplinary  collaboration  between  compressor 
and  control  engineers  has  been  challenging  and  rewarding.  Our  successful  experience  so  far,  apart 
from  its  potential  to  effect  dramatic  changes  in  the  engines  industry,  has  opened  new  avenues  for 
basic  research  in  both  fluids  and  control  -  in  areas  not  attempted  before,  such  as  large  scale  PDE 
pioc^ses,  in  general  -  which  hold  significant  promise  for  future  technological  achievements. 
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Parameter  Identification  of  Compressor  Dynamics 
During  Closed-Loop  Operation 

J.  Paduano,  L,  Valavani,  A.H.  Epstein 
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Massachusetts  Institute  of  Technology 
Cambridge,  Massachusetts 

Abstract 

A  low-speed  axial  research  compressor  has  been  fitted  with  movable  inlet  gi  ide 
vanes  to  allow  for  feedback  stabiliration  of  rotating  stall.  A  model  exists  whose 
structure  captures  the  input-output  behavior,  and  stabilization  of  rotating  stah  is 
possible  using  this  model.  Quantitative  identification  of  the  parameters  in  the  rotating 
stall  model  requires  the  ability  to  identify  MIMO  dynamics,  which  may  be  unstable, 
during  closed  loop  operation.  The  'instrumental  variable’  technique  is  presented  as  the 
basic  approach  to  this  problem.  The  necessary  extensions  to  the  basic  technique  are 
discussed,  and  tiie  resulting  algorithm  is  applied.  Experimental  results  are  presented 
which  verify  that  the  methodology  yields  useful  estimates. 
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transfer  function  between  Uij^(s)  and  yz^Cs).  (7) 

dynamics  in  the  feedback  path  of  closed  loop  system  (Figure  4) 

dynamics  in  forward  path  of  closed  loop  system  (Figure  4) 

time  index  for  discrete  systems 

term  to  be  minimized  in  the  log-likelihood  function  (30) 

spatial  mode  number 

time,  seconds 

external  input  for  discrete  SISO  closed-loop  system  (30,  Figure  4) 

n  spatial  cosine  and  sine  coefficients  of  the  external  input  (Figure  4) 

input  of  discrete  SISO  model  (13) 

n^  spatial  cosine  and  sine  coefficients  of  5y,  (5) 

output  of  discrete  SISO  model  (13) 

n*^  spatial  cosine  atid  sine  coefficients  of  50,  (5) 

poles  of  A(z)  whose  magnitudes  are  >  1(32) 

dummy  signals  used  in  derivation  of  closed-loop  prediction  (Section  2.4) 
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vector  of  instruments  in  AML  method  (29) 
parameter  vector  in  AML  method  (27) 

n^  spatial  Fourier  coefficient  of  dy,  (3) 

perturbation  quantity 

circumferential  distribution  of  IGV  deflection,  degrees 
additive  (colored)  noise  random  process  (13,  21) 
circumferentially  non-uniform  0  perturbation,  (2) 
compressor  axial  flow  coefficient,  (1) 

annulus  averaged  flow  coefficient,  (2) 

n*^  spatial  Fourier  coefficient  of  S^,  (3) 

regressors  vector  (system  inputs  and  outputs)  in  IV  prediction  (14) 

regressors  matrix  for  rotating  stall  n^^  mode  (36) 

circumferential  position,  radians 

parameter  vector  in  FV  prediction  equation  (14) 

stability  parameter  for  n^  mode  of  continuous  rotating  stall  model  (8,10) 

rotation  frequency  for  n^  mode  of  continuous  rotating  stall  model  (8,10) 

white  noise  random  process  (21) 
vector  of  instruments  in  IV  method  (16) 

matrix  of  instruments  for  rotating  stall  n^  mode  (37) 

regressors  vector  in  AML  method  (27) 


(  •  )  prediction  or  estimation 

(  ■  y  filtered  version  of  argument 

T 

(  •  )  transpose 

(  •  )^  n^  mode  version  of  the  argument 

(  •  y  alternate  signal  which  is  highly  correlated  with  the  argument 

(  •  )i  i^  column  of  matrix  argument,  i*^  element  of  vector  argument 

(  •  )ij  (i,j)  element  of  matrix  argument 

E{  •  }  Expected  value 

Z{  ■  }  Z-transform 

Z-i{  •  }  inverse  Z-transform 


IGV  inlet  guide  vane 

IV  instrumental  variable 

RTV  refined  instrumental  variable 

AML  approximate  maximum  likelihood 

NF  noise-free 

TR  test-repeat 

ML  maximum  likelihood 

ROC  region  of  convergence 

ac  andcausal 

sne  stable,  noncausal 

uc  unstable,  causal 

’^ac  unstable,  anticausal 
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1  Introduction 

Rotating  stall  is  a  fluid  mechanical  phenomenon  which  besets  axial  compressors 
at  low  flow  conditions.  It  is  characterized  by  a  severely  non-axisymmetric  distribution 
of  axial  velocity  around  the  annulus  of  the  compressor,  taking  the  form  of  a  wave  or 
'stall  cell',  which  propagates  in  the  circumferential  direction  at  a  fraction  of  the  rotor 
speed.  Because  the  nonuniformity  travels  with  respect  to  both  the  rotor  and  stator 
vanes,  both  are  subject  to  large  amplitude  unsteady  velocities  and,  thus,  loading  which 
can  cause  vibration,  fatigue,  and  severe  heating.  Additionally,  rotating  stall  in  jet 
engines  reduces  the  thrust  and  often  leads  to  surge,  an  even  more  severe  and 
debilitating  instability  involving  the  entire  compression  system. 

The  transition  from  normal  compressor  operation  into  rotating  stall  is  depicted 
on  a  typical  compressor  pressure  rise-mass  flow  characteristic  in  Figure  1.  This  plot 
relates  the  nondimensionalized  flow  rate  -  known  as  flow  coefficient,  ^  -  to  the 
nondimensional  pressure  rise.  The  lowest  flow  rate  at  which  the  compressor  can 
operate  with  axisymmctric  flow  is  point  A,  the  peak  of  the  characteristic.  At  lower  flow 
coefficients,  an  abrupt  transition  occurs  into  rotating  stall  (point  B).  This  condition 
will  persist  until  the  flow  is  increased  to  point  C.  Thus,  there  exists  a  severe 
'hysteresis',  that  is,  range  of  flow  coefficients  at  which  two  stable  operating  conditions 
exist  -  one  of  which  is  undesirable  and  often  unsafe. 

Traditionally,  stall  has  been  avoided  by  avoiding  o^  eration  near  point  A.  This 
solution  necessitates  leaving  an  ample  'stall  margin',  so  that  transients  in  flow  rate  and 
ingestion  of  non-axisymmetric  or  otherwise  disturbing  flow  will  not  drive  the  system  to 
the  rotating  stall  operating  condition.  A  concomitant  performance  penalty  is  paid, 
because  the  highest  pressure  rise  and,  sometimes,  the  highest  efficiency  lie  at  a  flow 
coefficient  below  the  minimum  imposed  by  the  stall  margin  requirement.  It  is, 
therefore,  of  interest  to  reduce  the  minimum  allowable  flow  coefficient,  without  putting 
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the  system  in  danger  of  stall  and/or  surge. 

This  is  the  motivation  for  a  number  of  recent  papers,  which  describe  the 
phenomenology  [1,2,3],  fluid  mechanics  [4,5,6]  and  active  control  [6,7,8]  of  rotating 
stall.  In  this  paper,  we  will  take  the  results  of  these  papers  as  a  starting  point,  giving 
only  a  brief  description  of  the  active  control  results  and  the  model  presented  in  [7,8]. 
We  will  then  present  techniques  for  identification  of  the  model  parameters. 

1.1  Active  Control  of  Rotating  Stall 

Consider  the  schematic  diagram  of  an  axial  compressor  in  Figure  2.  It  consists 
of  an  upstream  annular  duct,  a  set  of  inlet  guide  vanes  (IGVs),  a  compressor,  a 
downstream  annular  duct,  and  a  throttle.  Normally,  flow  through  the  compressor  is 
circumferentially  uniform  (axisymmetric),  and  a  single  non-dimensional  measure  of 
fluid  velocity  determines  the  system  state.  This  measure  is  the  flow  coefficient,  which 
is  axial  velocity  normalized  by  rotor  speed  at  the  mean  radius; 

4,  =  ■■(ixial.-velpci  tv) 

^  (rotor  speed)  '  ''  '' 

Under  certain  conditions,  however,  the  flow  through  the  compressor  can  become 
non-axisymmetric  -  that  is,  circumferential  'waves’  of  perturbation  flow  coefficient,  50, 
can  exist.  In  this  case,  the  system  can  be  completely  characterized  by  two  terms:  the 
annulus  averaged  flow  coefficient,  and  the  circumferential  perturbation  on  this 
average  at  some  axial  station: 

0  =  0  +  50(a,t),  (2) 

where  9  is  circumferential  position  and  t  is  time.  Velocity  waves  50  will  tend  to 
propagate  around  the  annulus  in  the  direction  of  rotor  rotation.  The  time  evolution  of 
these  waves  determines  the  stability  of  the  system.  If  they  damp  out  with  time,  the 
system  is  stable  and  will  return  to  axisymmetric  operation.  If  they  grow,  the  system  is 
unstable  and  the  waves  will  continue  to  grow  until  nonlinear  effects  take  over-this 
condition  is  known  as  rotating  stall,  and  usually  consists  of  one  or  more  'stall  cells' 
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rotating  around  the  annulus  at  a  fraction  of  the  rotor  speed. 

Recently  [7,8],  active  control  was  successfully  applied  to  this  problem  in  a  low- 
speed  single-stage  research  compressor.  The  experimental  setup  is  shown  in  Figure  3. 
Eight  hot  wire  anemometers,  arranged  around  the  annulus  near  the  compressor  face, 
measure  the  velocity  perturbations.  A  digital  computer  processes  these  signals  and 
creates  a  feedback  signal  to  a  set  of  12  movable  inlet  guide  vanes  (IGVs).  The  IGVs 
are  individually  mounted  on  digitally-controlled  high-bandwidth  (80  Hz)  servomotors. 
This  allows  independent  control  of  the  IGV  incidences,  8y^.  For  the  wave  shapes  that 
arc  of  interest  in  our  experiment,  these  12  blade  deflections  around  the  circumference 
can  be  considered  as  a  continuous  'actuation  wave',  57(0,t).  This  actuation  wave  can  be 
commanded  in  response  to  the  measured  wave  of  perturbation  axial  velocity  -  a 
feedback  scheme  which  allows  the  compressor  to  operate  axisymmctrically  at  values  of 
^  which  would  normally  be  unstable  to  flow  perturbations  5^6,t). 

References  [6-8]  present  a  model  for  the  input-output  dynamics  of  this  system, 
which  will  be  reviewed  briefly  in  Section  1.2.  Although  the  structure  of  this  model 
captures  the  experimentally  observed  behavior  extraordinarily  well,  quantitative 
prediction  of  system  dynamics  is  not  as  yet  possible  a  priori.  Instead,  experimental 
searches  and  parameter  identification  techniques  are  used  to  aid  in  control  system 
design.  Parameter  identification  using  spectral  analysis  techniques  allows  open-loop 
dynamics  to  be  determined  [7],  but  such  methods  fail  during  closed-loop  operation.  In 
order  to  extend  the  operating  range,  it  becomes  necessary  to  identify  the  unstable 
dynamics;  this  identification  must  necessarily  be  done  during  closed-loop  operation. 
Information  about  unstable  compressor  dynamics  is  also  of  interest  from  a  experimental 
fluid  mechanics  point  of  view;  such  information  has  never  before  been  measured. 

This  paper  presents  the  results  of  applying  an  instrumental  variable  parameter 
identification  procfdttre  to  the  active  control  research  compressor  during  closed-loop 
operation  at  various  values  of  ^  (some  of  which  are  unstable).  The  instrumental 
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variable  (TV)  technique  [10]  was  chosen  for  this  study  because  of  its  flexibility.  For 
instance,  it  can  be  adapted  to  MIMO  or  non-standard  systems.  Also,  with  proper 
filtering,  the  IV  estimates  can  be  made  to  approach  the  maximum  likelihood  estimates. 
Finally,  with  careful  choice  of  instruments,  the  problems  normally  associated  with  IV 
identification  during  closed-loop  stabilization  can  be  alleviated.  These  issues  will 
presented  in  Section  2,  after  a  brief  description  of  the  system  dynamics.  In  Section  3, 
experimental  results  will  be  shown  for  the  active  control  research  compressor. 


1.2  Dynamic  System  Description 

As  described  above,  we  assume  that  the  system  state  can  be  completely 
characterized  by  ^  and  the  perturbation  50(0,t)  at  some  axial  station.  ^  can  be  fixed  in 
an  experimental  environment  by  a  throttle  downstream  of  the  compressor.  This  defines 
the  system  operating  point,  and  'equilibrium'  is  defined  as  axisymmetric  flow,  i.e. 
50-0.  We  are  interested  in  the  dynamics  of  50(9.1)  and  the  stability  of  the 
equilibrium  point.  We  are  also  interested  in  the  forced  dynamics  of  this  system,  that  is, 
the  transfer  characteristics  between  57<6,t)  and  50(6,t). 

References  [5-7]  present  a  linearized  fluid  mechanical  model  for  this  distributed 
system.  It  can  be  shown  that  this  model  has  a  modal  structure  which  allows  the  system 
to  be  'diagonalized'  as  follows:  If  we  represent  the  functions  50  and  5/  in  terms  of 
their  spatial  Fourier  series: 


5^0,t)  =  ^?j^(t).ej"® 


n^ 


=  ^ 

n^ 

then  the  transfer  characteristics  between  and  are  completely  decoupled,  i.e. 


(3) 


?n(s)  =  G„(s)- V*).  for  n  =  •  • .  -2,  -1.  1.  2,  •  •  •. 


(4) 
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This  represents  a  tremendous  simplification  of  the  distributed  dynamics  and  allows 
standard  control  techniques  to  be  applied.  Funhermore,  the  system  dynamics  are 
dominated  by  the  lower  modes;  by  feeding  back  only  the  first  few  modes  (|nl=l,2,3), 
substantial  improvement  in  operating  range  can  be  achieved  [7,8]. 

The  system  diagonaiization  can  also  be  represented  in  terms  of  Fourier  sine  and 
cosine  coefficients,  so  that  all  terms  in  the  equations  are  real.  If  we  represent  the  input 
and  output  functions  as 

50(0,t)  =  V  yi^(t)  cos(nfl)  +  V  y2jj(t)  •  sin(n0), 
n>0  n>0 


5r(0.t)  =  ^  uij^(t)  cos(n0)  +  ^  U2j^(t)  sin(n0}, 
n>0  n>0 


then  the  transfer  characteristics  become 


where  T^^fs)  is  skew-symmetric  because  of  the  symmetry  of  the  annulus: 


r  T  M 1  - 1  • 


G„(s)  =  Ci,n(s)+j-Gin(s) 

The  structure  of  Gj^Cs)  is  predicted  by  the  fluid  mechanical  model,  and  is  best  expressed 
by  giving  the  ODE  for  the  system.  Again,  we  can  use  either  the  complex  Fourier 
coefficient  representation  or  the  real  MIMO  representation: 


+  (b,  +  j-bi)„r„ + r„ 
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or,  using  the  identities  0^^=  i(yi^  -  j  y2„)  and  r^=  Kui„  -  j  u^^): 


■yin 

cr 

■yin 

LyaJ 

.  Wrs 

a 

n 

Ly^nJ 

1 

'%■ 

[bi  b,J 

n 

L%J 

o 

» 

OQ 

_ ■ 

OQ 

O 

1 _ 

n 

(9) 


These  two  representations  each  have  their  advantages:  The  complex  form  is  compact 
and  contains  no  redundant  parameters.  It  also  automatically  satisfies  the  symmetry 
conditions  in  the  annulus.  The  real  system,  on  the  other  hand,  is  standard  firom  the 
point  of  view  of  control  theory  -  it  has  no  complex  numbers,  and  the  two-state  nature  of 
the  system  is  clear  consists  of  a  phase  and  a  magnitude,  so  the  system  (8)  isn't 
strictly  SISO). 

The  physical  significance  of  and  can  be  seen  by  substituting  the 
homogeneous  solution  to  (8)  into  (3),  for  some  mode  n: 


m.t)  j  ■  =  ei'"®  *  ■  c"" 


(10) 


The  second  equality  shows  that  t  alters  the  phase  of  the  wave,  causing  it  to  rotate; 
thus  is  the  'rotating  stall  frequency’  for  the  n^  mode.  It  is  also  clear  that  ff^^  t 
alters  the  size  of  the  rotating  wave  in  (10);  thus  is  the  rotating  stall  stability 
parameter  for  the  n**'  mode. 

Techniques  exist  to  convert  these  continuous  state- space  systems  to  discrete 
systems  for  the  purpose  of  identification  using  digitally  sampled  data  [9].  In  this  paper 
we  will  convert  freely  from  continuous  to  discrete-time  systems  and  back  without 
emphasizing  the  details  of  such  conversion.  The  discrete-time  equivalent  system  for 
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the  above  dynamics  can  be  written  as: 


■yin‘ 

Bn(2) 

■  ■ 

LyznJ 

%w  J 

+  v(z) 


where 


Ajj(z)  =  (1  +  aiz-i  +  a2Z-2)j^, 


ill) 


(bi  +  b2Z-i)(l  +  z-i)  -(b3  +  b4Z-i  +  b5Z-2) 

.  (b3  +  b4Z-i  +  b5Z-2)  (bi  +  b22-i)(l  +  zr-i) 


n, 


z  is  the  Z-transform  variable  and  n  is  the  mode  number.  We  have  also  added  v(k)  to 

model  disturbances.  We  will  be  concerned  here  with  the  identification  of  the  parameter 

/ 

set 


©n  ~  ^2  ^2  ^3  b4  n=l,  2,  •  •  •  .  (12) 

The  discrete-time  parameters  0^^  can  subsequently  be  converted  to  the  continuous 
domain,  giving  0^^,  bj,  and  g^  in  (8)  and  (9).  We  would  like  to  accomplish  this 
identification  task  for  unstable  dynamics,  during  closed-loop  stabilization.  Section  2 
describes  our  approach  to  this  problem. 


2  Instnunental  Variable  Method 

The  organization  of  this  section  is  as  follows:  Section  2.1  reviews  the  basic  IV 
method  for  SISO  systems.  Section  2.2  outlines  Young's  Refined  IV  -  Approximate 
Maximum  Likelihood  (RIV-AML)  method.  Modifications  to  this  approach  necessary 
to  handle  the  closed  loop  case  are  discussed  in  Section  2.3,  and  modifications  for 
unstable  plants  are  discussed  in  Section  2.4.  Finally,  a  brief  discussion  of  how  the 
MIMO  estimation  for  the  rotating  stall  system  is  efficiently  computed  appears  in 
Section  2.5. 
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2.1  Basic  rv  Procedure 

Consider  the  system 

y(z)  =  ■  u(z)  +  viz)  (13) 

where: 


A(z)  =  (1  +  ajZ-i  +  a2Z~2  +•••). 

B(z)  =  (bj  +  b22ri  +  h^zr^  +  ■  ■  ■), 

and  v(k)  represents  the  (possibly  colored)  noise  corrupting  the  measurements.  We  can 
build  a  one-step-ahead  predictor  for  this  system: 

y(k)  =  d)^(k)-4  (14) 


where: 


«D(k)  =  [.y(k-l)  -y(k-2) 


u(k)  u(k-2)  u(k-2)  ...]\ 


A  A  A  AAA  T 

0  =  [  ai  a2  •  •  •  bi  b2  b3  •  •  •  ]  , 

A 

and  the  (  )  indicates  prediction  or  estimation.  The  prediction  error  can  then  be  written 
as 

T  A 

(15) 


e(k)  =  y(k)-<I>’^(k)-4 


The  instrumental  variable  (TV)  method  [10]  finds  the  value  of  0  which  will  cause  the 


error  to  be  uncorrelated  with  some  chosen  set  of  instruments 

C(k)  =  [Ci(k)  CzCk)  -  ll 
This  condition  can  be  written  as  follows: 


(16) 


^  =  sol|  ^^C(k)-c(k)  =  0  |.  (17) 

where  sol{  • }  indicates  that  ^  is  the  value  of  0  for  which  the  equation  in  brackets  is 
satisfied.  Substituting  in  equation  (IS): 
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The  philosophy  of  the  IV  approach  is  this;  if  the  instruments  are  chosen  to  be  related 
to  the  system  inputs  and  outputs,  and  0  does  not  satisfy  (17),  then  there  is  additional 
information  about  the  input-output  dynamics  left  in  the  prediction  error.  Therefore,  a 
good  estimate  of  0  should  extract  this  information,  making  the  correlation  in  (17) 


disappear. 

The  solution  to  (18)  is 


N 


k=l 


(19) 


The  rV  method  will  have  good  convergence  and  consistency  properties  if  the  following 
two  conditions  are  met: 


N 


^  ^(k)d>  *  (k)  nonsingular 
k=l 


r  N 


^  C(k)v(k) 


=  0 


(20a) 


(20b) 


Condition  (20a)  guarantees  invertibility  in  (19),  and  also  indicates  that  ^  is 
correlated  with  the  system  dynamics,  which  is  necessary  for  equation  (17)  to  yield  good 
estimates.  In  fact,  if  then  (20a)  is  satisfied  trivially  and  the  estimate 

becomes  the  least-squares  estimate  of  0. 

Condition  (20b)  specifies  that  the  instruments  be  uncorrelated  with  the  noise,  so 
that  colored  noise  will  not  corrupt  the  estimates.  This  condition  is  often  not  met  in  the 
least-squares  case  (  C(k)  =  ®(k) ),  hence  the  need  for  a  different  set  of  instruments  [10]. 
Prerfiltered  versions  of  the  elements  of  C>(k)  arc  usually  used  in  this  case.  Ljung  [10] 
gives  a  complete  description  of  the  IV  method,  its  convergence  and  consistency 
properties,  and  methods  for  constructing  instruments  which  arc  uncorreiated  with  the 
noise. 
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2.2  Young’s  Refined  Instnin^ntal  Variable  -  Approximate  Maximum  Likelihood 
(RIV-AML)  Technique  [11] 

Many  filtering  schemes  have  been  proposed  for  constructing  the  instruments 
C(k)  in  the  FV  procedure.  Young  [11]  has  developed  a  particularly  attractive  set  of 
pre-filters  and  instruments  in  the  context  of  maximum  likelihood  estimation,  for  the 
following  noise  model: 

V(2)=  (21) 

In  this  formulation,  both  C(z)  and  D(z)  are  monic,  and  <^(k)  is  an  uncorrelated  sequence 
with  Gaussian  amplitude  distribution  over  the  sample  interval: 
i~N(0.I2-I)  ^=[.'(1),^(2),  •••..^(T)]. 

In  Young's  approach,  the  input-output  data  is  first  pre-filtered,  which  introduces 
a  new  set  of  variables: 


yf(2)=^.y(z)  ;  uf(z)H5s^-U(z)  ;  5f(z)  = uf(z)  (22) 

Young  shows  that,  with  these  definitions,  the  maximum-likelihood  estimate  can  be 
stated  as  the  solution  of  an  IV  problem: 


N  -|-1 

^^C(k)<l>T(k) 


1 

N 


N 

^  C(k)yf(k) 


where  (23) 

C(k)  =[  -yf(k-l)  -y^(k-2)  •  •  •  uf(k)  uf(k-l)  uf(k-2)  •  •  ■  ]^ 
and 

Of(k)  =  (-yf(k-l) -yf(k-2)  •••  uf{k)  uf(k-l)  uf(k-2)  •  •  •  ]^, 

In  other  words,  if  the  above  defined  variables  and  instruments  are  used,  then  0  is  the 
maximum  likelihood  estimate.  This  is  called  the  refined  IV,  or  RTV,  estimate. 

Of  course,  the  polynomials  A(z),  B(z),  C(z),  and  D(2)  in  equation  (22)  are  not 
known  a  priori.  Initial  estimates  of  these  must  be  made,  and  the  RTV  method  applied 
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Iteratively  to  improve  the  estimates  The  parameters  m  0  constuuic  the  updates  tor  A 

A 

and  B  in  such  a  scheme,  so  iteration  on  0  is  sufticicni  as  a  search  on  the  maximum 
likelihood  estimates  of  A  and  B.  C  and  D.  on  the  other  hand,  arc  not  estimated  by  the 
procedure.  Therefore,  an  estimation  algorithm  for  C  and  D  must  be  added  to  the 
iteration. 

Young  provides  an  approximate  maximum  likelihood  approach  to  do  exaetJy 
that.  It  provides  a  way  to  estimate  C  and  D.  based  on  the  current  estimates  of  A.  B.  C, 

A 

and  D.  The  basic  philosophy  is  to  form  an  error  term  based  on  the  current  estimates  A 

A 

and  B.  This  cnor  term  is  then  considered  to  be  the  output  of  a  dynamic  system  driven 
by  white  noise,  and  the  dynamics  arc  esnrr  .cd  using  a  procedure  similar  to  the  RIV 
procedure  described  above.  The  specifics  of  this  procedure,  called  approximate 
maximum  likelihood  (AML),  arc  as  follows. 

We  fust  take  the  prediction  error  etk)  in  (15)  as  a  measurement  of  vtk): 

=>  v(z)  =  y(z)  -  y(z)  (24) 

=  c(z). 

The  dynamics  in  (21)  arc  then  written 

D{z)- v(z)  =  C(z)-^(z).  (25) 

A  ’one-step-ahead  predictor'  for  this  system  is 

A  “TA 

v(k)  =  9  rj  (26) 


where; 

-0(k-l)  -C(k-2)  --  <^(k-l)  ^(k-2)  •  • 

T 

7?  =  [  dj  d2  •  Cj  C2  •  •  ) 


(27) 
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To  compute  an  approximate  maximum  likelihood  estimate  of  the  noise  system,  prefihcr 
as  follows; 


A,  1  A 

vf(k)  = v(k) 

C(z) 

tf(k)  =  -i - ^(k)  =  -giiI-V(k) 

C(z)  C(z) 

The  estimate  for  the  noise  model  is  then; 


A 

v  = 


N 


^'^p(k)/(k) 
■  k=l 


N 

P(k)v(k) 

k=l 


(28) 


where:  (29) 

^k)  =  [  -^(k-1)  -V-2)  •  ••  t^(k-»)  ?f(k-2)  •  •  ■ 

The  notation  here  has  been  made  as  similar  to  the  IV  notation  as  possible,  to  show  the 

parallel  between  this  procedure  and  the  RFV  procedure  described  above.  Note  that  we 

A  A  A  A  A 

use  some  set  of  past  estimates  A,  B,  C.  and  D  to  allow  us  to  best  estimate  J),  which  is 

the  updated  estimate  for  C  and  D.  Young  gives  more  detail  about  the  properties  of  the 
estimates,  and  also  gives  a  recursive  algorithm  for  its  application. 

We  now  have  an  estimation  procedure  for  C  and  D,  which  can  be  integrated 
into  the  iteration  for  the  maximum  likelihood  estimates  of  A  and  B.  The  complete 
RTV-AML  recursion  algorithm,  then,  is  111] 

AAA  A 

1.  Begin  with  initial  estimates  for  A(z),  B(z),  C(z),  and  D(z). 

A  A 

2.  Use  the  AML  procedure  (equations  (24)-(29))  to  update  C  and  D. 

A  A 

3.  Use  the  RTV  procedure  (equations  (22)-(23))  to  update  A  and  B. 

A  A 

4.  Go  to  2,  repeat  with  the  new  values  of  A  and  B. 


One  purpose  of  the  filters  in  equations  (22)  is  to  eliminate  as  much  as  possible 
the  effect  of  the  colored  noise  on  the  ouq)uts.  Such  'pre-whitening'  attempts  to  insure 
that  yf(k)  is  uncorrclated  with  the  disturbances  v(k).  yf(k)  must  be  uncorrelated  with 
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v(k)  in  order  to  satisfy  equation  (20b),  because  yf(k)  is  a  part  of  the  instruments.  The 
filtered  inputs  u^(k),  which  make  up  the  remainder  of  the  instruments,  must  .•rlso  be 
uncorrelated  with  v(k)  in  order  to  satisfy  equation  (20b).  During  open-loop  operation, 
this  condition  is  automatically  satisfied,  because  (^(k)  in  equation  (21)  is  uncorrclatcd 
with  u(k).  During  closed-loop  operation,  however,  v(k)  and  u(k)  are  correlated  (this 
will  be  shown  in  the  next  section).  The  above  method  must,  therefore,  be  modified  for 
closed-loop  identification.  This  is  the  subject  of  the  following  section. 


2.3  Choice  of  Qosed-Loop  Instruments 

Figure  5.3  shows  the  layout  and  notation  for  closed-loop  operation.  The  system 
dynamics  remain  as  in  equation  (13).  In  addition,  we  introduce  the  external  input 
signal,  r(k),  and  the  following  feedback  law: 

u(z)  =  Gs(z)  •  [  r(z)  -  Gc  •  y(z)  ],  (30) 


where  Gc(z)  and  Gs(z)  are  rational  transfer  functions  representing  dynamics  in  the 
feedback  and  forward  path.  For  the  rotating  stall  controller,  these  dynamics  arc  well 
defined,  so  here  we  will  assume  that  they  are  known.  Since  y(k)  is  corrupted  by  v(k), 
u(k)  will  now  be  correlated  with  the  noise,  and  equation  (20b)  will  be  violated: 

u(z)  =  Gs-(r(z)  -  Gc-(-^-u(z)  +  v\i))), 


N 

C(k)v(k) 


k=l 


0, 


because  ^(k)  contains  u(k).  This  is  a  very  real  problem  which  does  not  constitute  a 
mere  theoretical  technicality.  In  a  high-gain  feedback  situation  such  as  occurs  during 
stabilization  of  unstable  dynamics,  it  renders  the  IV  methods  described  so  far  useless. 
Fortunately,  these  methods  regain  their  applicability  if  the  proper  substitutions  are 
made  to  insure  that  the  instruments  fulfill  equations  (20). 

References  [12]  and  [13]  discuss  in  detail  the  problem  of  closed-loop  estimation. 


16 


and  the  methods  they  describe  will  be  used  here.  The  idea  is  to  replace  (  y(k)  ,  u(k)  } 
in  the  computation  of  the  instruments  with  some  {  y<={k)  ,  u'(k)  }  which  are  highly 
correlated  with  their  respective  counterparts  (condition  (5.20a),  but  which  are 
uncorrelated  with  the  disturbances  (condition  (5.20b)).  The  two  methods  used  to 
accomplish  this  are  described  below.  In  both  cases,  we  assume  r(k)  is  a  known  external 
excitation. 

Method  I:  Test-Repeat  (TRl  Instrumental  Variable 

This  method,  introduced  in  [12],  achieves  uncorrelated  instruments  by  repeating 
the  experiment  twice,  with  identical  r(k)  in  both  cases.  The  measured  inputs  and 
outputs  for  the  two  tests  are  denoted  {  u(k) .  y(k)  )  and  {  u«(k) ,  y<=(k)  }.  The 
procedure  is  to  use  one  of  these  input-output  pairs  to  compute  the  instruments,  and  the 
other  to  compute  the  estimates.  The  RTV-AML  estimation  proceeds  exactly  as 
described  in  Section  2.2,  using  {  u<^(k) ,  y«(k)  }  to  compute  the  instruments  and 
{  u(k) ,  y(k)  }  to  compute  the  parameter  estimates  (The  roles  of  the  two  input-output 
pairs  can  be  switched). 

Using  identical  r(k)  in  the  two  tests  insures  high  correlation  between  the 
instruments  and  the  measurements,  and  poses  no  particular  difficulty  in  a  digital  control 
environment.  Also,  because  v(k)  and  v*(k)  are  incurred  at  different  times,  they  are 
uncorrelated,  which  means  that  the  instruments  (from  the  first  test)  will  be  uncorrelated 
with  the  disturbances  (from  the  second  test)  even  if  the  system  is  operating  closed  loop. 
Reference  [12]  proves  these  claims,  and  discusses  the  consistency  properties  of  the  Test 
Repeat  (TR)  method. 

Method  n:  Noise-Free  fNFl  Instruments 

Both  [12]  and  [13]  discuss  this  method,  which  uses  noise-free  (NF)  simulation 
of  the  test  to  generate  the  instruments.  In  this  case  (  u^k) ,  y«(k)  }  comes  from  a 
simulation,  using  an  a  priori  estimate  of  the  system  dynamics  (i.e.  ©).  v*(k)  will  thus 


17 


be  identically  zero.  The  same  input  r(k)  is  then  applied  to  the  real  system  to  get 
{  u(k) ,  y(k)  }.  The  RTV-AML  algorithm  can  now  be  applied,  using  {  uc(k) ,  y=(k)  }  to 
compute  the  instruments  and  {  u(k) ,  y(k)  }  as  the  measurements  (in  this  case  the  roles 
of  the  two  input-output  pairs  cannot  be  switched). 

The  same  reasoning  applies  here  as  in  the  TR  case.  The  noise-free  instruments 
will  naturally  be  uncorrelated  with  the  noise  from  the  experiment  (condition  (20a)). 
The  degree  of  correlation  between  the  instruments  and  the  measurements  (condition 
(20b))  will  depend  on  the  accuracy  of  the  a  priori  estimate  of  the  system  dynamics,  but 
(except  in  trivial  cases)  some  correlation  will  exist.  Closed-loop  operation  changes 
none  of  these  observations.  [12]  and  [13]  discuss  NF  estimation  more  rigorously. 

2,4  Modification  of  the  RTV-AML  Prefilters  for  Unstable  Plant  Dynamics 

The  test-repeat  instrumental  variable  (TR/TV)  and  the  noise-free  instrumental 
variable  (NF/IV)  methods  allow  identification  of  system  dynamics  during  closed-loop 
operation,  even  when  the  plant  is  unstable.  Experience  with  these  methods  has 
suggested,  however,  that  the  covariance  of  the  estimates  can  be  large  for  standard 
choices  of  instruments.  Therefore,  we  have  combined  the  TR  and  NF  methods  with  the 
RIV-AML  method  to  obtain  more  accurate  estimates.  If  the  open-loop  plant  is  stable, 
this  presents  no  problem:  the  hybrid  techniques,  termed  TR/RTV-AML  and 
NF/RTV-AML,  can  be  synthesized  without  additional  modifications.  However,  if  the 
open-loop  plant  is  unsuble,  many  of  the  prefilters  required  by  the  RTV-AML  procedure 
(equations  (22)  and  (24))  are  also  unstable  -  they  contain  which  is  unstable  if 

implemented  as  a  causal  filter. 

To  use  the  TR/RTV-AML  and  NF/RTV-AML  procedure  when  the  open-loop 
plant  is  unstable,  we  must  modify  the  prefiltering  scheme  to  avoid  filters  which  are 
unstable.  This  problem  is  primarily  one  of  understanding  the  prefilters  in  the  context  of 
the  maximum-likelihood  (ML)  problem,  and  applying  them  properly.  To  develop  the 
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RIV-AML  method.  Young  [11]  first  writes  the  log-likelihood  function  for  the 
observations  y(k),  and  then  reduces  the  ML  problem  to  the  minimization  of  the 
following  term: 

L  =  [-g-(y  -  u)]'^[-g-(y  -  u)]. 

The  RTV  and  AML  prefilters  are  then  formulated  by  writing  dUd^i  =  0,  ^/(9b,  =  0,  etc. 

Thus  the  prefilters  contain  — because  the  log-likelihood  function  contains  the 

A 

A 

B 

prediction  error  (y  -  —7^ —  u). 

A 

When  the  closed-loop  system  is  stabilizing  an  open-loop  unstable  plant,  we  are 
faced  with  the  following  problem:  y(k)  and  u(k)  are  'stable*  signals:  that  is,  their 
Z-transforms  y(z)  and  u(z)  converge  on  the  unit  circle  (|z|  =  1).  But  ■  ■  is 

unstable;  that  is,  it  is  the  Z-transform  of  a  causal  impulse  response,  and  it  contains 
poles  outside  the  unit  circle.  Given  these  conditions,  can  we  compute  an  estimate  of 
y(k)  based  on  u(k),  A(z),  and  B(z)  alone?  If  we  can,  then  the  prediction  error  can  be 
formulated,  and  the  prefilters  necessary  for  the  RIV-AML  procedure  can  be  found. 

To  answer  this  question,  consider  our  system  representation  (13,21): 

01) 

We  can  break  A(z)  into  a  polynomial  whose  roots  are  stable,  times  a  polynomial  whose 
roots  are  unstable: 

A(z)sAj(z).A^(z),  (32) 

where: 

A  (z)  =  n(l-Vj-z-i);  |vjl<l  , 

j 

AJz)  =  n(l-pi-z“>);  IPil^l  . 

This  factorization  of  A(z)  allows  us  to  rewrite  (31)  to  reflect  the  possibility  that  the 


19 


noise  dynamics  arc  affected  by  the  unstable  poles: 


y(z)  = 


•u(z)  + 


where  — ^  is  defined  such  that 


Generality  is  retained  in  this 


formulation  because  E(z)  cancels  any  poles  of  A^(z)  that  arc  not  part  of  D(z).  The 
£ 

transfer  function  -p-  is  stable  if  the  system  is  stabilizable,  so  we  can  write; 

y®'  ■[  Aj(z)  <3''> 

'  ] 

where  q(z)  is  bounded  for  (z[  =  1,  because  of  the  our  conditions  on  (stated  in  (32)), 
— p—  (stated  above),  u(k)  (its  Z-transform  converges  on  the  unit  circle),  and  (^(k)  (stated 
after  (21)  •  the  important  point  being  that  |(k)  is  a  finite-duration  (windowed) 
sequence).  We  have  also  specified  that  a  feedback  system  is  stabilizing  the  plant,  so 
that  y(z)  converges  for  lz|=l.  Thus,  by  studying  (34),  one  concludes  that  q(z)  must 
contain  zeros  which  cancel  the  unstable  poles  of  — .  We  write  this  condition  as 


follows: 


q(z)  =  Ay(z)w(z) 


y(z)  = 


•[A^(z)-w(z)]. 


where  w(z)  also  converges  for  (z|=l.  The  pole-zero  cancellation  implied  by  (35)  can 
be  derived  constructively  (although  somewhat  tediously)  fay  writing  the  closed-loop 
transfer  function  from  any  external  signal  (such  as  r(z)  or  ^(z))  to  y(z). 

The  representation  (35)  can  be  used  to  motivate  a  filtering  scheme  as  follows: 
. (two-sided)  Z-transform  of  at  least  two  distinct  impulse  responses  [14]: 

1)  a  causal,  unstable  impulse  response,  which  we  will  call  h„,  and  2)  an  anticausal, 
stable  impulse  response,  which  we  will  call  h„_.  The  Z-transform  of  h  converges  in 

oC  C 

the  region  of  convergence  (ROC)  |  z  |  >max(pi),  while  the  Z-transform  of  h  converges 
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in  the  ROC  |z|<min(pi)  (see  Figure  5).  The  ambiguity  of  the  Z-transform  is  usually 
cleared  up  by  invoking  causality;  because  (31)  represents  a  causal  dynamics  system, 
we  know  that  the  physically  meaningful  inverse  of  .  is  h^(k),  and  that  the 


convolution  corresponding  to  (35)  is: 


y(k)  =  h^(k)  *  [  h^(k)  *  w(k)  ],  (36) 

where  *  indicates  convolution  and 

hg(k)  =  Z'  ^  j  j  ROC:  |  z  j  >max(pi). 

h^(k)sZ‘^{  }  ROC:aUz. 

As  we  have  noted,  h^(k)  is  causal,  but  because  the  poles  of  lie  outside 

the  unit  circle,  h  (k)  grows  without  bound  as  k  — •  «.  However,  it  can  be  shown  that 
the  causal,  unstable  impulse  response  h  (k)  can  be  replaced  by  its  aniicausal,  stable 

V 

counterpart  h  (k),  if  a  pole-zero  cancellation  such  as  (35)  occurs.  We  can  write  this 

aC 

statement  as  follows: 


\c(^)  *  [  h^(k)  *  w(k)  ]  «  b^(k)  *  r  h^(k)  *  w(k)  J  (37) 

where 

‘^ac^^^  ^ {  a\z)  }  I ^ I <niin(Pi)- 

Note  here  that  the  ROC  overlaps  the  unit  circle.  Computing  the  inverse  Z-transform 
over  this  ROC  results  in  an  impulse  response  which  is  bounded  for  all  k  [14],  Thus  we 
expect  that  replacing  h  with  h  will  yield  a  stable  (although  noncausal)  way  to 
predict  y(k). 

Substituting  (37)  into  (36),  we  have  the  following  equation  for  y(k): 

y(k)  =  h^(k)*[h^(k)*w(k)].  (38) 

Since  all  of  the  sequences  in  this  equation  are  stable,  their  Z-transforms  exist  on  the 
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unit  circle,  and  we  can  conven  back  to  the  Z-domain: 


y(2)  = 


ac-[Au(z)w(z)] 


■u(z)  + 


A 

y(2)- 


A(z)  snc 


where  we  denote  the  Z-transform  of  h„^  as 

ac 


,  to  distinguish  it  from  the 


Z-transform  of  h  .  The  operations  between  transfer  functions  implied  by  (39)  are  valid 

V 

for  the  transfer  functions  and  signals  we  have  defined,  because  they  all  converge  on  the 
unit  circle.  The  subscript  'snc'  is  used  to  indicate  that  we  will  use  a  stable,  noncausal 
time-domain  implementation  of  the  filter  -  the  anticausal  part  coming  from  the  unstable 
poles,  and  the  causal  part  coming  from  the  stable  poles.  Figure  5  is  an  example  of  the 
regions  of  convergence  associated  with  ,  and  the  corresponding  impulse 

responses. 

We  have  shown  how  the  transfer  function  between  u(z)  and  y(z)  must  be  altered 

when  the  open-loop  plant  is  unstable.  It  can  be  shown  that  ail  of  the  filtering  and 

prediction  described  in  Sections  2.2  can  be  similarly  altered,  without  changing  the 

maximum-likelihood  results  of  Young  [11].  Thus,  our  scheme  is  noncausal  when  the 

plant  is  unstable,  and  must  be  implemented  off-line,  but  otherwise  it  proceeds  as 
.1... _ _ A  1  1  _ I  I...  1  I 


described  in  Sections  2. 1-2.3,  with 


replaced  by 


2.5  Application  to  the  MIMO  Rotating  Stall  System 

The  rotating  stall  system  described  in  equation  (11)  is  both  multi-modal  and 
MIMO.  The  multi-modal  nature  of  the  system  requires  dynamics  to  be  identified  for 
each  mode  number  n.  This  identificadon  can  be  done  mode-by-mode,  since  the 
dynamics  are  decoupled,  equation  (11)  also  shows  that  each  mode  consdtutes  a 
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two-input  two-output  system.  This  adds  complexity,  but  otherwise  requires  no 
modification  to  the  procedure.  Some  specifics  of  the  rotating  stall  analysis  will  be 
given,  as  an  illustration  and  to  demonstrate  an  algorithmic  simplification. 

The  one-step-ahead  predictor  for  the  system  described  in  equation  (1 1)  is: 


A 


=  ‘*‘>®n 


where: 


<(k) = 


-Ik 


yi(k-l)  yi(k-2)  ui(k)-hui(k-l)  Ui(k-l)-fui(k-2)  -U2(k)  -U2(k-1)  -U2(k-2)' 
y2(k-l)  y2(k-2)  U2(k)-f-U2(k-l)  U2(k-l)+U2(k-2)  ui(k)  ui(k-l)  ui{k-2) 


=[ai  a2  bi  b2  bs  b4  bs 

Tlie  instruments  must  match  the  dimension  of  the  measurement  matrix: 


LCi 

n 


ii(k)  C2i(k) 
12(J^)  W2W 


^7i(k)  1 
,72(k)  J , 


equations  (17)  through  (28)  proceed  as  before,  with  the  understanding  that  the 
summations  now  contain  matrix  multiplications  rather  than  scalar  and  inner  products, 
equation  (19)  can  be  made  more  efficient  computationally  by  breaking  up  the  matrices 
^j^(k)  and  ^jj(k)  into  their  constituent  vectors.  The  resulting  solution  to  the  IV  problem 


is  as  follows: 


k  =  t  +  ICsn-l-Tn  )■*■[  f  I{:2„  X2„  1, 


where  subscripts  k  have  been  suppressed. 
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3  Results  aad  Discussioo 

The  techniques  described  above  were  used  on  data  collected  from  the  active 
control  research  compressor.  The  pressure  rise  -  flow  coefficient  characteristic  for  this 
compressor  is  shown  in  Figure  6.  Points  below  ^  =  0.45  are  unstable,  so  these  data 
points  are  taken  with  the  system  operating  in  closed  loop.  Data  points  in  the  stable 
regime  can  also  be  taken  in  closed  loop.  This  has  been  done  and  the  pressure  rise  of 
the  compressor  is  essentially  unaffected  by  the  controller. 

A  typical  closed-loop  IV  parameter  identification  experiment  is  conducted  as 
follows;  First  the  control  system  is  initialized  and  closed  loop  operation  begins.  Next 
the  downstream  throttle  is  used  to  manually  set  the  flow  coefficient  to  the  value  at 
which  the  test  will  be  run.  This  may  or  may  not  be  an  open-loop  unstable  operating 
point.  The  external  signal  [ri(k)  r2(k)]j^  is  then  applied,  and  measurements  are  made  of 
[ui(k)  U2(k)]^  and  [yi(k)  y2(k)]^.  The  test  can  then  be  repeated  for  the  TR  method. 
The  complete  data  set  is  then  put  through  the  TR/RTV-AML  procedure  or  the 
NF/RTV-AML  procedure  described  in  Section  2.  Estimates  of  A,  B,  C,  and  D  are 
needed  to  initialize  these  algorithms.  Typically  the  procedure  is  to  use  estimates  of  A, 
B,  C,  and  D  from  a  more  stable  ^  as  initial  guesses  for  a  less  stable 

Numerical  results  appear  in  Tables  I  and  H,  for  operating  points  between 
^  =  0.40  and  ^  =  0.55,  for  n=l  and  2.  Also  shown  for  comparison  in  these  tables  are 
parameter  estimates  obtained  using  the  spectral  estimation  techitiques  described  in  [7] 
(during  open-loop  operation  above  ?  =  0.45). 

A  portion  of  a  typical  data  set  appears  in  Figure  7,  taken  at  ^  =  0.40  for  a  mode 

number  of  one  (n=l).  The  command  is  a  band-limited  pseudo-random  binary  signal  of 

T 

magnitude  10°  on  each  channel  of  the  input  vector  (rj  r2]jj.  The  bandwidth  of  the  input 
is  limited  to  flJ  =  1.1  (50  Hz),  which  is  about  five  times  the  natural  frequency  (%j)  of 
the  system.  The  actual  IGV  deflections,  [ui  U23jj,  are  responding  to  both  this  conunand 
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and  the  feedback  signal,  as  shown  in  Figure  4  and  in  equation  (29).  It  is  apparent  from 

T  T 

the  differences  between  [rj  and  [uj  Uiln-i  that  the  feedback  signal  is  a  major 

T 

part  of  the  excitation  to  the  system.  The  outputs  [yi  y2]jj_j  are  also  shown  in  Figure  7. 
An  important  :tep  in  a  parameter  identification  procedure  is  model  and 


parameter  validation.  Here  we  present  several  results  which  indicate  that  the  system 
structure  and  identified  parameters  do  in  fact  model  the  system  well.  The  first  is 
shown  in  Figure  7,  where  a  simulation  based  on  the  parameter  estimates  is  used  to 
predict  the  values  of  Uj^  and  yj^.  This  is  nai  the  output  of  a  one-step*ahead  predictor, 
which  would  rely  on  past  measurements  to  make  the  prediction.  Rather,  it  is  a 
simulation  based  solely  on  rj^,  the  identified  parameters  for  ^  =  0.40,  and  the  controller 
and  sensor  dynamics.  The  fit  is  quite  good,  even  though  the  simulation  is  noise-free. 


while  the  experiment  is  not:  Uj^ 


and  in  the  experiment  are  responding  to  excitation 


noise  in  the  compressor.  Fits  of  this  quality  can  be  gotten  regardless  of  whether  the 


data  to  be  fit  is  used  to  get  the  estimates.  Since  the  noise  free  simulation  results  are 


used  as  the  instruments  in  the  NF/RIV-AML  method,  Fig’ire  7  also  serves  to  validate 


that  a  high  degree  of  correlation  in  fact  exists  between  the  instruments  and  the 


measurements. 


The  closed-loop  IV  methods  (TR/RIV-AML  and  NF/RIV-AML)  are  designed  to 
operate  in  a  regime  where  the  spectral  estimatation  procedure  presented  in  [7]  gives 
poor  results  -  that  is,  during  stabilization  of  unstable  operating  points.  However, 
closed-loop  data  sets  can  be  taken  at  flow  coefficients  which  are  open-loop  stable. 
Such  tests  can  be  used  to  verify  that  closed-loop  IV  methods  properly  account  for  the 
loop  closure  and  still  provide  good  estimates.  Figure  8  shows  the  results  of  such  a  test. 
A  spectral  estimate  (based  on  open-loop  data,  using  the  techniques  in  [7])  is  compared 
to  both  a  TR/RIV-AML  and  a  NF/RIV-AML  estimate  (based  on  closed-loop  data). 
Good  agreement  between  the  frequency  responses  is  obtained.  This  agreement  is 
important,  because  IV-based  estimates  of  G^^Is)  not  only  use  the  estimated  parameters, 
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but  also  assume  a  certain  model  structure.  Since  spectral  estimates  are  parameter-free 
and  assume  no  specific  model  structure,  this  comparison  verifies  both  the  parameter 
estimates  and  the  model  structure. 

Finally,  the  estimates  of  the  parameters  from  various  methods  can  be  compared 
graphically,  to  see  if  the  trends  with  ^  are  smooth.  Figure  9  shows  Oj  and  as  a 
function  of  flow  coefficient,  plotting  spectral,  TR/RIV-AML,  and  NF/lUV-AML  results 
on  the  same  plot.  Within  reasonable  error  bands,  all  of  the  estimation  methods  yield 
the  same  curves. 

The  data  presented  here  are  a  small  sample  of  the  data  taken,  and  are  intended 
only  to  demonstrate  the  practical  applicability  of  the  identification  methods.  A 
complete  presentation  of  the  data,  together  with  detailed  discussion  of  the  physical 
significance  of  the  parameter  estimates,  appears  in  [7],  and  requires  a  more  complete 
description  of  rotating  stall  modeling.  For  this  discussion,  the  relevant  conclusions  of 
the  experiments  is  that  the  methods  presented  here  yield  consistent,  accurate  results, 
with  good  convergence  properties  and  little  sensitivity  to  the  stability  of  the  plant. 
Established  prediction  error  methods,  such  as  those  provided  in  [10],  have  similar 
properties  (for  the  data  sets  tested).  These  methods  utilize  nonlinear  search  schemes  to 
minimize  prediction  error,  instead  of  the  least-squares  type  approach  utilized  by  IV 
methods.  Only  a  thorough  comparison  of  these  two  approaches  would  allow  one  to 
judge  their  relative  merits.  Wellstead  [16]  also  discusses  a  scheme  for  non-parametric 
estimation  of  forward-path  transfer  functions  during  closed-loop  operation.  This 
method  would  allow  one  to  deduce  the  desired  plant  dynamics  (using  transfer-function 
fits  to  the  non-parametric  estimates  [7]),  if  sufficient  care  were  taken  to  model  other 
contributions  to  the  forward-path  transfer  fimetion.  Again,  the  relative  merits  of 
Wellstcad's  method  and  the  method  presented  here  can  only  be  determined  by  a 
thorough  comparison. 
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4  Conclusioos 

By  combining  various  extensions  to  the  basic  instrumental  variable  approach,  a 
scheme  for  estimating  parameters  in  an  unstable  system  operating  closed-loop  has  been 
developed.  This  scheme  was  successfully  applied  to  a  model  for  the  distributed 
dynamics  of  an  experimental  axial  compressor.  Thus  the  usefulness  ci  the  procedure 
and  the  validity  of  the  model  were  both  verified  experimentally. 


5  Acknowledgements 

This  work  was  supported  by  U.S.  Air  Force  Office  of  Scientific  Research,  Dr.  J. 
M.  McMichael,  Technical  Monitor,  and  by  the  Office  of  Naval  Research,  Dr.  R.  J. 
Hansen,  Technical  Monitor.  This  suppon  is  gratefully  acknowledged. 


6  References 

1.  Kerrebrock,  J.  L.,  Aircraft  Engines  and  Gas  Turbines.  The  MIT  Press,  Cambridge, 
Massachusetts,  1977,  pp.  154-155. 

2.  Greitzer,  E.  M.,  "Review  -  Axial  Compressor  Stall  Phenomena,"  ASME  J.  of  Fluids 
Eng*,  vol.  102,  1980,  pp.  134-151. 

3.  Greitzer,  E.  M.,  "Surge  and  Rotating  Stall  in  Axial  Flow  Compressors;  Part  I: 
Theoretical  Compression  System  Model,"  Trans.  ASME.  vol.  98,  1976, 

pp.  190-198. 

4.  Moore,  F.  K.,  "A  Theory  of  Rotating  Stall  of  Multistage  Compressors,"  A.'^ME  J. 
of  Eng,  for  Power,  vol.  106,  1984,  p.  313. 

5.  H^es,  T.  P,  and  Greitzer,  E.  M.,  "A  Method  for  Assessing  Effects  of  Inlet  Flow 
Distortion  on  Compressor  Stabilitv.".ASME  J.  of  Turbomachinery,  vol.  109, 

pp.  371-379, 

6.  Epstein,  A.  H.,  Ffowcs- Williams,  J.  E.,  and  Greitzer,  E.  M.,  "Active  Suppression  of 
Aerodynamic  Instabilities  in  Turbomachines,"  J.  Propulsion.  Vol.  5.,  No.  2, 

pp.  204-211. 

7.  Paduano,  J.  D.,"Activc  Control  of  Rotating  Stall  in  Axial  Compressors",  Ph.D. 
Thesis,  MIT.  Dept,  of  Aeronautics  and  Astronautics,  February,  1992.  Also 
available  as  MIT  Gas  Turbine  Laboratory  Report  #208,  March  1992. 


27 


8.  Paduano,  J.,  Epsticn,  A.  H..  Valavam,  L.,  Longlcy.  J  P  ,  Grciaei,  E  M  ,  and 
Guennetie.  G.  R.,  "Active  Control  ot  Rotating  Stall  in  A  Low.  Speed  Axial  Com 
pressor,"  ASME  Paper  91-GT-88.  Proceedings.  ASME  Lnicmauonal  Gas  Turbine 
Conference,  Orlando,  June  1991.  To  be  published  in  ASME  Journal  of 
TufbQDiachingry 

0 

9.  Astrom,  KL  J.,  and  Winenmark.  B.,  Computer  Coniiotled  Svsiem.s  -  .Thgor^  and 
pesign.  Prentice-Hall,  New  Jersey.  1984, 

10.  Ljung,  L,  System  Identification  -  Theory  for  the  User.  Prentice -Hall.  New  Jersey , 
1987. 

11.  Young.  P..  Recursive  Estimation  andJime- Scries  Analysis.  Sprmgcr-Vcrlag. 

1984. 

12.  Wang,  H.,  and  Cao.  D.,  "Two  Lnstrumcnul  Vanabic  .Vlcthods  for  Clo.sed  Loop 
System  Identification,"  Idgntifigaiion  and  Systcfn.Paiainctci.EsumaUQn  198^. 
Selected  Papers  from  the  Eighth  IFAC/IFORS  Symposium,  Beijing,  August  1988. 
p.  543. 

13.  Soderstrom.  T..  Stoica.  P..  and  TruNson.  E,.  "Instrumental  Variable  .Methods  for 
Closed  Loop  Systems,"  Automadc  Conffol  -  Wpiid  ConglCiS^  Selected 
Papers  from  the  10th  Triennial  World  Congress  of  CFAC.  Munich,  July  1987, 
pp.  363-368. 

14.  Oppenheim.  A.  V.,  and  Schafer.  R.  w.,  Discrctc-.Tijnc  Signal  Processing- 
Prentice-Hall,  New  Jersey,  1989. 

15.  Wellstcad,  P.  E..  "Nort-Paiamctric  .Methods  of  System  Identification." 

Aulomadca.  Vol.  17.  No.  l.  pp  55-69.  1981. 


28 


Table  I  -  Parameter  Estimates.  o=l 


Spectral  Estimates  (from  (7]) 


? 

a 

iUrs 

br 

b. 

g. 

0.475 

-6.27 

67.29 

-4.81 

2.03 

-0.055 

0.500 

-15.58 

71.71 

-5.55 

2.18 

-0.061 

0.525 

-26.50 

65.98 

-5.70 

1.05 

-0.059 

0.550 

-36.37 

50.81 

-5.57 

-0.84 

-0.059 

KF/RIV-AML  Estimates 

? 

a 

br 

b, 

g. 

0.400 

5.50 

52.27 

-3.00 

1.01 

-0.029 

0.425 

0.61 

56.99 

-3.10 

1.36 

-0.033 

0.450 

-1.62 

63.54 

-3.56 

1.49 

-0.039 

0.475 

-4.96 

66.42 

-3.91 

2.14 

-0.044 

0.500 

-13.50 

67.20 

-4.75 

2.14 

-0.050 

0.525 

-26.27 

60.36 

-4.90 

1.17 

-0.051 

TR/RIV-AML  Estimates 

? 

a 

% 

br 

b, 

gt 

0.400 

4.95 

55.15 

-3.19 

0.90 

-0.036 

0.425 

1.26 

59.86 

-2.80 

0.80 

-0.035 

0.450 

-1.79 

63.32 

-3.69 

1.50 

-0.038 

0.475 

-4.88 

68.53 

-3.97 

2.03 

-0.044 
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Tabic  11  -  Parameter  Estimates,  n=2 


Spectral  Estimates  (from  [7]) 

a 

br 

b, 

g. 

0.475 

-32.46 

157.37 

-11.57 

-0.54 

-0.048 

0.500 

-52.38 

168.26 

-12.68 

-1.28 

-0.050 

0.525 

-77.44 

188.59 

-15.93 

-2.16 

-0.060 

0.550 

-93.17 

181.28 

-16.36 

-3.76 

-0.065 

NF/RIV-A.\fl-  Estimates 

? 

a 

br 

b. 

g. 

0.400 

-4,40 

137.44 

-8.07 

0.91 

-0.038 

0.425 

-13.42 

144.45 

-9.12 

0.62 

-0.042 

0.450 

-27.63 

152.40 

-10.27 

0.13 

-0.044 

0.475 

-36.97 

157.67 

-11.24 

0.01 

-0.047 

0.500 

-49.78 

159.42 

-11.36 

-0.22 

-0.044 

0.525 

-75.22 

152.07 

-11.34 

-2.16 

-0.041 

TR/RIV-AML  Estimates 

? 

a 

‘ars 

br 

b, 

g. 

0.375 

0.91 

123.16 

-7.28 

0.63 

-0.057 

0.400 

-3.42 

137.27 

-7.90 

1.01 

-0.039 

0.425 

-13.31 

144.14 

-8.91 

0.60 

-0.041 

0.450 

-24.81 

151.65 

-9.94 

0.17 

-0.043 

0.475 

-37.48 

158.56 

-11.27 

-0.25 

-0.047 
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Figure  1  - 
Figure  2  - 

Rgure  3  - 
Figure  4  - 
Figure  5  - 

Figure  6  - 
Figure  7  - 

Figure  8  - 

Figure  9  - 


Typical  pressure  rise  characteristic  for  an  axial  compressor 


Schematic  of  the  active. control  research  compressor.  A-  inlet  duct, 
B-  IGVs,  C-  compressor,  D-  exit  duct,  E-  throttle 


Hardware  components  of  the  active  control  research  compressor 


Feedback  loop  layout  and  notation 


Example  of  different  impulse  responses  associated  with  the  same 
transfer  function.  The  inverse  Z-transform  of  A(z)  can  be  computed 
over  any  of  the  three  regions  of  convergence  (ROCs)  shown  (I,  D,  or 
HI).  The  impulse  response  in  each  case  is  the  sum  of  the  truncated 
exponentials  at  right. 

Pressure  rise  characteristic  for  the  active  control  research  compressor 


Results  of  a  typical  identification  run.  Solid  lines  are  experimental 
data,  dashed  lines  are  predictions  based  on  the  parameter  estimates 

(noise-free  simulation)  ^  =  0.40. 


Comparison  of  spectral  estimation  results  [7]  and  IV  parameter 
identfication  results.  Solid  line  is  an  empirical  transfer  function 
estimate,  dashed  line  is  a  transfer  function  derived  from  parameters 

which  were  identified  during  closed-loop  operation.  $  =  0.475. 


Parameter  variations  with  flow  coefficient,  o.-. Open-loop  parameter 
estimates  (from  [7]);  *.-.TR/RrV-AML  results;  x.-.NF/RJV-AML 
results. 
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Pressure  Rise 


Figure  5  -  Example  of  different  impulse  responses  associated  with  the  same 

transfer  funcdon.  The  inverse  Z-transform  of  A(z)  can  be  computed 
ov»  any  of  the  three  regions  of  twnvergcnce  (ROCs)  shown  (I,  H,  or  HI). 
The  impulse  response  in  each  case  is  the  sum  of  the  mmcated 
exponentials  shown  at  right 


Pressure  Rise  Coefficient,  \|> 


Figure  6 


External  Command  First  Fourier  Cosine  and  Sine  Coefficients 


02  04  06  08  1  12 

Time,  seconds 


Figure  7  (first  part  of  3  parts) 


IGV  Deflection  First  Fourier  Cosine  and  Sine  Coefficients 


Time,  seconds 


Figure  7  ?second  and  third  cart  of  3  oarts) 


Phase,  degrees  Magnitude,  dB 
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Figure  9 


Aopsalii 

Frequency  windows  t\-picaily  used  in  spcccrai  analysis  idcnoficanon  pnoccdurcs  are 
characKtized  by  ihc  following: 


W-r<^)d^  =  0  ;  =  M(v,, 


/l^iVA^)d^  =  C3(Y) 


Jw-K^)d^  =  f-W(YJ 


A  Hamming  window  is  defined  as  follows; 


lir  W*,<co)  =  jDY(co)  +  ^Dy|^a)  - 


where  DY^co)  = 


sin  Y  +  T  CO 


Note:  Large  y  gives  small  bias  but  high  variance  for  the  estiinatc,  while  the  converse  is  mic  for 
wide  windows. 
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Evaluation  of  Approaches  to  Active  Compressor 
Surge  Stabilization 
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ABSTRACT 

Recent  work  has  shown  that  compression  systems  can  be 
acdveiy  stabilized  against  the  instability  known  as  surge,  thereby 
realizing  a  significant  gain  in  system  mass  flow  range.  Ideally,  (his 
surge  stabilization  requires  only  a  single  sensor  and  a  single  actuator 
connected  by  a  suitable  control  law.  Almost  ail  research  to  date  has 
been  aimed  at  proof  of  concept  studies  of  this  technique,  using  various 
actuators  and  sensor  combinations.  In  contrast,  the  work  teported 
herein  can  be  regarded  as  a  step  towards  developing  active  control  into 
a  practical  technique.  In  this  context,  the  paper  presents  (he  fust 
systematic  definition  of  the  influence  of  sensor  and  actuator  selection 
on  increasing  the  range  of  stabilized  compressor  performance.  The 
results  show  that  proper  choice  of  sensor  as  well  as  actuator  crucially 
affects  (he  ability  to  stabilize  these  systems,  and  that,  overall,  those 
actuators  which  are  most  closely  coupled  to  (he  compressor  (as 
opposed  to  (he  plenum  or  throttle)  appear  most  effective.  In  addition, 
the  source  of  the  disturbances  driving  the  system  (far  example, 
unsteady  compressor  pressure  rise  or  unsteady  cocobusior  heat 
release)  has  a  strong  influence  on  control  effectiveness,  as  would  be 
expected  for  a  controls  problem  of  this  type.  This  paper  both 
delineates  general  meth^oiogies  for  the  evaluation  of  active 
compressor  stabilization  strategies  and  quantifies  the  perfonnance  of 
seve^  approaches  which  might  be  implemented  in  gas  turbine 
engines. 

NOMENCLATURE 

a  speed  of  sound 

Ag  compressor  flow  through  area 

area  of  movable  plenum  wall 
B  compressor  stability  parameter.  B  ■  {Ur/2a) 

Cp  specific  heat  at  constant  pressure 

Cv  specific  heat  at  constant  volume 

E  energy  of  gas  in  plenum 

E*  dimensionless  energy  of  gas  in  plenum;  E*  -  CyTp  /p^y 
K  proportional  gain  rx  >  »  P  » 

C  equivalent  length;  ^  ”  L  ^/a(x)  *** 

m  mass  of  gas  in  plenum 


m*  dimensionless  mass  of  gas  in  plenum;  m*  •  ppVp  /p  y 
me  dimeniionleM  slope  of  compressor  speed  line;  me  *  0*^ 
me*  dimensionless  slope  of  equivalent  corn^mssor  speni  tine 
formed  by  compressor  in  scries  with  close -coupled  valve; 

me. -d/^«(yc -'*'«) 

n>|-  dimensionless  slope  of  throttle  pressure  drop  versus  flow 
charaocrisbc;  n»y  ■  1/(3<T*T'^v) 

n>y.  dimensionless  slope  of  equivaleni  (hxottie  characteriscc  for 

parallel  combination  of  duonle  and  plenum  bleed  valve; 

«re  ■ 

My  impeller  tip  Mach  number.  My  »  Uy/a, 

p  absolute  pressure 

Pp  plenum  pressure  ratio;  Pp  ^  Pp  /  Pa 
Q  heat  release  rate 

Q*  dimensionless  heat  release  rate;  Q*  ■  Q  /  p*UyA.CpT. 

R  gas  constant  for  ideal  gas;  R  >  Cp  •  Cy 

s  Laplace  nnsfotm  variable 

AT^  total  temperature  rise  across  compressor 

ATqc  dimensionless  total  temperature  rise  across  compressor. 

ATi-AT„/T, 
t  time 

tv  first  order  constant  for  movable  plenum  wall 

tv  dimensionless  first  order  lag  time  constant  for  movable 
plenum  wall;  t^  « tvtnn 
u  control  input  signai 

Uy  impeller  tip  Speed 

Vv  velocity  of  movable  wall 

V  slope  of  valve  characteristic:  V>  do /da 

V*  dimensionleu  plenum  volume;  V*  •  V  /  V 
V;  dimensionless  commanded  me  of  change  of  frienum  volume 
W  dimensionless  term  relating  changes  in  plenum  volume  to 
plenum  pressure;  W  ■ 
a  vector  of  system  sates 

Of,  bleed  valve  fiaction  open 

Oq.  ctose-coupied  valve  fiaction  open 

Od  desired  (commanded)  valve  foaetkm  open 


PraMnwe  «  Id*  wi*ni«lon*(  O**  Toronto  and  A*fo*(*jin*  Co<<«n**  and  bddwtkwi 
CaMpn*.  a*«m«nr  Jun*  to.  itaz 

Thit  ooeot  da*  Man  tccooroO  let  gueilcacon  in  id*  Transaeiiona  ol  Id*  xSMf 
OiacuatiOA  el  il  will  b*  accadiao  «  xSliiif  M**dqu»n*»*  i»«iH  Saeiwnow  »,  litZ 


y  rado  of  specific  heats 

^  damping  ratio 

^  dimensionless  rate  of  change  of  plenum  volume; 

p  density 

X  dimensionless  time;  t «  t(i>({ 

0  flow  coefficient;  (p  =•  m  /  p^UtA^ 

<P  function  giving  dimensionless  flow  through  valve  as  function 
of  pressure  vtd  valve  area 

y  plenum  pressure  coefficient;  v  ■  (Pp '  p,U^) 

Voj  raass  injector  supply  pressure  coefficient; 

Voj*(P'’j-P»</(ipU|j 

'i'cc  dimensionless  toiaf  pressure  drop  across  close-coupled  valve. 

'i'ceC^.Occ) 

n't.  dimensionless  pressure  rise  vs.  flow  characteristic  of 
compressor. 

AH'(j  downstream  injector  characteristic,  4'^  -  Vqi  -  V(,j 
Af'y  upstream  injector  characterisac.  'f'y  =  Vg|  -  Vaj 
Oh  Helnjholtz  frequency; 

0)c  filler  cut-ofT  ftequency 

Smrssriflte 

''  petturbadon  quandty 

first  derivadve  with  respect  to  dmc 
second  derivadve  with  respect  to  rime 
rime  mean  quandty 

Sutacrints 

a  ambient 

b  bleed  valve 

c  compressor 

cc  close-coupled  valve 

j  injector  jet 

p  plenum 

T  throttle  or  impeller  tip 

1  compressor  duct  inlet 

2  compressor  duct  downsoeam  of  injector 

0  total 


INTRODUCTION 

The  stable  operating  regime  of  a  compressor  installed  in  a  jet 
engine  (or  any  pumping  system)  is  often  limited  by  the  onset  of  large 
amplitude  fluctuations  in  mass  flow  and  pressure  rise  known  as 
surge.  Due  to  the  loss  of  performance  and  thrust,  as  well  as  possible 
mechanical  and  thermal  loads,  surge  is  an  important  factor  in 
compressor  design  and  operation. 

Surge  is  understood  to  be  the  lowest  order  natural  oscillatory 
mode  of  the  compression  system  (Creitzer,  1981)  and  experiments 
show  that  small  amplitude,  linear  disturbances  can  quickly  grow  into 
large  amplitude,  fully  developed  surge  (Fink.  1991).  Epstein,  Ffowcs 
Williams,  and  Oeitzer  (1989)  propo^  that  surge  could  be  prevented 
by  Ktiveiy  damping  th^  disturbances  while  their  amplitude  was 
low.  In  this  approach,  the  unsteady  perturbations  are  directly 
influenced  arai  the  mean  operating  pant’'cters  are  virtually  unaltered 
EpsKin  et  aL  gave  some  discussion  of  the  mechanism  of  this 
stabilization  a^  omBnenied  that  various  feedback  schemes  actually 
differ  in  how  the  instability  is  supiuessed 

Active  stabilization  has  now  been  demonstrated  experimen¬ 
tally  for  centrifugal  compressors  by  several  invesdgaiors,  for 
example.  Ffowcs  Williams  and  Huang  (1989)  and  Pinsiey  et  al. 
(1991).  Cysling  et  ai.  (1991)  also  showed  that  significant  gains  in 
mass  flow  range  can  be  realized  using  tailored  structure  to  provide  the 


Moving  Wall 


Fig.  1 :  Centrifugal  compressor  flow  range  using  different  control 
schemes  (data  of  Pinsiey  et  al.  (1991).  Gysling  etal.  (1991), 
and  Simon  (1992)) 


feedback  path.  The  studies  also  showed  that  a  lumped  parameter 
model  of  the  pun^mg  system  captured  the  essential  dynamics  of  the 
surge  process  in  the  ma^nes  investigated,  and  this  will  be  the 
approach  taken  here. 

For  example.  Fig.  1  shows  experimental  and  analytical 
results  taken  ftom  Pinsiey  et  al.  (1991 )  and  Gysling  et  al.  ( 1 99 1 ). 
compared  to  the  results  for  no  control.  All  the  results  are  for  a 
centrifugal  turbocharger  at  a  pressure  rado  of  roughly  two.  The 
surge  point  without  control  as  well  as  with  feedback  is  also 
indicated.  An  active  compressor  sabiUzation  system  conceptually 
consists  of  sensors  to  detect  fluid  dismrbances  within  the 
compression  system,  actuators  to  introduce  desired  petturbations, 
and  a  suitable  control  law  connecting  the  two.  Theo^cally.  surge 
requires  only  a  single  sensor  and  actuator,  with  many  choices 
available  for  their  type  and  location.  Sensots  may  measure 
pressure,  mass  flow,  velocity,  or  lemperamre  within  the  compressor 
duct  upstream  or  downstream  of  the  compressor,  in  the  plenum,  or 
at  the  throttle.  Similarly,  tnere  are  many  methods  to  introduce 
unsteady  fluid  penurbadons:  varying  throttle  area,  moving  a 
plenum  or  duct  wall,  incrtxlucing  or  bleeding  off  mass  flow,  varying 
the  heat  addition  in  the  plenum  (when  it  is  a  combustor),  as  vt>eU  as 
incroducing  a  vaiiablr  thrtxtle  between  the  compressor  and  plenum, 
to  name  a  few.  A  rqmesenadve  list  of  sensing  and  actuation 
options  is  shown  in  Table  1 . 


TABLE  1 

SENSING  AND  ACTUATION  OPTIONS  CONSIDERED 


Actuation 

Sensing 

Injection  in  compressor  duct 

Inlet  mass  flow 

Valve  close-coupled  to  compressor 

Plenum  pressure 

Plenum  bleed  valve 

Compressor  face 

Plenum  heat  addition 

Compressor  face  Pjjjik; 

Vuiabie  plenum  volume 
Variable  inlet  geometry 

Fast  inlet  guide  vanes 
Tangential  inki  injection 
Auxilliary  compressor  stage 
Plenum  mass  injection 

Inlet  duct  bleed 

Plenum  temperature 
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The  cenmJ  tenet  of  this  paper  is  to  show  that  selection  of 
sensor  and  actuator  type  and  location  is  a  critical  facttv  in  determining 
the  effectiveness  and  practicality  of  an  active  stabilization  system. 
Because  of  the  practical  interest  in  this  quesoon,  the  paper  presents  a 
methodology  to  compare  different  impletnentadon  alternatives,  as 
well  as  carries  out  this  comparison  for  a  number  of  candidate 
strategies.  Describing  the  performance  of  such  an  active  compressor 
surge  stabilization  system  is  complex  in  that  there  are  many  sensor- 
actuator  pain  conceivable.  When  coupled  to  the  compressor,  each 
forms  a  different  physical  system,  with  differing  dynamic  behavior, 
physical  limitatians,  and  overall  performance.  The  steps  included  in 
the  comparison  of  different  conool  strategies  are  thus  as  follows: 

•  Analytical  models  of  specific  systems  are  developed  to  elucidate 
the  relative  performance  sensitivities  to  non-dimensional  system 
parameters. 

•  Numerical  calculations  are  carried  out  to  quandfy  the  limits  to 
control  of  various  sensor-actuator  pairs  when  connected  by  a 
simple  proportional  control  law. 

•  Optimal  conool  theory  is  used  to  evaluate  the  physical  limits  to 
control  given  perfect  measurements  of  the  system  state. 

It  may  be  useful  here  to  mendon  two  factors  that  bear  on  the 
overall  viewpoint  and  scope  of  the  present  work.  First,  we  note  that 
the  general  problem  of  aauator/sensor  seiecdon  has  been  considered 
by  a  number  of  researchers  in  other  applicadons  (see.  for  example. 
Norris  and  Skelton,  1989;  Schmitendorf,  1984;  Muller  and  Weber. 
1972).  These  previous  approaches  provide  comparisons  based  upon 
somewhat  abstractly  defined  performance  indices.  For  the  present 
purposes,  it  was  thought  useful  to  obtain  quandudve  comparisons  in  a 
manner  which  is  more  closely  related  to  the  concepts  and  thinking  of 
the  turbomachinery  cooununiiy.  The  methodology  followed  here  was 
developed  to  this  end. 

Second,  the  goals  of  this  work  are  to  make  clear  the  Urge 
influence  that  impletnentadon  (sensor-actuator  seiecdon)  has  on  the 
effecdveness  of  acdve  compressor  control  and  to  elucidate  physical 
iimitadons  on  acdve  control.  We  thus  do  not  consider  all  possible 
acdve  control  systems  but  select  those  which  may  be  most  readily 
implemented  in  various  gas  turbine  systems. 


COMPRESSOR  SYSTEM  MODELLING  FOR  CONTROL 


We  use  a  standard  lumped  parameter  model  of  compression 
system  dynamics  (Greitzer.  1981)  following  the  geometry  of  Fig.  2a. 
This  model  incorporates  the  following  assumpdons;  one-dimen¬ 
sional,  incompressible  flow  in  the  compressor  ducc  con^messor 
considered  as  a  quasi-steady  actuator  disk;  pressure  in  the  plenum  is 
spatially  uniform  but  varying  in  tune  and  flw  velocity  is  negligible; 
throttle  behavior  is  quasi-steady.  The  temporal  (x)  behavior  of  the 
non-dimensional  plenum  presstue  rise  (y)  and  non-dimensional  mass 
flow  (or  flow  coefflcient)  (^)  can  (hen  be  described  as: 


^-BlycW-y) 


(la) 


Or  (y)) 


(lb) 


for  the  system  without  acdve  control.  Equation  (la)  expresses  a  one- 
dimensional  momentum  balance  in  the  compressor  duct.  Equadon 
(lb)  represents  a  mass  baiaiKXi  for  the  plenum.  The  compressor 
chcacteristic,  gives  the  non-dimnsiotul  compressor  pressure 
rise  as  a  fiincdon  of  the  flow  coefficient,  and  the  throttle 
chaiacteiisdc  <^^(y).  i^uesems  the  throttle  pressure  drop.  The  non- 
dimensional  quandiy  B,  defined  as  (Ut/Ta)  can  be 

regatded  as  a  measure  of  the  ratio  of  plenum  compliance  to  duct 
inerda.  B  will  be  seen  to  be  of  considerable  importance  in 


(bj 


Fig.  2:  Lumped  parameter  compression  system:  (a)  no  control; 
(b)  with  sensor  in  inlet  and  cIose<oupted  valve  actuator 
control  system 


determining  control  effectiveness. 

To  describe  actively  controlled  systems,  we  must  account  for 
the  influence  of  actuators  on  system  performance,  represent  sensor 
measurements,  and  incorporate  a  feedback  law.  Each  choice  of 
sensor-actuator  pair  results  in  a  distinct  system  whose  dynamics  can 
differ  widely.  B^use  the  detailed  derivation  of  the  system  equations 
is  fairly  lengthy,  we  shall  derive  the  characteristic  equations  for  one 
particular  system  in  order  to  illustrate  the  idea,  and  ^en  only  present 
results  for  the  other  systems. 

Suppose  a  total  pressure  probe  at  the  compressor  inlet  is  used 
as  the  sensor,  and  a  valve  which  modulates  the  compresso’  exit  area  is 
selected  for  the  actuator.  This  actuator  will  be  referred  to  as  the  close- 
coupled  valve  (Fig.  2b).  The  basic  model  of  Fig.  2a  must  be  modified 
to  include  the  valve  pressure  drop  in  the  compressor  dua  momentum 
balance.  Because  the  instantaneous  mass  flow  through  the 
compressor  is  the  same  as  the  flow  through  the  close-coupled  valve, 
the  equations  that  describe  the  system  are  now: 


5^  -  B0Fc(P)-V-'J'«(«.a«)) 


(2a) 


QT  O 


(2b) 


Comparison  with  Eqs.  (1)  shows  that  the  original  system  has  been 
modified  by  the  introduction  trf  a  control  term,  ot«),  which 
reprexnts  the  pressure  drop  through  the  close-coupled  valve  as  a 
function  of  flow  through  the  valve,  0,  and  valve  fraction  open.  Occ- 
To  include  the  sensor  measurement  in  the  model,  the  following  outptu 
equation  is  fotroed: 

V02-'J'ee(^.Oec)-‘*'c(«)-^’<'  • 
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TABLE  2 

OPEN  LOOP  transfer  FUNCTIONS 


(Numerator  shown  in  Table;  Denominator.  D(s),  given  below) 


Actuator 

Sensor 

Qose-Coupled  Valve 

-  —  -  -  i 

Plenum  Bleed  Valve 

Moveable  Wall 

Compressor 
Mass  Flow 

H9IPH 

_y_ 

D(s) 

m 

D($) 

D($) 

Plenum  Pressure 

D(s) 

Compressor  Face 
Tout  Pressure 

'll 

D(s) 

-Ws 

D{$) 

D(s) 

Compressor  Face 
Static  Pressure 

-^(s  +  29B) 

D(s) 

-W  ($  +  24B) 

D($) 

D(s) 

D(s)  «=  s2  ♦ 


which  expresses  the  total  pressure.  Voi<  **  compressor  face,  as  a 
function  of  the  suut  variatiles,  V-  vonai/e  Ojt. 

For  small  perturbahons  from  equilibrium  which  we  denote  as 
$  and  ip.  the  system  dynamics  and  measurement  equation  can  be 
approximated  by  the  linear  system 


♦ 

"  ,1 

■ 

V 

.vi  j 

1  ® 

T  J 

B  ay). 

drop  versus  flow  charecteristic.  and  T  •  -^SPa/Sotcc  relates  changes  in 
valve  area  to  valve  pressure  drop. 

Open  loop  transfer  functions  for  thre  different  actuators  and 
four  difTereni  sensors  illustrated  in  Fig.  3  are  presented  in  Table  2. 
The  transfer  functioni  for  all  the  sensor-actuator  pain  in  Table  2  have 
the  same  denominator  polynomial  (denoted  as  D{s)  and  given  below 
the  table),  but  the  numerator  polynomials  differ  so  that  the  inherent 
differences  are  captured  by  die  Utter.  For  generality,  the  expressions 
given  in  Table  2  use  the  equivalent  throttle  slope  tr»]-e  of  a  throttle  in 
parallel  with  a  bleed  valve.  If  no  bleed  valve  is  used,  my  ■  my,. 


which  results  from  retaining  only  first  order  terms  in  a  standard 
Taylor  series  expansion  about  equilibrium.  In  a  similar  fashion,  linear 
time  domain  modeU  may  be  obtained  for  other  sensor-actuator  pairs. 

The  behtvion  of  systems  with  different  sensor-actuator 
pairing  are  most  clearly  revealed  from  their  traiuferfimaioni.  which 
are  defined  as  the  ratio  of  die  Laplace  oansfcnned  system  output 
(sensor  signal,  Vaj)  to  input  (acuaior  motion,  a^.  For  the  present 
example,  the  ttansfer  function.  0(s),  is 


G(s) 


Otoe  (a) 


(4) 


In  Eq.  (4),  s  is  the  Laplace  transfHm  variable,  in(;^  *  dC'I'e  -  'VceVd^ 
is  defiiied  as  the  equivaUni  cotn{»essor  slope  for  the  combined  valve 
and  oxn^essor.  my  «  1/(9^/^)  is  the  riope  the  throttle  pressure 


Stitiiliation 

For  feedback  sabilizadon,  one  measures  the  system  output, 
compares  it  with  some  desired  reference  level,  detennines  the  error 
and  computes  an  input  signal  (command  to  the  actuator)  based  upon 
this  error  to  drive  die  error  towards  zero.  If  this  can  be  successfully 
accomplished,  the  system  output  will  be  maintained  close  to  the 
desired  value,  which  normally  implies  that  die  system  is  »aUe*.  The 
relationship  between  the  system  error  signal  and  the  actuator 
command  is  called  the  control  taw,  and  may  be  dynamic  (involving 
diffeiendal  equations)  or  static  (using  only  algebraic  relationships).  In 
this  section,  we  will  use  die  simplest  control  law,  a  pn^xxtional 
reladonship  between  input  and  ot^ut.  to  elucidaie  effects  of  actuator 
and  tensor  selection,  but  in  a  subs^uent  section,  we  will  examine  the 
intact  of  the  fonn  of  the  cooBol  law. 


*  It  is  possible,  in  special  cases,  for  a  system  to  have  an  instalnlity 
which  cannot  be  seen  in  a  patdcuiar  sosot's  output.  However,  if  a 
system  is  deucuMt  (Kwakemaalt  and  Sivan,  1972)  as  is  almost 
invariably  the  case,  this  type  of  patholotical  behavior  cannot  occur. 
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Close-Coupled 
Valve  V 


Injector  j 

Static  Pressure, 
Total  Pressure, 
Velocity 

(3  different  sensors) 


Q  Heat  Addition 

- 1 - ,  Bleed  Valve 


(l-SJCt  +  JO:  >0 

\  fl»re  (ifTe/ 


C Steady-State 
.  Throttle 


I  t  t 

t 

Moving  Plenum  Wall 


■^Plenum 

Pressure 


o  Sensor  LocatioiiS 


Fig.  3:  Acuators  and  sensors  selected  for  evaluation 


System  stability  under  the  influence  of  a' proportional  control 
law  is  determined  from  the  toots  of  the  closed  loop  characteristic 
equadon  (this  is  derived  in  many  texts:  see,  for  example.  Ogata,  1970; 
Di  Stefano.  1990:  Van  de  Vegie,  1990); 

Gd(s)  +  KGn(s)-0  (5) 

In  Eq.  (S),  G],j<s)  and  GqCs)  are  die  numerator  and  denominator 
polynomials,  respectively,  of  the  transfer  function  given  in  Table  2 
and  (he  gain,  K,  is  a  real  constant  of  proportionality  in  the  control  law. 
The  system  will  be  stable  if  and  only  if  all  the  roots  of  the  character¬ 
istic  equation  have  strictly  negative  real  pans.  For  the  present  case, 
where  the  characteristic  equadon  is  a  second  order  polyixstnial,  this  is 
equivalent  to  requiring  all  the  coefficients  in  the  equation  to  be  strictly 
posidve. 

Equadon  (S)  is  the  sum  of  two  terms,  Gd(s)  and  KG^ifs). 
When  the  control  is  off  (K  set  to  zero),  stability  is  determined  from 
the  roots  of  GqCs)  only,  and  thus  is  she  same  whatever  the  actuator- 
sensm  pair.  As  the  gain  K  is  increased  from  zero,  system  stability 
becomes  increasingly  modified  by  the  KGf^s)  term,  and  because  the 
various  actuator-sensor  pairs  have  difFetent  numenaor  polynomials, 
(jI4(s).  the  effect  of  feedback  also  varies.  This  is  best  illustrated  by 
several  specific  examples.  The  first  two  examples  will  show  the 
effect  of  sensor  type,  whereas  coiigtarison  between  behavior  in  the 
second  and  tfauxi  tUusiiate  the  impact  of  the  actuator. 


Using  the  appnptiaie  transfer  function  from  Table  2, 
subsdndng  inu  the  chatacteiistic  Eq.  (5),  and  rearranging  results  in  a 
characteristic  equadon  of  die  fonn 

For  Stability  we  require 


/_J - Bmce  +  KBTl>0 


All  the  parameters  in  there  two  inequalides  are  positive  numbers 
except  for  the  compressor  slope.  m<;i .  If  mcj  <  0,  as  it  ryptcaily  is  for 
high  flow  rates,  the  system  will  be  stable  with  no  feedback,  that  is 
svith  K  set  equal  to  zero.  As  the  flow  rate  becomes  lower,  mce  will 
become  less  negative,  reaching  zero  at  the  peak  of  the  compressor 
chaiactetisdc.  and  then  moving  to  a  large  enough  posidve  value  so  iftai 
the  system  will  be  unstable  without  feedback.  For  sufficietuiy  large 
values  of  the  gain  K,  however,  both  the  inequalities  expressed  in  Eqs. 
(73)  and  (7b)  can  be  simultaneously  sadsfied  and  the  system  can 
always  be  subilized. 


In  this  case,  as  given  in  Table  2.  the  numcraiOT  polynomial  of 
the  transfer  funedoo  contains  only  a  constant  term.  The  characteristic 
equadon  is: 

0.s2+f— 1 - Bmcels  +  fi  -  ^  +  Kt|. 

'  'WTe  I  (8) 

The  system  can  now  only  be  stabilized  if  the  equivalent  compressor 
slope  is  small  enough  so  that  the  term  {'/%mTe  ~  ®'*'Ce)  is  posidve;  in 
other  worts,  the  equivalent  compressor  slope  obeys  the  inequality 

The  ability  of  propordooal  feedback  to  stabilize  this 
system  is  tiius  limited  to  a  certain  range  of  parameters.  For  many 
applicadons.  B  is  unity  or  larger  and  the  thr^e  slope,  rmjt.  is  on  the 
Older  of  ten  to  one  hundred,  so  the  useful  range  can  be  quite  small. 

Eamptei!  Plenum  BI«nl.Valv{, TOD  Mcaaurcmtrn 

of  Plenum  Pressure 

From  Table  2,  the  numerator  polynomial  for  this  care  is 

Gn(*)  “  ■  ^  ”  BmeJ 

and  the  chanciciistk  equation  is  given  by 

0  •  s^  +  (  ^  s  +  fl  —  KVin^j] 

|Bn»re  ^  B  1  1  ">7*  (10) 


Whether  the  gain  K  is  chosen  to  be  positive  or  negadve.  it  will  have 
the  desired  effect  on  only  one  of  (be  two  coefficients  of  the 
chancterisdc  equation.  As  a  result,  siabilizanon  is  limited  to  cares 
where  mo^  <  1/B.  The  limiiadon  is  associated  with  the  sign  change 
between  the  leading  and  the  constant  coefficient  of  Gy^s)  (Eq.  (9)), 
which  implies  that  Gf,](*)  ^  ^  ^  complex 

plane.  Sysiems  whore  tnnsfer  functions  have  numeraiors  with  zeros 
in  the  rig^t  half  of  the  complex  plane  are  called  non-rranimum  phase 
systems.  The  ability  to  conooi  non-minimum  phase  systems  is 
known  to  be  tubjca  to  oettain  fundamentii  lindtadons  (see 
Fieudenberg  and  Looze.  19SS)andthisisjustonemanifesudonof 
(he  generally  poor  behavior  encountered  in  such  systems. 

The  remaining  actuator-sensor  pain  whore  transfer  functions 
appear  in  Table  2  have  also  been  analyzed,  and  the  results  are 
summarized  in  Tables  3  and  4.  TaUe  3  gives  the  chatacterisdc 
equation  (the  rooa  of  which  define  (he  stabiliry  of  the  closed  loop 
system)  for  all  the  sensor-actuamr  pairs.  For  stability,  all  coefficients 
in  (he  characteristic  equation  must  be  positive:  fiom  this  requirement, 
the  capability  of  each  scheme  to  extend  the  flow  range  to  high  values 
of  compressor  slope  can  be  deiennined. 
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TABLE  3 

CLOSED  LOOP  CHARACTERISTIC  EQUATIONS  WITH  PROPORTIONAL  CaIN  K 


Actuator 

Sensor 

Oose-Coupicd  Valve 

Plenum  Bleed  Valve 

Moveable  Wall 

Compressor 
Mass  Flow 

-- 

Plenum  Pressure 

‘(■-^-K»cV 

'1- 

1 

Compressor  Face 
Total  Pressure 

(l-fKT^s^  +  (-BniQj  +  \  s 

\  fitny-e  BmjJ 

\Bn>x*e  ® 

s2  +  /_JI - Bmce  -  K^^ 

\Bn>74 

Compressor  Face 
Static  Pressure 

(l+KT)s2  +  -Bmce  +  KT2i>B 

1  B«»r« 

Bmrei  1  ’^c  ®re  / 

‘1' 

s2  ♦  (— 1 - Bmce  ♦  KV, 

\Bmxt 

.(i_^.2KW4b) 

1* 

TABLE  4 

LIMITATIONS  ON  COMPRESSOR  FLOW  RANGE  INCREASE  WITH  PROPORTIONAL  CONTROL 


Actuator 

Sensor 

Ciose>Coupled  Valve 

Plenum  Bleed  Valve 

Moveable  Wall 

Compressor 
Mass  Flow 

Unlimiied  Ringe  Increase 

*'  ®Ce 

K-^  as  B-»~ 

Limiied  Range  Increase 

DTIXTc 

Limited  Range  Increase 

BTirrc 

Plenum  Pressure 

Limited  Range  Increase 

BTUTe 

Limited  Range  Increase 
mce<^ 

Limited  Range  Increase 

mc.<^ 

Compressor  Face 
Toul  Pressure 

Liffliied  Range  Increase 

inCe<0JT* 

Limited  Range  Increase 

mcecnrr* 

Limited  Range  Increase 

nice<nrrt 

Compressor  Face 
Static  Pressure 

Unlimited  Range  Inoease 

K- 

Unlimiied  Range  Increase 

SS^when— J - <1 

2^B*inTe 

■  —  odierwise  u  mce  -♦  •• 

2V^njTe 

K~t^^uB-+- 

K- 

Unlimited  Range  Increase 

2Ce§.  when - }■ - <  1 

W  2^B^e 

— ■■■  otherwise  m  tnce  -♦  *• 
l2mTeW^B 

K-SnJCtaaB-*- 

W 
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The  behavior  of  ihe  different  pairs  is  shown  more  explicitly  in 
Table  4,  which  summarizes  the  iimitadons  of  each  pair.  In  some 
instances,  for  example  sensing  comptesstH’  mass  flow  and  actuating 
with  a  close-coupled  valve,  the  range  of  parameters  over  which 
stabilization  may  be  achieved  is  unlimited,  although  large  values  of 
gain  may  be  required  with  a  large  compresses  slope  or  targe  value  of 
the  B  parameter.  In  these  cases,  therefore,  the  asymptodc  behavior  of 
the  requited  gain  is  given  for  large  B  and  ctsnpressor  slope,  in  order 
to  show  the  trends  to  be  expected  in  these  tegimes.  As  will  be 
discussed  in  more  detail  subsequently,  excessive  gain  must  be 
avoided  in  pracdcai  situations;  however,  as  shown  in  Table  4,  the  gain 
increases  either  linearly  or  quadradcally  with  compressor  slope  and  B. 
Thus,  there  will  be  a  pracdcai  limiiadon  on  maximum  slope  or 
maximum  B  at  which  the  system  can  be  stabilized. 

An  addidonal  point  to  note  is  dtat  the  iimitadons  on  stability 
can,  in  some  cases,  be  relaxed  or  removed  by  using  a  dynamic  conTol 
taw.  Thus,  the  Iimitadons  expressed  in  this  secdon  reflect  the 
combined  properties  of  actuator,  sensor,  and  control  law  taken 
together,  and  not  necessarily  the  individual  elements.  Within  the 
restriedon  to  a  fixed  control  law  maintained  here,  however,  the 
comparison  of  different  sensor-actuator  pairs  is  both  valid  and  useful. 


PRACTICAL  LIMITS  TO  CONTROL 

The  analydcal  results  so  far  indicate  that  the  ability  to  stabilize 
the  system  with  proportional  control  depends  strongly  on  proper 
pairing  of  actuator  and  sensor,  as  well  as  on  the  values  of  the  system 
parameters,  particularly  the  compressor  slope  (m<;)  and  B. 

In  the  above  examples,  he  wever,  we  have  considered  ideal, 
linear  systems  in  which  only  the  dynamics  of  the  pumping  system  are 
modelled.  To  address  the  issue  of  implementation,  it  is  also  necessary 
to  include  bandwidth  limiiadoas  and  actuator  constraints  (for  example, 
servo  dynamics  and  stops)  which  are  encountered  in  any  physical 
realization.  As  a  nutter  of  definition,  by  actuator  we  refer  here  to  the 
entire  actuation  system  including  the  flow  train  element  (e.g.  the 
valve),  the  motor  that  drives  it,  and  any  included  feedback  elements. 

The  bandwidth  limitations  may  be  imposed  by  the  sensors, 
processor,  actuator,  or  some  combination  of  the  three.  System 
bandwidth  may  also  need  to  be  constrained  to  ttuiniain  stability  if 
unmodelled  dynamics  are  present.  Unless  the  bandwidth  of  the 
actuator  is  much  greater  than  that  of  the  comptessioa  system,  there  is 
a  non-negligible  time  lag  between  the  command  oupput  of  the  control 
law  and  the  response  of  the  flow  train  elemenL  The  lags  introduced 
by  the  actuator  generally  result  in  reduced  control  effectiveness, 
although  to  some  degree,  they  can  be  compensated  for  by  use  of  a 
conirtrf  law  more  sofriusticaied  than  proportional  conooL 

Another  consiiaint  on  control  effectiveness  is  introduced  by 
bounds  on  actuator  influence.  For  example,  valve  areas  can  only  be 
modulared  between  0  and  1(X)%  6.e.  the  valve  must  be  somewhere 
between  full  open  and  full  closed). 

Sensor  and  Artuator  Pairs  and  fluid  Model 

In  thia  section,  we  ouraerically  examine  the  limitations 
imposed  by  effects  such  as  thme  described  in  the  proceeding.  Five 
actuaton  four  seruon  are  studied  as  representative  of  adiverse  sr 
of  implementation  options.  The  selected  acniamn  were: 

1)  injection  in  tiw  compressor  duct; 

2)  close-ooupled  conool  valve; 

3}  pleinni  Meed  valve; 

4)  plenum  heat  addition:  and 

5)  a  movable  plenum  wall. 


The  selected  sensces  were: 

1)  compressor  duct  mass  flow; 

2)  plenum  pressure; 

3)  compressor  face  sutic  pressure;  and 

4)  compressor  face  total  pressure. 

These  actuators  and  sensors  are  shown  schematically  in  Fig.  3.  At  the 
level  of  idealization  used  here,  the  close-coupled  valve  could  be  either 
at  compressor  inlet  or  exit  wdthout  changing  the  results. 

The  linear  lumped  parameter  models  of  the  previous  sccdon 
were  extended  as  requited,  because  the  various  actuators  imply 
additional  system  states.  The  following  assumptions  were  made  in 
modelling  the  actuaior  behavior 

1 )  the  injector  flow  is  incompressible  and  fully  mixed  out; 

2)  the  injector  is  quasi-steady,  inertial  effects  are  tumped  into 
upstream  and  downstream  ducts: 

3)  the  close-coupled  valve  flow  is  incompressible  and  quasi¬ 
steady; 

4)  the  plenum  is  well  mixed,  has  uniform  pressure,  tempentture, 
negligible  veioddes.  and  follows  ideal  gas  laws  with  constant 
specific  heac 

5)  the  mass  of  fuel  is  neglected  and  heat  release  is  instantaneous; 
and 

^  the  throttle  and  bleed  valve  are  quasi-steady. 

The  differential  equations  that  describe  the  system  dynamics 
are  obtained  by  performing  balances  on  momentum  in  the  ducts  and 
mass  and  energy  in  the  plenum  (Simon,  1992).  They  are: 


dit| 

dt 


UM 


(A'Fu-.-Voj) 


<1»2 

dx 


((A'Fd  +  Voj)  +  H'c-'Fcc-v) 


(lla) 

(Ub) 


2BTp 


(He) 


(Hd) 


ilili-  ■ .  X  V*  +  Vc 
«; 


(lie) 


There  are  five  states  needed.  The  mass  flow  rates  in  the 
portion  of  the  dua  upstream  attd  downstream  of  the  injector  are  given 
by  ^1  and  42>  non-dimensiona}  mass  and  energy  of  the  gas  in  the 
plenum  are  given  by  m*  and  E*.  arid  the  non-dimensional  plenum 
voiume  is  given  by  V*.  The  effects  of  the  various  actuators  are  given 
by  the  functions,  ASKg  and  representing  the  injector.  'Fq;. 
represennnf  the  close  coupled  valve,  representing  the  plenum 
bleed,  (}*,  tepreseating  the  plenum  heat  addition  and  4.  rqrtesenting 
the  plenum  wall  motion. 

The  geaeial  description  is  ttonlinetr,  but  it  is  small 
peiturbaiioM  which  are  of  primary  interest  here,  and  Eqs.  (1 1)  can  be 
linearized  o  yield  an  equation  set  of  the  form; 


X  ■  Ax  Bu 


(12) 


with  the  output  vector  y  defined  as 

y»Cx-*-Du  (13) 
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!n  Eqs.  (12)  and  (13),  the  lineaiized  sute  variables  x,  the  inputs  u.  and 
the  outputs  y.  are  penurbadons  from  the  corresponding  equilibrium 
values,  and  A,  B,  C,  and  D  are  appropriately  dimensioned  constant 
matrices.  The  state  variables  have  been  normalized  as  detailed  in 
Table  S,  so  that  unity  magnitude  for  any  of  these  penurbadon 
variables  has  roughly  the  same  physical  significance. 


tables 

NORMALIZATION  FACTORS 


Perturbation  Variable 

Normalized  By 

Flow 

Pressure 

Thermal  input 

Moving  wall  work  input 
Plenum  bleed  valve  area 
Qose-coupled  valve  area 

Time  mean  flow  through  compressor 
Time  mean  compressor  pressure  rise 
Mean  compressor  work 

Mean  compressor  work 

Area  to  fully  close  valve 

Area  to  fully  open  or  close 
(whichever  is  smaller) 

All  twenty  pairings  of  the  five  actuators  and  four  sensors  have 
been  evaluated  with  a  propornonal  contn^  law.  Such  a  comparison 
provides  two  useful  results.  One  is  the  idendficadon  of  actuator¬ 
sensor  pairs  which  may  be  stabilized  over  a  significant  range  of 
system  parameters  using  the  simplest  possible  control  law.  In 
addidon.  for  those  pairs  with  significant  stabilizadon,  the  required  gain 
gives  a  measure  of  the  combined  effecdveness  of  this  choice  of 
sensing  and  acmadng  locadons. 

As  was  discussed,  it  is  useful  to  weed  out  those  systems 
which  could  tnathetnadcally  be  stabilized  but  stand  little  chance  of 
succeeding  in  an  actual  implementadon.  To  this  end,  two  constraints 
were  imposed  First,  the  allowable  magnitude  of  the  normalized 
propornonal  gain  was  limited  to  be  not  more  than  twenty.  For 
example,  at  the  maximum  allowable  gain,  a  five  percent  change  in 
comiTCSsar  mass  flow  would  yield  a  one  hundred  percent  change  in 
plenum  bleed  valve  area:  that  is,  the  valve  would  be  fully  closed. 
Second  the  bandwidth  of  the  fudback  loop  was  limited  by  modeling 
a  two-pole,  low  pass  Butierworth  filter  in  the  feedback  path.  This 
filter  can  be  given  various  physical  inieipreiabons  such  as  probe 
dynamics,  amplifier  dynamics,  actuator  dynamics  or  unmodelled 
dynamics  in  the  compression  system  itself.  Whatever  the 
inieipretadon,  the  insertion  of  the  filter  insures  that  the  feedback  path 
has  :^te  bandwidth,  a  constraint  which  will  always  exist  in  practice. 
The  study  was  carried  out  with  the  cutoff  frequency  of  this  filter 
maintain^  at  ten  times  the  Helmholtz  frequency  of  the  system 
fottned  by  the  plenum  and  compressor  ducts,  ^sitivity  to  this 
assumption  will  be  examined  subsequently. 

The  flgure  of  merit  used  to  assess  the  actuator-sensor  pairs 
was  to  examine  the  stability  boundaries  in  s  compressor  slope  versus 
B  parameter  plane.  Preliminary  studies  shr.wed  that  these  two 
parameters  have  a  dominant  effect  on  system  subility.  It  is  thus  more 
relevant,  fcf  example,  to  quantify  the  amount  of  stabilization  that  can 
be  achieved  in  terms  of  the  compressor  slope  which  enters  into  the 
stability  in  an  explicit  manner,  ttther  dian  tte  change  in  mass  flow  at 
stall  The  relative  extent  of  the  stabilized  region  in  this  compressor 
slope  B-parameter  plane  thus  provides  an  aj^Hopriate  and  useful  basis 
for  comparison.  The  boundaries  were  computed  by  first  performing 
an  incremental  search  over  the  thiee-dimensianil  (slope,  B  paiameter 
giin)  parameter  space.  Fbireach  fixed  B.  the  value  of  gain  which 
maximized  the  si^  at  instairiliiy,  as  well  as  the  corresponding  slope, 
wa  then  found,  again  using  an  incremental  search.  The  stability 
boundaries  in  die  B  parameter  versus  slope  plane  thus  represent  the 
maximum  slope  which  could  be  stabilizi^  using  any  gain  less  than 
twenty. 


RESULTS  OF  THE  CONTROL  SCHEME  EVALUATIONS 

The  results  of  the  calculations  ate  summarized  in  Fig.  4,  which 
shows  the  subility  boundaries  for  the  twenty  acniator-sensor  pain. 
The  figure  is  biolun  into  four  plots,  one  for  each  sensor.  Within  each 
plot,  the  five  curves  indicite  the  different  actuators.  The  region  below 
and  to  the  left  of  any  given  line  is  the  region  in  which  stabilization  can 
be  achieved.  In  the  upper  left  hand  plot,  for  example,  all  the  region  to 
the  left  of  the  dash-dm  line  rq^ents  the  range  of  compressor  slope 
and  B  in  which  the  combination  of  compressor  mass  flow  sensor  and 
closc-coupled  valve  is  capable  of  suppressing  the  insubiliiy. 

Several  general  conclusions  can  be  drawr  from  the  results  in 

Fig.  4. 

1.  The  overall  trend  is  that  control  becomes  more  difficult  as  the 
compressor  slope  and  B  parameter  increase,  with  the  maximum 
stable  slope  decreasing  with  increasing  B. 

2.  Only  the  actuators  located  in  the  compressor  dua,  which  act  upon 
the  compressor  duct  momenram  (injector  and  close-coupled 
control  valve),  are  capable  of  subilization  at  steep  slopes  over  the 
full  range  of  B. 

3.  Plenum  heat  addition  gives  little  or  no  statulity. 

4.  In  general,  there  is  no  best  sensor  independent  of  the  actuator. 

For  reference,  die  range  of  B  parameters  that  might  be 
associated  with  large  axial  gas  turbine  engines  is  noughly  0.2  to  0.4, 
with  that  for  small  centrifugal  machines  approximately  1  to  4. 

A  more  specific  conclusioR  is  given  by  the  comparison  of  the 
results  with  the  mass  flow  sensor  to  the  other  sensor  locations.  As  B 
reaches  a  value  of  roughly  unity,  the  ability  of  all  the  pairs  to  stabilize 
the  system  becomes  quite  small,  except  for  the  close-coupled  valve 
and  the  injector  which  use  mass  flow  sensing.  This  points  out  clearly 
that  not  only  is  actuator  position  important,  but  sensor  position  is  as 
welL 

The  conclusion  about  the  effect  of  actuamr  position  is  one  that 
is  in  general  accord  with  intuitive  ideas  of  system  behavior,  but  that 
having  to  do  with  sensors  is  somewhat  less  familiar.  It  is  therefore 
worthwhile  to  give  some  physical  motivation  for  the  impact  of  sensor 
position. 

The  different  dynamics  brought  about  by  the  various  sensors 
can  be  understood  with  reference  to  the  non-dimensional  characteristic 
equation  for  the  unsteady  system  behavior  with  no  feedback; 


For  stability  the  coefficients  of  the  second  and  third  terms  must  be 
positive,  so  that 


”>Cs«n»re  (15b) 

As  described  by  Greitzer  ( 198 1 )  the  mechanism  of  instability  can 
either  be  static,  comsponding  to  die  im  quality  in  Eq.  ( 1  Sb)  being 
violated  or  dynaintc,  canesponding  to  the  violation  of  that  in  Eq. 
(15a).  Whichever  of  these  events  occurs  (it  is  the  second  that  is 
generally  more  imponant),  die  cause  for  this  is  a  positive  slope  of  the 
conqnessor  pressure  rise  characteristic.  Therefore,  let  us  examine 
bow  the  destabilizing  effea  of  positive  slope  is  ameiiorated  when 
different  sensing  schemes  are  used.  As  a  case  of  high  practical 
interest,  we  consider  the  close-couplai  valve  with  two  different 
sensors,  one  measuring  compressor  mass  flow  and  the  other 
measuring  the  total  pressure  at  the  conqiressm^  inlet  face. 

In  the  first  of  these,  the  valve  position,  and  hence  the  valve 
pressure  drop,  is  proportional  to  the  sensed  perturbations  in 
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Fig.  4:  Influence  of  sensor  and  actuator  selection  on  tnaximum  stabilized  compressor  characteristic  slope 
for  a  bandwidth  and  gain-limited  system 


compressor  mass  flow.  The  ptessure  perturbations  across  the 
compressor  and  the  across  vaive  are  b^  propomonal  to  the  mass 
flow  perturbaDons.  Because  the  valve  is  just  downstream  of  the 
compressor,  the  two  act  in  series,  creating  an  effective  compressor 
slope  which  is  the  sum  of  the  (positive)  slope  across  the  compressor 
and  the  (negative)  slope  across  the  valve.  It  is  this  combined 
characterisdc  which  the  system  “sees”. 

Suppose  the  constant  of  proportionality  between  sensed  mass 
flow  and  valve  opening  angle  is  K,  and  the  rate  of  change  of  valve 
pressure  drop  per  increment  in  opening  angle  is  T.  For  a  given  mass 
flow  penurbadon,  the  effective  slope  of  the  compressor  will  change 
from  mce>  feedback,  to  mce  -  KT  when  feedback  is  applied. 
Sensing  the  conqnessw  mass  flow  and  feeding  the  signal  back  to  the 
valve  actuator  thus  works  directly  on  the  cause  of  the  instability,  the 
positive  compressor  slope.  (Ins^on  of  the  slope  m^  •  KT  in  Eq. 
04)  in  fact  gives  just  the  characteristic  equation  in  Table  3.) 

A  i£Jferent  situotioa  prevails  for  the  inlet  total  pressure  sensor. 
The  inlet  itxal  ptessure  perturbation  is  rdaied  to  the  derivative  of  the 
inlet  mass  flow,  i.e.,  the  fluid  acceleration  in  the  compressor  duct, 
through  the  unsteady  Bernoulli  Equation 

P.  -P>  -of  ^dx 

•o  ^Jo  at 

Non-dimensiofializing  and  linearizing  gives 


where  Stpii  is  the  total  pressure  petturbadon  at  the  compressor  face  in 
non-dimensional  form.  If  the  valve  angle  petturbadon  is  propordonal 
to  the  compressor  inlet  total  pressure,  the  result  is  to  create  a  pressure 
change  across  the  valve  propordonal  to  the  acceUrmion,  which  is  the 
derivadve  of  the  state  variable  0-  In  other  words  the  effect  of 
feedback  in  this  case  is  to  alter  the  overall  pressure  diffeience  from 
duct  inlet  to  exit  for  a  given  fluid  acceleration  rate.  As  far  as  the 
system  is  concerned,  tliis  is  seen  as  a  change  in  compressor  duct 
length,  since  the  longer  the  duct,  the  larger  will  be  the  instantaneous 
pressure  change  that  results  from  a  given  fluid  acceieradon. 

An  increase  in  effecdve  length  of  the  duct  does  several  things 
to  the  system.  It  drops  the  natural  frequency,  which  scales  as  1/V7^. 
Mote  importantly,  it  changes  the  effecdve  v^ue  of  the  B-parameter, 
which  also  scales  as  Vfc^.  Both  these  changes  can  be  seen  in  the 
characteristic  equadon  in  Table  3,  in  which  the  critical  value  of  B  for 
instability  is  increased  by  Y 1  +  KT,  1  +  KT  being  just  the  faaor  by 
which  the  effective  length  is  increased.  In  the  case  of  total  pressure 
sensing,  however,  only  the  dynamic  instability  is  influenced,  because 
ifae  increase  in  effecdve  mass  does  nothing  to  alter  the  stadc  stability. 
The  instability  limit  is  thus  still  m(^  2  mr,. 

Somewhat  siroilar  arguments  can  be  made  for  other  sensor- 
actuator  pairs,  but  the  main  point  is  that  the  use  of  different  sensors 
for  the  feedback  gives  the  system  quite  different  propeides.  For  the 
feedback  on  mass  flow,  one  of  the  resisdve  elements  in  the  system  is 
altered  directly,  whereas  for  die  feedback  on  inlet  total  pressure,  it  is 
the  effective  inertia  that  is  changed,  and  difrerent  dynamical  behavior 
thus  results. 


9 


EfTtrt  of  Control  System  Bandwidth 

As  mentioned  t»eviousJy,  the  study  of  the  sensor-actuator 
pairs  was  carried  out  using  a  value  of  control  system  bandwidth  (0)^) 
ten  times  the  compression  system  Helmhoto  ftequency  (ton). 
can  also  examine  the  influence  of  this  parameter,  in  other  words,  of 
controller  bandwidth,  on  the  stabilization  process.  Figute  S  thus 
shows  the  changes  in  instability  onset  that  occur  with  different 
controller  band  widths  for  conditions  corresponding  to  the  close- 
coupled  control  valve,  with  feedback  on  mass  flow,  and  a  B- 
parameter  of  2.  In  the  figure,  the  horizontal  axis  is  the  controller  gain, 
and  the  venica]  axis  is  the  compressor  charaaerisdc  slope  at 
instability.  Curves  are  shown  for  values  of  from  1.0  to  100, 
representing  extremes  of  this  ratio,  and  it  is  evident  that  controller 
bandwidth  strongly  influences  the  range  of  stabilization  that  can  be 
achieved. 

Several  trends  are  exhibited  in  Kg.  5.  Rrst,  for  a  controller 
bandwidth  such  that  (V<U{{  =  1,  use  of  the  control  actually  degrades 
the  stability  -  the  more  gain  the  less  steep  the  compressor  slope  that 
can  be  achieved.  In  this  regime,  control  systei.t  effectiveness  is 
adversely  affected  by  the  system  dynamics  and  the  influence  of 
modelling  inaccuracies  becomes  more  pronounced.  Second,  when 
(0^(0}]  becomes  considerably  larger,  increasing  the  controller 
bandwidth  increases  the  compressor  slope  that  can  be  attained.  Third, 
for  a  given  level  of  bandwidth,  increasing  gain  increases  stability  only 
up  to  a  point;  beyond  this  point  the  stabiiizadon  decreases  as  gain 
increases.  The  value  of  gain  for  maximum  stabilization  increases  with 
bandwidth. 

The  necessity  to  go  to  higher  bandwidth  at  higher  slope  arises 
because,  as  the  slope  increases,  the  system  dynamics  become  faster 
relative  to  the  undamped  natural  frequency  (Helmholtz  frequency). 
There  can  thus  be  coupling  between  oscillations  in  the  controller  and 
In  the  aerodynamic  system  that  lead  to  instabilities,  so  actuator 
dynamics  play  a  role  in  setting  the  range  of  stability  (as  they  clearly  do 
at  cj^(i3j{  si).  In  fact,  the  analysis  so  far  of  the  close-coupled  valve 
configuration  tested  experimentally  indicates  that  the  degree  of 
stabilization  is  thewetically  limited  by  a  high  frequency  instability 
involving  the  actuator  dynamics.  This  point  is  an  important  one  since, 
in  many  cases,  it  is  difficult  to  engineer  actuators  with  bandwidths 


Kg,  5:  Influence  of  nonnaitzed  control  system  bandwidth 

on  the  feedback  gain  required  and  flow  coefficient  at  instabi¬ 
lity  onser,  cltMC-coiipled  control  valve 


many  rimes  that  of  the  Helmholtz  frequency.  The  analysis  suggests 
that  actuator  bandwidth  will  be  a  prime  determinant  of  practical 
system  performance  and  that  research  and  development  on  this  topic 
is  useful  to  pursue. 


LIMITS  TO  CONTROL  WITH  AN  IDEAL  CONTROLLER 

With  the  four  sensors  studied,  and  proportional  control,  the 
close-coupled  valve  and  injector  emerge  as  the  most  promising 
actuators.  A  further  question  to  address,  however,  is  whether  the  type 
of  compensation  or  choice  of  sensors  would  affect  this  conclusion.  In 
this  section,  oprimai  control  theory  is  used  to  provide  a  definite 
answer  to  this  question.  To  motivate  the  approach  taken,  some  basic 
aspects  of  linear  dynamic  system  stabilization  are  first  presented.  For 
small  disturbances,  the  compression  system,  actuators  and 
disturbances  are  described  by  the  linear  dtfferenriai  equation  set; 

X  e  Ax  +  Bu  +  Lw 

where  X  is  a  five-dimensional  vector  of  system  states,  u  is  a  scalar 
representing  a  particular  actuated  variable,  w  is  a  p-diroensional  vector 
of  external  disturbances,  and  A,  B,  and  L  are  constant  matrices  of 
appropriate  dimensions.  This  is  just  Eq.  (12)  modified  to  include  the 
eflect  of  external  disturbances.  It  is  known  (see.  for  example, 
Kwakemaak  and  Sivan,  1972))  that  systems  of  this  type  can  be 
stabilized  for  all  conditions  using  the  control  law  u  » -Kx,  where  K  is 
now  a  one-by-five  constant  gain  matrix,  provided  only  that  the  pair 
A.6  is  controllable'.  Such  a  control  law  is  known  as  full  state 
feedback  and  requires  that  the  sute  of  the  system,  x.  be  known 
perfeedy.  For  a  system  with  n  states,  this  would  require  n  properly 
placed  sensors.  For  the  situation  of  interest  here,  over  the  range  of 
parameters  which  have  been  analyzed,  the  requirement  of 
concrollabiltty  is  met  Thus,  with  enough  properly  placed  sensors, 
stabiiizadon  of  any  idealized  linear  system  is  not  a  problem. 

AU  actuators  are  not  equally  suitable  for  this;  some  have 
excessive  amplitude  requirements.  In  the  antdysis,  therefore,  the 
acmatois  are  compared  based  upon  their  minimal  required  RMS  (root 
mean  square)  response  to  a  persistent  broadband  disturbance,  while 
maintaining  system  stability.  This  comparison  is  independent  of 
ch(»ce  of  sensor,  because  it  is  assumed  that  the  state  of  the  system  is 
known  at  all  rimes.  Fitter,  the  comparison  is  based  upon  the 
minimal  possible  RMS  amplitude,  and  hence  there  is  no  question  as 
to  whether  a  particular  actuator  would  perform  better  if  another  control 
law  were  used  In  this  sense,  the  comparison  is  also  independent  of 
(he  control  law. 

Specific  details  of  the  computations  performed  are  included  in 
Simon  (1992),  and  a  more  general  treatment  can  be  found  in 
Kwakemaak  and  Sivan  (1972).  The  central  concert  to  be  used  is  that, 
if  the  disturbance  can  be  described  as  a  stationaiy,  Gaussian,  white 
noise  process,  a  pardcuiar  gain  matrix  K  can  be  found  which  will 
minimize  the  root  mean  square  value  of  the  actuated  variable  u.  The 
gain  matrix  K  and  the  RMS  value  of  u  will  depend  upon  the  matrix  L 
which  determines  how  the  disturbance  enters  the  system  and  upon  the 
starisrical  properties  of  the  disnirtiance. 

For  this  analysts,  the  disnirbances  driving  the  system  must  be 


*  A  linear  time  invariant  system  x  Ax  +  Bu  is  controllable  if  and 
only  if  there  exists  a  piecewise  continuous  function  u(r)  which  will 
transfer  the  system  from  any  initial  state  xo((o)  to  a  final  sate  x;(t|)  in 
a  finite  rime  interval  t)  - 10  (see  Kwakemaak  and  Sivan.  1972). 
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EFFECT  OF  DISTURBANCE  TYPE 
ON  SYSTEM  BEHAVIOR 


Fig.  6:  Maxiinum  slope  at  which  the  RMS  actuation  will  be  no 
greater  than  25%  of  the  tnaxitnum  actuator  authority;  ideal 
controller  and  perfect  knowledge  of  the  system  sute 


chosen.  Three  disturbances  wew  studied:  1)  a  compressor  with  an 
unsteady  pressure  rise;  2)  an  unsteady  heat  release  in  the  plenum 
chamber;  and  3)  an  unsteady  outflow  through  the  throttle.  In  each 
case,  the  input  disturbance  amplitude  (white  noise  intensity)  was 
normalized  to  that  required  to  produce  a  one  percent  RMS  fluctuation 
in  compressor  mass  flow  at  a  fixed,  stable  operating  point 

The  resvlts  of  this  analysis  are  illustrated  in  Fig.  6.  In  the 
figure,  the  maximum  allowable  slope  at  which  the  system  can  be 
stabilized  is  plotted  as  a  function  of  B  for  five  different  actuators, 
based  on  the  restriction  that  the  normalized  RMS  actuadon  is  no 
greater  than  0.23  for  the  most  deleterious  type  of  disturbance.  The 
choice  of  this  level  of  maximum  RMS  actuadon  is  somewhat 
arbitrary,  but  it  is  taken  to  be  one  that  can  be  achieved  in  praaice.  In 
addidon,  computadons  have  been  carried  out  at  other  levels,  and  the 
results  show  similar  trends. 

For  all  the  actuators,  the  maximum  stable  slope  that  can  be 
attained  decreases  as  the  B -parameter  increases.  However,  the 
sensidvity  of  the  slope  to  B  varies  markedly  between  different 
actuators.  As  with  the  propordonal  control,  those  actuators  which  are 
nsost  closely  coupled  to  the  compressor  (the  injecdon  and  the  close- 
coupled  valve)  are  the  most  effecdve.  The  figure  shows  that,  for  B 
greater  than  unity,  the  maximum  compressor  slope  at  which  the 
system  can  be  stabilized  is  quite  limit^  (For  reference,  the 
characteristic  of  the  turbocharger  used  in  the  experiments  described 
previously  has  a  maximum  slope  of  approximately  six,  i.  e.,  itig  2  6). 
In  addidon,  except  for  the  close  coupl^ -valve,  whose  performance 
becomes  independent  of  B,  the  maximum  stable  slope  decreases 
monotonically  with  B  parameter.  In  particular,  heat  addidon,  which 
might  seem  attractive  because  of  ease  of  implementation  through  fuel 
injection,  shows  little  potential  for  stabilization  at  values  of  B  larger 
than  unity. 

Another  result  is  that  the  behavior  of  the  plenum  bleed,  the 
injector,  and  the  moving  wall  are  roughly  comparable,  although  the 
injector  has  some  advantage  for  larger  values  of  B  (greater  than  two, 
say).  At  these  high  values  of  B  parameter,  however,  the  close  coupled 
valve  has  a  clear  advantage,over  all  of  the  other  schemes  examined,  in 
stabilizing  the  system. 


The  influence  of  the  disnirbance  type  on  controlled 
compressor  performance  is  shown  in  Fig.  7  for  the  close  coupled 
valve,  the  actuator  shown  to  be  most  effecdve  in  enhancing  flow  range 
for  large  values  of  B.  The  horizontal  axis  is  the  slope  of  the 
compressor  characteristic,  and  the  vertical  axis  is  the  normalized  RMS 
actuation  level.  The  difference  betwen  the  three  curve;  indicates  the 
impact  of  dismrbance  type  on  the  ability  to  connol  the  system. 
Compressor  pressure  rise  disnirbances,  such  as  might  arise  from  local 
unsteady  flow  in  the  impeller  or  diffuser,  create  a  siniadon  that  is 
more  difficult  to  control  than  disturbances  due  to  combustor  heat 
release  or  throttle  mass  flow  fluctuation. 

The  implication  of  Fig.  7  is  that  the  nature  of  the  disturbances 
driving  the  system  is  an  important  factor  in  setting  the  requirements 
for  stabilization.  There  is  little  known  at  present  about  the  detailed 
disturbance  structure  within  turbomachinery  and  engines.  It  thus 
appears  that  characterization  of  these  unsteady  phenomena  is  a 
research  item  of  considerable  practical  concern. 

SUMMARY  AND  CONCLUSIONS 

An  evaluation  of  strategies  for  the  active  control  of 
compression  system  surge  has  been  carried  out,  as  a  first  step  towards 
developing  rational  design  prtxedures  for  active  surge  stabilization.  A 
basic  result  is  that  acniators  and  sensors  which  measure  and  act  upon 
the  momentum  of  the  fluid  in  the  compressor  duct  are  the  most 
effective  for  geometries  and  compressor  slopes  of  interest  for  gas 
turbine  applications.  Although  this  result  was  qualitatively  known,  the 
analysis  has  quantified  the  severity  of  these  trends,  showing  them  to 
be  extremely  important  over  the  parameter  range  of  interest.  The 
following  specific  conclusions  can  be  made: 

•  Proper  choice  of  actuator  and  sensor  is  an  important  pan  of  the 
overall  design  of  a  surge  stabilization  system. 

«  Mass  flow  measurement  with  either  a  close-coupled  valve  or  an 
injector  for  actuation  are  the  most  promising  approaches  of  those 
et^uated 


Fig.  7:  Influence  of  compression  system  disturbance  type  on  acmator 
motion  required  to  stabilize  the  system;  close-coupled  valve 
actuator,  B  >  2 
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•  Fuel  modulation  is  not  a  promising  candidate  for  practicaJ  rangef 
of  system  parameters. 

•  Giaiacterizadon  of  compression  system  dismrbance  sources  is 
important  for  determining  ine  requirements  for  active  control 
schemes. 

•  Steep  slopes  and  large  B  parameters  make  control  more  difficult. 

•  Actuator  bandwidth  can  be  an  important  constraint  in  many 
practical  implementations. 
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AfiSTBAa 

A  theoretical  study  has  been  conducted  to  determine  the 
influence  of  actuator  wd  smsor  choice  on  active  control 
of  rotating  stall  in  axial-flow  compresson.  Thesenson 
are  used  to  detect  the  small  aamplitude  traveling  waves  that 
have  been  observed  at  the  midauon  of  routing  sull  on 
several  diffctent  comptessors.  Control  is  achieved  by 
feeding  the  sensed  quantity  back  to  the  actuator  with  a 
suable  gain  and  spatial  phase  shift  relative  to  the 
mea:nired  wave.  Actuators  using  circumferenoai  patterns 
of  jets,  intake  pons,  and  movable  inlet  guide  vanes 
upstream  of  the  compressor,  and  valves  downstream  of  the 
compressor  were  considered.  The  effect  of  axial  vekxtcy . 
saoic  pressure,  or  tool  pressure  measurement  on  control 
effectiveness  was  investigated.  In  addition  the  influence 
of  the  actuator  bandwidth  on  the  perfmmance  of  the 
conizoiled  system  was  determined.  The  results  of  the 
study  indicate  that  the  potential  for  active  control  of 
rotaong  stall  is  greyer  than  that  Khieved  thus  far  with 
movable  inlet  guide  vanes.  Further,  axial  velocity  sensing 
was  most  effective.  Actuator  bandwidth  affected  the 
performance  of  the  controlled  compressor!  significanUy, 
but  cenain  actuators  were  affected  less  severely  than 
othen. 

WQMEWCLATURE 

f.  '  Compressor  annulus  height 

Si  I  -  Jet  valve  opening 

L^j,  -  Steady  total  pressure  loss  across  roton 

-  Steady  total  pressure  loss  across  stator 

-  PerturbatKMi  in  total  pressure  loss  across  rotors 

-  Permrtmion  in  total  pressure  loss  across  saton 

n  •  spatial  hannooic  number 

Pg  •  Met  total  pressure  '  . 

SP,  •  Exit  static  pressure  perturbation 
SP,  •  Inlet  static  pressure  perturbation 
SP^  •  Inlet  total  presstne  penorbation 
SP,  •  Exit  static  pressure  pennrbation 
r  -  Compressor  annulus  mean  radius 

R  •  fimfback  gain 
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Active  control  of  aerodynamic  and  mechanical  instabilities 
has  attracted  considerable  research  interest  in  the  past  few 
years.  Wwk  is  being  conducted  at  a  number  of 
institutions  in  applications  including  the  control  of 
boundary  layCT  and  combustion  instabtlibes.  This  paper 
addresses  active  control  of  rotating  stall,  a  fluid  dynamic 
instability  which  limits  the  opeming  range  of 
compressora. 

Roadni  stall,  which  is  characterized  by  a  region  of 
stalled  now  locating  about  the  anmiius  of  a  compissscs', 
has  a  severe  effect  on  the  opoatm  of  a  gas  airbme 
engine.  When  encounteted,  the  instability  causes  an 
abnM  drop  in  the  pressure  rise  aoross  the  compressor, 
resulting  in  a  significant  decrease  in  the  power  ouput  of 
the  engine.  In  addition,  engine  hesJih  is  affected  adversely 
by  large  fluctuating  kuds  that  are  indiKed  on  the 
compressor  blades.  Beomse  of  this,  the  compressor  of  the 
ns  turbine  engim  is  normally  operated  far  enough  away 
from  the  stall  initiation  point  to  ensure  that  ins^ility  is 
not  triggered  under  any  engine  operating  condition,  with 
the  margin  of  safay  known  as  the  sull  margia  Because 
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rotating  stall  is  normally  encountered  close  to  the  peak  oi 
tlw  piessure-nse  charac^isoc  oi  she  compressor,  the  stall 
margin  places  a  limit  on  both  the  performance  and 
operating  range  of  the  engine.  An  acovely  controlled 
compressor  could  operate  siaWy  past  the  peak  of  the 
presRire  rise  chaiacteristk.  With  the  same  stall  margin  as 
in  the  uncontrolled  case,  the  peak  of  the  characteristi'; 
could  then  be  a  safe  operoing  point 

Active  control  of  rotating  stall  sallied  t»re  is  based  on  a 
linear  model  of  its  initiation.  The  model  implies  that  at 
the  inception  of  the  instability,  small  ampiiUKk  traveling 
waves  develop  in  the  compressm’  annulus,  grow  in 
magnitude  and  eventually  develop  into  rotating  stall  cells 
U),  12],  p].  Although  such  small  ampUaide  waves  have 
not  been  observed  in  ail  siaiations.  they  are  a  clear  feature 
of  nxent  tests  oo  several  compressors  of  widely  difTcient 
geometry  (4}.  (51. 

The  cotrespondeiKe  observed  so  far  between  linear  fluid 
dynamic  analysis  and  experim«ital  obsovations  is 
encouraging  s^e  it  gives  one  confidence  in  using  the 
theory  to  design  devices  which  can  be  used  to  modify  the 
inlet  aad/or  exit  flow  fklds  of  the  compressor  in  order  to 
suppress  the  instability.  These  controlling  devias  would 
act  in  the  inception  phase  of  the  insubiliiy,  before  it 
develops  to  its  performance  limiting  amplitude.  The 
concroUen  that  will  be  described  in  this  study  are 
thcreftwe  designed  to  prevent  the  compressor  from  going 
into  rotating  stall  when  the  system  is  operated  within  the 
parameters  of  the  conoolJer. 

A  schematic  diagram  of  a  conceptual  controlled  ^stem  is 
shown  in  figure  1.  A  fluid  dynamic  variable  which  gives 
an  indication  of  the  magnitu^  and  form  of  the  instability 
is  sensed  by  a  suitable  array  of  transducers.  The  signal 
tern  (he  transducer  array  is  processed  by  the  controller 
which  commavids  the  actuauor  to  introduce  a  suitable 
control  disturbance  into  the  flow  field.  Initial  studies  of 
this  problem  (3)  have  considered  only  simple  control 
strategies,  for  example  actuauxs  which  introduce  a  vortical 
velocity  perturbation  at  the  compressor  inlet  plane  (a 
mo^  for  mov^te  guide  vanes  far  upstream  of  the 
compressor).  The  use  of  close  coupled  movable  inlet 
guitte  vanes  for  the  control  of  rotating  stall  has  been 
demonsnated  experimentally  by  Padu^  (6,7)  and 
Haynes  (8]  (the  stalling  mass  flow  rate  was  decreased  by 
23%  in  tl»  experiment  on  a  single  stage  compressor  (6,7], 
aixl  8%  on  a  three  stage  unit  (8}).  The  objective  of  the 
present  study  is  to  examine  the  potential  for  increasing  the 
system  controllability,  in  particular  to  assess  (he 
effectiveness  of  a  number  of  different  sensing  and 
actuation  devkes. 


1.  ANALYTICAL  MODEL 

2.1  Oygrall  Conaidcratioia 

The  analytical  model  used  in  this  study  is  an  ext^on  of 
that  describni  in  [1],  (2],  ai«l  (3].  The  analysis  is  two  - 
dimettsiQnal,  so  only  hit^  hub-to-dp  ratio  machines  are 
considered.  The  mean  inlet  flow  field  is  undistorted 
(uniform  inlet  total  pressure),  and  (he  inlet  aid  exit  ducts 
are  assumed  lOTg,  so  that  erul  effects,  i.e.  reflection  and 
scattering  of  the  disturbance  wave  from  the  ends,  are  not 
important.  In  addition,  the  dp  speed  of  the  compressor  is 
asnuned  io  be  low  enough  fex  the  flow  field  to  be 
considered  incompressible.  In  the  analysis  an  arbitrary 
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Figure  1:  Compressor  with  actuator  aod  sensors 

axial  velocity  disiurtMmce  wave  s$  decomposed  snu3  us 
spaoai  Founer  harmonics: 
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In  ihe  above  formulation  ojr/V  represenu  da  rotation 
rare  of  each  spaoai  harmonic  non'dimensionaiiud  by  the 
rotor  rotational  speed,  and  ar/V  the  iicm-dimensicmahxtd 
growth  rate  of  the  disurtwnce.  The  spadal  hamonics, 
which  are  the  natural  eigenmodea  of  the  system,  can  then 
be  analyzed  independently,  smee  the  equautms  describing 
the  evolution  of  the  instabiiity  are  linear.  When  the  above 
form  of  the  flow  coefTictem  penurteuon  is  subsumted 
imo  the  differendai  equadons  descnbtng  the  dynamics  of 
the  fluid  in  (he  compression  sysaem,  the  analysts  yields  an 
eigenvalue  problem  in  x  with  the  growth  and  roacion  races 
of  each  spaual  harmonk  determined  from  the  solution  to 
(he  eigenvalue  problem.  U  the  real  pan  of  x  ts  negative, 
the  disturbance  is  damped,  rqxesenung  stable  operation  of 
the  compressor,  if  da  real  pan  of  x  is  posiove.  the 
disiurbarKe  grows  exponendaily,  reprmnung  unstable 
operation. 

If  the  compressor  is  assumed  K>  operase  in  a  quasi-steady 
manner,  io.  presstBe  riK  is  a  functwn  of  flow  coefScient 
only,  the  model  predka  (hat  all  the  spatial  harmonics  oi 
the  flow  coefficient  pexturbadon  become  unstable  at  the 
operating  point  where  da  total-tE>-stack  pressure -rise 
characterisdc  ( y  vs.  #)  becomes  positively  sk^od. 
Disturbances  are  damped  where  da  characterisbc  is 
negadvely  sloped,  arxl  amplified  when  the  characteristic  is 
posidvely  sloped,  with  the  growth  me  of  da  perttiibatton 
bdng  determined  by  the  magnitude  of  the  positive  slope. 

In  the  formulation  o(  da  model  used  in  the  present  study 
da  quasi-steady  assumpdon  is  not  made. 

2.2  Unsteady  Comnrtfflor  Bdiavk>r 

It  has  been  observed  in  experiments  [9,101,  that  the 
imessure  rise  across  a  comprem  (toes  rot  respond 
instantaneously  to  variations  in  flow  coefScient.  This  is 
thought  to  be  a  reauU  of  the  finite  dme  required  for  the 
flow  raids  within  da  blade  passi^  to  respond  to 
changes  in  flow  coeffkksnL  The  fmite  response  time  of 
da  compressor  {xesstse-rise  to  flow  pertu^dons  has  a 
stabilizing  effea  on  da  perturbttkms.  and  higher 
harmonics  are  stabilized  to  a  greater  extent  than  knm 
harmonics.  When  dits  effect  is  included  the  analysis,  the 
spatial  harmonics  of  the  distutiiance  become  unstable 
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sequeniiaKy,  with  higher  harmooic  disiurhanccs  becoming 
unsiabte  at  larger  p<»iuve  slopes  of  the  compressor  loul- 
lo-stauc  pressuie-nse  charactensuc  (i.e.  lower  fkjw 
coefficients).  This  behavior  has  bom  observed  ui 
experiments  on  both  single  and  three  stage  low-speed 
com{Hres^  {6.7.8],  and  the  model  shows  good 
quamitadve  a^;reenient  with  expenments  conducted  on  a 
three  sts^  compressor  til).  The  sequenuai 
denabtUzadon  of  higher  spadai  harmonics  of  flow 
coeffideni  disaiibances  has  beneficiai  inwlicauons  for 
acdve  control.  cofurotling  only  the  urn  spauai 
hannonic  of  the  disturbance,  an  increase  in  stable 
operating  range  can  be  obtained,  down  io  the  flow 
coefKciem  at  which  the  second  spatial  harmcnk  of  the 
disturbance  becomes  unstable.  By  controlling  both  the 
first  and  second  spadai  harmonics  *'eyond  this  flow 
coefficient,  the  stable  operating  range  can  then  be  extended 
to  the  operating  point  where  the  third  spadai  harmonic 
becomes  unstable.  Using  this  contmi  approach,  the 
maximum  range  extension  possible  is  therefore  dependent 
on  ilM  number  of  spatial  harmonics  of  the  disturbance  that 
one  is  able  to  control. 

It  has  been  mentioned  earlier  that  the  slope  of  the 
compressor  pressure  rise  characteristic  d^r/dp .  is  an 
importaru  parameter  governing  the  growth  rate  of  a 
disturbance  wave.  T^  pressurC'rise  characteristic  shown  in 
figure  2,  which  has  a  slope  going  to  an  infinite  posmve 
value  at  a  flow  coefficient  of  0.25,  is  used  in  the 
computations  described  below  since  it  covers  all  positive 
sloptt  that  could  be  encountered  in  practice. 


Figure  2:  Comprisar  lotai-fo^tk  presnire  rise 
cbaracteristk  wed  la  the  analysis  ' 

a>  ACnJATQBS  AW  SENSORS 


Actuators  normally  introduce  both  poter^  and  vortical 
disturbances  into  omipressor  inlet  or  exit  flow  fields. 
Poiendai  disturbances  decay  with  axial  distsice  from  the 
actuator  whereas  vordcai  disturbuKes  persist,  and  are 
convected  widi  the  flow  field  downstrm  of  the  actuator. 
One  of  the  inidai  objective  of  the  sody  was  to  determine 
the  type  of  disturbance  ^ntendat  or  vortical)  that  would  be 
most  effective  in  control^g  rotuing  stall  disturbances. 

For  an  actuator  to  produce  purely  vortkai  control 
disturbances  at  the  compressor  face,  it  must  be  located 
suflkieniiy  far  upstream  of  the  compressor  for  potential 


Figure  3;  Inlet  guide  vane  actuator 

disturbances  pnxhtced  by  the  actuation  to  decay  to  snail 
amplitudes  at  the  compressor  face.  If  so.  there  is  a  ume 
delay  corresponding  to  the  convocnon  ome  of  the  coocrol 
disturbance  from  the  actuator  to  the  compressor  face 
introduced  into  the  control  system.  Even  at  moderate 
slopes  of  the  compressor  presnire-rise  characaenstic.  the 
ume  scale  associated  with  the  disturbaiKe  growth  rate  is 
much  smaller  than  this  convection  delay  ome.  Actuators 
chat  produce  a  p»ely  vorucaJ  dismrimixe  at  the  com^msor 
face  are  therefore  not  effccbve  in  controlling  lotaung  stall 
and  in  this  study  only  close  coupled  actuators  are 
considered.  Actuators  can  be  considered  close  coupled  if 
they  are  positioned  a  distance  much  smaller  than  the 
compres^  radius  horn  the  compressor  inlet  or  exit  plane. 

The  following  actuators  are  considered: 

1}  ^  upstream  of  the  compressor 
2}  intake  poru  upsoeam  of  the  compressor 

3)  valves  dowTBtpeam  of  the  compressor 

4)  movable  inlet  guide  vanes  ttpseneam  of  the  comisesscff 

This  is  not  a  complete  lis  of  the  actuators  that  could  be 
used  to  control  rotating  stall,  but  die  aouators  considered 
give  an  indication  of  the  variations  m  p»foimance  that 
one  could  expect  in  selecting  an  actuator.  Iheactuauvs 
are  shown  scbemaiicaily  in  figures  3-4.  Although  the 
intake  port  and  ja  actuators  are  sinutar  physkaily,  ti^ 
difler  in  the  type  of  disturbance  that  they  introduce  into 
the  flow  field.  The  jet  actuaior  is  suf^tied  by  a  high 
pressure  reservoir  whereas  the  iruake  pon  actuator  is 
supplied  by  a  reservoir  having  the  same  total  pressure  as 
the  compressor  inkd.  The  cansequeiK«  is  thtd  the  intake 
p(»i  actuator  introduces  only  potmtial  disturbances  into 
the  How  field  whereas  die  jet  acQacor  introduces  both 
potential  and  vorticai  disturbances.  (Gysling  [12]  has 
identified  the  jet  distribution  as  an  effective  actuator  in  a 
similar  study  on  control  of  roouing  stall  using 
aeromechanical  feedback.).  In  die  study,  the  reservoir  of 
the  jet  actuator  is  supplied  by  the  exit  of  the  compressor. 
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Figure  4:  (a)  Jet  /  iotake  port  actuator 
(b)  Valve  actuator 

so  the  reservoir  stagnation  pressure  is  set  equal  to  the  exit 
sugration  pressure  at  the  compressor  ^rating  point 
The  intake  port  actuator  (kies  not  require  such  a  high 
pressure  air  supply;  fluid  at  the  total  pressure  of  the  inlet 
air  can  be  derived  brom  the  &ee  stream  outside  the 
compressor  casing.  The  nusvabie  inlet  guide  vane  actuator 
has  already  been  implemented  experimentally  by  Paduano 
[6]  and  Haynes  CS],  and  is  used  as  a  basis  for  comparison 
for  the  other  actuators.  These  experiments  have  also 
served  as  a  validation  of  the  mocteiing  technique  used  in 
the  study. 

In  the  uncontrolled  compression  system  the  relation 
between  flow  ctxfltctent  and  pressure  penurbadons  at  the 
compressor  inlet  and  exit  planes  is  determined  by  the 
dynamics  of  the  Quid  in  the  compressor,  and  in  the  inlet 
and  exit  ducts  of  the  compress^.  Under  active  control 
these  relationships  can  be  manipulaied  by  the  actuator.  In 
the  analysis  the  Ktuaiors  are  modeled  using  quasi-steady 
actuator  disk  theory.  The  last  aspea  of  the  analysis 
involves  sensing  a  fluid  dynamic  variable,  and  prescribing 
a  feedback  law  between  the  sensed  variable  and  the 
acoiadon.  Only  the  following  fnoponional  feedback  law 
is  considered  in  this  paper. 

Actuation  »  Z x Sensed  variable  ,  where  Z»  Re'*" 

i?  is  the  gain  in  amplitude  of  die  sensed  var^ble,  and  d. 
the  citcufflferendal  spadai  phase  shift  of  the  acoiaaed  wave 
relad^  to  the  sensed  wave.  In  the  sady  the  gain  and 
sp^ai  phase  of  the  feedback  signal  are  opdm^  for 
vaiioas  compressor  operating  comfituns. 

In  practice  die  output  of  tbe  actnator  win  differ  from  the 
command  given  by  Che  coutroUer.  Tocapunsdiis(non- 
kkal)  behs^,  the  actuator  is  modeled  as  a  flrst-oi^ 
dme-lag  system: 

-  diactuadon)  . 

X  — — - a  command  -  actuatton 

dt 


A  ome  lag  f.  ts  assumed  between  ihc  aciuauon  ana 
command  given  by  ilw  controJkr,  The  inverse  of  this  ume 
constant,  \jt,  rqjresents  the  bandwniih  of  she  actuator 

When  the  feedback  law  wnd  actuator  dynamics  are  coupled 
to  the  compressor  dynamics,  a  new  eigenvalue  problem  u 
lenerated.  with  Ow:  devalues  at  the  $y«cm,  i.e.  the 
growth  rate  and  frequency  of  dw  disnatance,  depencknt 
on  the  gSLin  and  ph^  of  the  feedback  signal.  efleci 
of  non-ideal  behavkr  of  the  actuator  on  the  ttyseem 
perfonnance  can  be  aaased  by  varywg  the  ome  consumt 
associated  with  the  aauatKxt  (varying  the  bamiwidth  of 
the  actuator).  These  effects  are  daenbed  in  the  next 
sectwn. 

Senson  measuring  the  followuig  flow  vanables  are 
evaluated: 

1)  axial  vclodty 

2)  static  preswre 

3)  sagnaiion  pre^sre 

A  comparative  study  was  done  with  the  sensors 
pofiuoned  at  various  axial  stations  m  the  compression 
system;  upstream  of  the  actuator,  between  the  actuator  and 
die  compressor,  and  (kiwnstieam  of  the  compressor.  The 
pcTformance  of  the  controlled  systems  are  reported  only 
with  die  senson  located  at  the  axial  stations  where  they 
perform  most  (aronbiy. 

A  detailed  analyss  of  the  compression  system  coimied 
with  die  jet  actuator  is  given  in  Appendix  A  and  B 
Analysis  of  the  inlet  guide  vane  actuator  is  based  on  the 
model  developed  by  Paduano  el  ai.  and  details  cm  be 
found  in  (6)  and  (7). 


4.  CALCULATED  RESVLU  AimDLSCliSS10> 

4.1  lBnutBCg..flfAtftaUu:.Txott 

Figures  5-8  present  neutral  stability  curves  for  the  first 
harmonic  of  the  distiirtMnce  wave.  The  resuiu  for  the 
higher  spatial  harmonics  show  trends  similar  to  those  for 
the  first  harmonic.  The  figures  show  the  maximum 
compressor  slope  ( dvffdb )  at  which  stabiUtJUioR  cm  be 
achieved,  as  a  function  of  controller  gain  for  the  four 
actuators  considered.  The  areas  below  the  Mutral  sathlity 
curves  represent  stable  f^?e>^on  of  the  controlled  system. 
For  the  jet,  intake  port  aM  valve  actuators,  gain  is  defined 
as  the  ratio  of  the  non-dimensionaUzel  mass  flow  added 
to,  or  removed  from  the  flow  field,  and  (he  sensed  variabk 
(velocity,  static  pressure,  or  stagniuion  presstre  as 
indicated  in  Appendix  B).  For  the  mo^ie  inlet  guide 
vane  actuator,  the  gain  is  defined  as  the  ratio  of  tl» 
deflection  angle  Qn  radians)  of  the  inlet  guide  vanes  from 
their  zero  positions,  and  the  sensed  vahable. 

In  each  case  the  performance  of  the  controOed  system  is 
shown  with  the  best  sensor  iocaasd  at  its  of^um  axial 
station  (in  all  cases  sen^g  the  axial  velocity  peitwbatioa 
gave  the  bestretnUs).  The  horizontal  axis  in  m  ^ures 
represents  the  Sfwial  phase  rfiift  between  the  measwed 
disturbance  and  the  acnittion.  and  the  verticai  axis  rfiows 
the  slope  of  thecompres^  to<al-to-suiic  premre  rise 
characteristic.  Only  pontive  com;mHsor  dopes  are  shown, 
so  the  ngtire  represents  an  operating  rwtge  that  was 
previously  inaccessible  to  the  onconiroiled  compressor. 
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Figure  5:  Jet  actuator;  compressor  slope  at  neutral 

stability  as  a  Ataction  of  feedback  gain  and 
phase.  The  system  is  stable  in  the  area  under 
the  curves. 


under  the  curves. 

(The  analysis  was  also  performed  for  negative 
characteristic  slopes:  this  indicated  that  the  control  system 
could  destabilize  a  naturally  stable  compression  system  for 
cenain  phases  of  the  contzotler.) 

To  facilitate  comparison,  die  neutral  stability  curves  for 
the  four  actuaton  operating^  a  gain  of  four  are  plotted  on 
the  same  axes  in  ngure  9.  Ibis  gain  was  used  for 
oomparison  snee  Jl  the  actuators  flowed  unstable 
befaavkir  for  cenain  phases  above  this  value.  (An 
experiment  on  a  three  stage  compressor  [8]  also  showed 
that  the  performance  ttf  die  system  was  degraded  for  gains 
above  fijor.) 

It  should  be  noted  that  the  performance  of  the  inlet  guide 
vane  Ktoator  is  inflimnced  by  the  'swirl  sensitivity’  of 
the  compressor,  ie.  the  rate  m  change  cMf  pressure  rise 
acress  the  compressor  with  inlet  guide  vane  deflection. 

TTie  swirl  sensiuvity  of  the  three  stage  compressor  on 
which  the  expmiment  was  performed  [8].  was  used  in  the 
amlysis  sino;  it  was  thou^t  to  be  tepresentadve  of 
practical  compressors.  Swirl  sensitivity  is  determined 
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Phase  Angie 


Fjgure  €:  Intake  port  actuator;  compressor  slope  at 

neutral  stability  as  a  function  of  feedback  gaui 
and  phase.  The  system  is  stable  in  the  area 
under  the  curves. 


primarily  by  the  rate  of  change  of  the  pressure  ri«  with 
^et  guide  vane  deflection  in  the  first  stage,  since  the 
inlet  angles  to  the  rocoia  of  dw  downstream  stages  are  not 
affected  significantly  by  inlet  guide  vane  deflection.  Uis 
therefore  not  dependent  on  the  number  of  stages  of  the  - 
cornpresOT.  if  the  geometric  conflgmition  of  the  ftrsi 
stage  is  similar. 

Three  performance  parameters  that  are  important  in  competing 
the  varioas  nciaatkm  systems  are: 

1)  the  largest  positive  comprKSor  slope  that  the  controOed 
system  can  achieve;  this  gives  a  measure  c^  the  lange 
extension  provided  by  the  actuation  system. 

2}  the  pfiase'manin  of  the  controller'  which  gives  a  meastae 
of  the  range  of  phases  over  which  the  controlled  system  is 
stable  at  a  particular  operating  point,  and 

3)  the  rotation  ram  of  the  controlled  penuituuion.  Uncter 
active  control  both  the  growth  and  rotation  r»es  of  the 
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Figure  9:  ComfMuisoo  of  tctuati<m  schemes;  vciodfy 
sensing.  gains4. 

How  p«turbaiion  are  modiiied.  The  roution  rate  of  the 
controlled  disuirtance  is  important  since  it  is  one  of  the 
parameters  that  determines  the  bandwidth  requiiement  of 
the  actuator.  An  actuator  that  increases  the  rotation  rate  of 
the  perturt»don  is  undesirable. 

From  figure  9  it  is  apparent  that  the  upstream  jet 
distribution  delivers  the  most  favorable  perfomuince.  In 
addition  to  providing  the  highest  degree  of  range 
extension,  the  jet  distribution  also  has  the  largest  phase 
margin  at  a  fixed  operating  point.  At  a  compressor  slope 
of  1,  for  example,  the  jet  distribution  stabilizes  the 
compressor  over  a  ptuee  range  of  250  degi^,  as  opposed 
CO  100  degrees  for  the  intake  port  distribution,  and 
a^^ximaiely  50  degrees  for  the  downsaeam  valves.  The 
movable  inlet  guide  vanes  cannot  stabilize  the  compressor 
at  any  phase  at  this  slope. 

Figure  10  shows  the  change  in  the  growth  and  rotation 
rates  of  the  fust  spatial  hmmonic  ofa  disturbance  in  the 
individual  coniroiied  systems,  at  the  optimum  phase  for 
each,  as  the  feedback^n  is  increased.  The  jet 
distribution  again  performs  most  favorably  since 
disturbance  rotation  rate  is  reduced  as  the  feedback  gain  is 
increased.  Note  that  the  rotation  rate  of  the  ^sturbance 
wave  is  dependent  on  the  gain  and  phase  of  the  feedback 


Figure  10:  Perturbatiofl  growth  and  rotation  rates 
at  the  optimum  phase  for  each  system 


signal,  and  the  dependence  of  rotation  speed  on  gam 
shown  in  the  figure  holds  for  the  optimum  pha«  Posed  on 
range  extension  at  the  parucular  operaung  point  that  was 
chc^n.  For  a  parucular  coming  point  one  could  also 
opufflize  the  phase  of  the  aciuaiton  to  produce  the  lowest 
roQUon  rate  for  the  conoolkd  disturbance.  Even  il 
feedback  phase  is  i^mized  in  this  way,  the  trends  shown 
in  figure  10  hold.  Le,  the  jet  actuator  achieves  lower 
di»urbance  roaaon  rates  than  do  the  other  rcuuuors. 

loflHtnctQf&aKa: 

Sensing  schemes  are  compared  using  the  jet  distribution 
as  an  actuator,  since  it  appears  to  be  the  most  effecave 
based  on  the  perforiiiance  critefia  kknofied  above.  Figure 
11  shows  a  comparison  the  sy^m  performance  with 
the  various  sensing  schemes.  In  this  ngurc  the  sensws  are 
located  at  the  axial  station  where  they  perform  box; 
downstream  of  the  actuator  for  axial  velocity  sensing 
(either  upstream  or  downsream  of  the  compresses),  and 
downstream  of  the  compressor  for  static  and  sxagnaoon 
pressure  sensing.  From  the  figure  it  is  apparent  that  the 
system  performs  best  when  axial  velocity  is  sensed, 
i^fie  axial  velocity  is  readily  measured  in  low  speed 
flows  with  hot  wires,  these  sensors  are  not  pracocal  in 
high  speed  mrbomachinery.  Here  velocity  could  be 
synthesizied  bom  total  and  static  pressure  nKasuremencs. 

There  are  indications  that  the  disappointing  perfomumce 
of  the  pressure  sensors  could  be  a  result  of  the  simple 
proponionai  feedback  law  that  was  used.  Tte  system 
performance  could  potrably  be  improved  if  dynamic 
compensation  is  used  in  the  feedback  loop,  but  this  was 
not  pursued  in  the  study. 

13.1nnflgnct  afAgtuator  Baadfridth 

For  the  results  that  have  beot  presented  thus  far,  a  bandwidth 
of  five  times  the  rotw  frequency  has  been  used  in  order  to 
ermpare  the  actuators  and  sensors  operaung  as  close  as 
possible  to  ideal.  This  actuator  bandwidth  might  be  diflkuit 
to  achieve  in  practice  and  figure  12  shows  a  comparison  of  the 
performance  of  the  jet  actuator  for  various  bandw^ths,  bom 
five  times  rotor  firequency  down  to  50%  of  rotor  frequency. 
The  major  effea  of  decreasing  the  bandwidth  is  nvrowing  of 
the  phare  margin  of  the  actuation  system.  The  tange  ex  tension 


Figure  1 1:  Jet  actuator  with  various  sensors;  neutral 
subility  at  a  gaios4. 


I 

I 

I 

I 

I 

I 

I 

I 


6 


9 


0  90  100  190  200  290  3M  390 


Phu*  Anglo 

Figure  U:  Jet  actuator;  neutral  stability  as  a 
function  of  actuator  bandwidth 

gained  from  the  actti^m'  is  affected  less  severely  by  narrower 
actuator  bandwidths. 

The  other  acnjativs  are  impacted  more  severely  by  a 
decrease  in  actuator  bandwidth  than  is  the  jet  actuator,  as 
seen  in  figure  13.  The  plot  is  similar  to  (iguie  10.  except 
that  the  actuator  bandwidth  has  been  decreased  from  five 
to  two  tunes  rotor  frequency.  Because  the  rocationai 
frequency  of  the  controlled  disturbance  is  small  in  the  case 
of  the  jet  actuator,  the  inoeased  time  delay  conesponds  to 
a  small  additional  spatial  phase  shift  between  the  sensed 
and  the  actuated  waves,  so  the  effect  on  the  stability  of  the 
wave  is  reiativeiy  small  With  the  valve  and  intake  port 
actuators,  the  frequency  of  the  contioiled  wave  increases 
significancly  as  the  gain  is  increased,  as  seen  in  figure  10. 

An  increase  in  actuator  tune  delay  therefore  increases  the 
spatial  phase  shift  between  the  soised  and  actuated  waves 
significantly.  In  addition,  from  figure  9,  it  is  evident  that 
the  range  of  pha^  over  which  th^  controlled  systems 
are  stable  is  ^nificant^  smaller  than  in  the  case  of  the 
jet  actuator.  The  additional  spadal  phase  shift  in  the 
actuadon  which  results  from  the  increased  time  delay 
moves  the  outside  the  area  of  previously  stable 
operation.  This  is  clear  if  ;,i,e  compa^  figure  13  to 
figure  10.  The  effects  of  tune  delays  can  pr^iably  be 
decreased  if  suitabte  dynamic  compensation  is  usttl  in  the 


feedback  loop,  but  this  has  not  been  pursued  in  the 
present  study. 


It  has  been  olaerved  in  the  experifnents  that  have  been 
conducted  with  tfui  movable  mkt  guide  vane  actuator  that 
flow  coefficient  penurbauons  of  the  wder  of  1%  are 
experienced  iqpsaeani  the  actumea  when  the  compressor 
is  operaud  under  Kti  VC  control  (13].  Re  the  jet 
distnbuuon,  the  mass  injected  into  the  comfeessor 
annulus  would  be  tt^ximately  2%  of  the  annulus  mass 
flow  for  every  1%  flow  coefTkieni  flucaiaooo  upstream  of 
the  actuator  when  the  controller  is  operated  at  a  gam  of 
four.  The  control  can  influwice  compressor  cftoency  in 
two  ways.  The  fim  would  be  the  effect  of  the  ;«$  on  the 
detailed  fluid  mechanics  in  the  Made  passages.  This  mav 
have  a  positive  or  negative  impact  on  performance 
depending  on  the  design  tkuils.  This  questitm  is  beyond 
the  scope  of  the  present  study.  The  second  import  on 
compressor  effiaeocy  is  tgsociated  with  ifw  air  supply 
required  to  feed  (he  jos.  If  the  injected  fluid  is  si^plied 
from  the  compressor  exit,  an  efftciency  penalty  would  be 
incurred  since  the  injected  air  would  ihm  be  recycled 
through  the  compressor  continually.  If  this  w&t  the  only 
source  of  efficiency  loss,  the  efficiency  of  the  controlled 
system  can  be  approxinuaed  by  the  expression; 

-  {i+xKr +0.5(1 +  x)*p^)  — 

where  X  is  the  mass  fraction  of  fluid  recycled  through  the 
compressor.  The  ratio  of  controlled  to  unconcroUed 
efficiency  is  ploued  as  a  function  of  mass  fraction 
recuculaied  in  figure  U,  for  a  compressor  operating  at  a 
total  to-natic  pressure  rise  of  1.  at  a  flow  coefficient  of  0.5 
(these  are  the  operating  conditions  of  the  three  stage 
experimental  compressor  that  has  been  used  in  the  acove 
control  pfoerain,  close  to  stall  [8]).  For  a  recycled  mass 
fraction  of  2%.  an  efficiency  pwudty  of  iqjproximaotly  1  % 
is  incurred,  which  nuy  be  accepable  as  it  need  only  be 
incurred  in  the  otherwise  unstable  portion  of  the 
compressor  map.  since  the  control  system  maybe 
deactivated  on  the  sable  pan  of  Che  compressor  map.  If 
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Figure  14;  Effktency  loss  nth  as  a  function  of  mass 
fraction  recirculated  for  the  jet  actuator 


I'igure  13:  Perturbation  growth  and  rotation  rates 
(bandwidth  s  2  x  rotor  frequency) 
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the  efficiency  penalty  is  of  concern  and  only  a  modest 
increase  in  range  extension  is  desired,  the  other  actuauon 
sclHsmes  such  as  the  moving  inlet  guide  vane  and  intake 
port  actuators  could  be  selected,  since  these  do  not  incur 
the  bleed  air  penalty. 

a>.coNaiiaoi!is 

The  model  th^  has  been  used  in  this  study  captures  the 
behavior  of  the  rotating  stall  disturbance  waves  that  have 
been  observed  in  experiments.  The  quantitative  agreement  of 
the  mo^  with  the  expetimenis  gives  us  confidenire  in  using 
the  modeling  technique  in  the  analysis  of  the  controlled 
compressors  considered  in  the  study.  This  theoretical 
analysis  indicates  that  a  circumferential  array  of  jets 
upstream  of  the  compressor  performs  significanily  better  than 
the  other  actuators  that  were  considered,  in  all  of  the 
performance  critoia  that  were  idendfied.  In  addition  to 
providing  the  maximum  range  extension,  jets  also 
ouq>erform  the  other  actuators  that  were  considered  in  other 
areas  that  would  be  imponant  in  practical  applications.  The 
large  phase  margin  associated  with  jet  actuation  implies  that 
the  system  will  not  be  sensitive  to  errors  in  disturbance 
wave  measuremem.  The  actuator  decreases  the  rotation 
race  of  disturbances  and  this  alleviates  the  high  bandwidth 
requirement  of  some  of  the  other  actuators.  Ore  may 
however,  incur  an  efnciency  penalty  when  the  jet  actuator  is 
used,  because  of  the  high  pressure  air  suj^ly  r^uired.  This 
penalty  is  meurred  only  if  the  compressor  is  opmted  in  die 
previously  unstable  (low  range.  Whether  this  efficiency 
penally  is  acceptable  or  not  spends  on  the  design  goals  of 
the  compressor. 

The  results  of  the  study  also  indicate  that  velocity  sensing 
is  more  effective  than  either  static  or  total  pressure  sensing 
in  controlling  rotating  stall  distutbances,  for  the 
propordonaJ  control  law  that  was  considered.  In  low  speed 
compressors  velocity  sensing  with  hot  wire  probes  is 
effeedve,  but  in  high  speed  compressors  the  use  of  hot  wires 
might  not  be  practical.  The  velocity  perturbaijon  could  then 
be  synthesized  ^m  static  and  total  pressure  measurements. 

The  bandwidth  rem^ment  of  actuators  is  important  since  it 
has  a  significant  effect  on  the  performance  of  the  controlled 
system.  FtR-  the  jet  actuator  the  phase  margm  of  the 
ctmtrolled  system  is  degraded  as  the  bandwidth  of  the 
actuator  is  reduced. 

Finally,  although  the  movable  inlet  guide  vane  acniator 
performed  well  in  practice,  it  did  not  compare  favorably  with 
the  other  actuatois  that  were  ccmsidernl  in  the  theoretical 
study.  The  potendal  for  compressor  range  extension  is 
ihetefore  much  greater  than  mat  achieved  thus  hir  in  the 
laboratory. 
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The  rowr  unsteady  stagnation  pressure  ioss.  Jl.has  lo  be 
calculated  in  a  reference  frame  rotating  with  the  rotor: 


j'M4) 


at 


U  3(5L,) 

r  d-d 


■Sd  -  SL,  (A7) 


In  the  analysis,  a  gcntsal  perturbation  in  flow  coefficient 
of  the  form: 


AFfEMDIX  A;  OVERALL  fLQW  MODEL 

The  basic  derivation  of  the  flow  has  appeared  several  times 
before  [1.23]  and  is  included  for  completeness  only.  In  the 
model  the  pressure  rise  across  a  compressor  is  modified  by 
the  pressure  difference  required  to  overcome  the  inertia  of  the 
fluid  within  the  blade  channels,  when  the  flow  within  the 
compressor  is  unsteady.  If  one  assumes  that  the  flow  within 
the  blade  passages  is  one  dimensional,  the  unsteady  pressure 
rise  across  the  compuessor  can  be  written  as  ([1],  [2]): 


P.-P. 

pU^ 


=  Vr- A 


dd 


where: 


fit? 

¥= 


pr  dd 
U  dt 


(Al) 

(A2) 


i/i  is  the  ideal  stagnation  pressure  rise  across  the 
compressor  and  L,  and  L,  are  the  rotor  and  stator  stagnation 
pressiue  losses.  The  inertia  of  the  fluid  in  the  rotors  and  in 
the  compressor  are  represented  by  A  and  p  respectively.  At 
the  initiation  of  rotating  stall,  the  flow  coefficient  through 
the  compressor  is  modified  by  a  small  perturbation  Sd  so 
that: 


d  —  d"^  dd 
P.^P.  +  SP. 
p,  =  p,+fip. 


L,^L,  +  SL, 
Z,,=L,+fiL, 


(A3) 


Sd=lAy‘^*e^* 


(A8) 


is  considered.  Each  spatial  harmonic  of  the  penurbadon 
can  be  considered  separately  and  only  the  nth  spaual 
harmonic: 


fi^  =  A.e'-*"'‘'e-* 


(A9) 


will  therefore  be  examined. 


The  variables  describing  the  evolution  of  the  perturbation 
can  be  non-dimensional ized  as  follows: 


/  =  • 


tU 


-  rU  (a-*-io))r 

r  =  -~.  j  =  — - — ,  (AiOi 


where  f/  is  the  rotor  speed  and  r  is  the  average  radius  of 
the  compressor  annulus,  so  that  the  equations  describing 
the  perturbation  become: 

SP.-SP,  dwr  <?(fid)  d(Sd) 

—  ^  Sd  -  fiL,  -  fiL,  -  A  — - p 


pU^ 


dd 


drj 


dL. 


7i!(^  _  ::zis.sd  -  5L 
'  dt  dd  ' 


at 

(All) 

(A12) 


The  conixessm'  pressure  rise  perturbation  equation  is 
therefore: 


d(Sd)  ^  d(Sd) 

U 


yi  =  y-+4.«+f>u. 

ixdwre  is  the  steady,  axisymmeiric  total>to-siaiic  pressmre 
rise  including  tosses,  and  L,^,  and  L,^  the  steady  stator 
and  rotor  stagnation  pressure  losses  respectively.  The  stator 
unsteady  stagnation  pressure  loss  perturbation,  fif.,is  taken 
to  be  given  by  the  differential  equation; 


'  dt 


dL 


SL. 


{A6) 


Sd~  A,e*e 


/ -ia# 


(AM) 


The  upstream  stagn^on  and  downstream  static  pressure 
perturbations  are  given  by  the  expressions  [3]: 


dt 

(A4) 

SP,  1  d(Sd) 

pU^  *  |n|  di 

(A15) 

(A3) 

,and 

SP,  _  1  d(Sd) 
pu*  ^  di 

(A16) 

Substitution  of  (A15),  (A16)  and  (A14)  into  (Al  1)- 
(A13)  produces  a  generalized,  complex  eigenvalue 
problem  in  r. 


(A~sB)Sx  =  0 


(A17) 
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whcns: 


A  » 


fi 


c 


/ 

V 


1  dL,^ 

X, 

1  dL 
?,  d(p 


1 

? 


I 

■? 

0 


(A18) 


"I  0  O' 

(S4>' 

0  1  0 

, 

SL, 

.0  0  1, 

[SK) 

(A  19),  (A20) 


c= 


and 


(A2I).  (A22) 


The  solution  to  the  eigenvalue  problem  yields  the  growth 
and  rotation  rates  of  the  perturbadon  wave.  If  the  real  pan 
of  s  is  negative,  the  disturbaixte  is  damped,  representing 
stable  operation  of  the  compressor.  If  the  real  pan  of  r  is 
positive,  the  disnnbance  grows  exponentially,  representing 
unstable  operation.  For  the  uncontrolled  compressor  the 
growth  rate  of  the  penurbation  is  determined  by  the  slope 
of  the  totai-tosiatic  pressure  rise  characteristic. 

To  determine  the  unsteady  response  of  the  compressor  to 
flow  perturbations,  an  isenoopic  pressure  rise 
characteristic  for  the  cornfaessor  has  to  be  assumed.  For 
the  analysis  it  is  assumed  that  the  compressor  operates  at 
its  maximum  efficiency  at  a  flow  coefficient  of  0.6.  At 
this  maximum  efficiency  operating  point  the  slope  of  the 
isentropic  pressure  rise  characteristic  is  close  to  that  of  the 
measuiiKl  pressure  rise  characteristic,  since  the  losses  are 
minimum.  To  simplify  the  analysis,  the  isentropic 
characteristic  is  assumed  to  have  this  slope  over  the  entire 
operating  range  of  the  compressor  as  shown  in  figure  15. 
The  steady  total  pressure  loss 


(  used  in  equauon  (A5)  is 

then  the  difference  between  the  isentropic  pressure  rise 
curve  and  the  measured  one.  In  the  analysis  it  is  also 
assumed  that  steady  total  pressure  losses  are  equally 
distributed  across  the  retors  and  the  stators  ( i.e. 


AEKE^DIXl; 

MQPmCATIQN  QF  THE  FLOW  MODFI.  FOR 

AOIYECONIRQL 

In  an  actively  contiolted  compressor,  the  relationship 
between  pressure  and  velocity  pemirbations  can  be 
manipulated  by  the  actuator.  Analysis  of  the  various 
actuaton  involves  determining  relationships  between  the 
^tuation  and  perturbations  in  velocity  and  pressure 
introduced  into  the  flow  field.  The  actuators  are  modeled 
using  quasi-steady  actuator  disk  theory.  Massand 
momentum  baian^  across  the  actuators  give  relationships 
between  velocity  and  pressure  perturbations  upstream  and 
downstream  of  the  actuators,  as  a  function  of  the  acmation. 
The  upstream  jet  distribution  will  be  used  as  an  example 
to  illustrate  the  analysis  method.  A  mass  balance  across 
the  actuator  gives; 

p(c,  +  -rpe,  <5/  =  p(c,  +  &.,)/.  (A23) 

and  non-dimensionalizing  the  velocities  by  the  rotor  speed 
U  yields; 


=  +  (A24) 

*• 

The  non-dimensionalized  injection  rate  is  a 

function  of  the  annulus  spatial  variable  i? .  The  non- 
dimensionalized  injection  axial  velocity  ,  the  jet  nozzle 

opening  51  j ,  and  the  annulus  height  /. ,  are  indicated  in 
figure  16. 


Figure  15  Compressor  total-to-static  characteristics 
used  in  the  analysis. 
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Figure  16  Jet  actuator 
A  momentum  balance  across  the  actuator  gives; 


P(c.  Sc SF, ) /.  +  pc,,*  Slj  = 

p(c,-h&,,)*/.+(F  +  5P,)/. 


(A25) 


If  only  first  order  terms  are  retained,  the  above  exjnessitm 
yields: 


SF, 


pU^  pU 


(A26) 


10 


Equation  (A26)  can  be  written  in  terms  of  the  toul 
{Mressure  pCTurbation  at  the  compressor  face: 


pU' 


+  -^)0j 


(All) 


exit  stauc  pressure: 


^r 


si. 


^  SP, 
^  pu^ 


m 


(A34) 


The  downstream  static  pressure  perturbation  is  given  by 
expression  (A16).  It  is  apparent  from  {A23)  and  (A26) 
that  the  compreswr  iitlet  total  pressure  and  flow 
coefficient  pernabations  can  be  controlled  by  specifying 
the  annular  injection  rate  of  jet  fluid  into  the 

air  stream. 

Control  is  accomplished  by  sensing  a  fluid  dynamic 
variable  describing  the  poiurbation.  The  measured  signal 
is  then  processed  by  the  controller  which  commands  the 
actuator  to  introduce  a  suitable  perturbation  into  the  flow 
field.  In  the  simplest  controller,  the  measured  signal  is 
modified  in  amplitude  and  shiftiul  spatially  in  phase 
(inopoitional  feedback).  This  is  implemented  analytically 
as  follows;  if  the  flow  coefficient  perturbation  at  the 
compressor  face  is  sensed,  the  commanded  Jet  injection 
race  is: 


exit  stagnation  pressure 


I 


*  u 


7i!a. 

pV^ 


- h  A 

,W  i 


(A35) 


which,  when  subsiituied  into  equation  {A30),  yield 
equauons  similar  to  equation  (A3 1). 

Equations  (All)-(Al3)  and  equation  (A30)  with  the 
appropriate  sensed  vari^ie  produce  an  eigenvalue 
problem.  Parameters  in  the  analysis  are  the  operating  flow 
coefficient  (which  dtarmines  the  slope  of  the  pressure  rise 
characteristic),  the  gain  and  phase  of  the  feedback  conavl 
law,  and  the  bandwidth  of  the  actuator.  For  the  jet 
distribuuon  with  velocity  feedback  the  system  of 
differential  equations  reduces  to  the  form  given  in  (A  17), 
where  the  matrices  A,  B,  and  the  vector  Sx  arc  now: 


6^ 


=  2  .  Z  =  (A28).  (A29) 

C 

1  dL.^ 


where  R  is  the  gain  in  amplitude  of  the  signal,  and  t?.  is 
the  spadal  phase  shift  of  the  commanded  signal  relative  to 
the  measured  signal.  In  practice,  non-ideal  behavior  will 
cause  the  output  from  the  actuator  to  differ  from  the 
command  given  by  the  controller.  To  capture  the  non- 
ideal  dynamics,  the  actuator  is  modeled  as  a  first  order 
system: 


<4  = 


r,  d$ 

1  dL,^ 

T, 


0  0 

'"r]  ° 


(A30) 


where  is  the  time  constant  associated  with  the  actuator. 
If  the  flow  coefficient  (axial  velocity)  at  the  compressor 
face  is  sensed,  the  actuator  equation  becomes: 


Si. 


(A3)) 


(A37) 
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1  0  0  -r~ 

f  ^ 

l"(C 

SL. 

0  10  0 

,  Sx  = 

6L, 

0  0  1  0 

,0  0  0  1  ; 

V' j 

(A38),  (A39) 


with: 


Sensing  the  other  fluid  dynamic  variables  give  the 
following  actuator  commiuids: 


¥i  i'.M  +  i'rj.-  (A41) 


stagnation  pressure  upstream  of  the  actuaror 


L 


ss 

pV^ 


There  are  four  eigenvalues  for  each  spatial  harmonic  of  the 
disturbance. 


(A32) 


static  pressure  upstream  of  the  actuator 


(A33) 
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VI.  CONTROL  OF  SURGE  AND  STALL  WITH  STRUCTURAL  DYNAMICS 
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A  mtihod  for  arnamtc  contra  of  tntnfufei  {cmp'rtsoir  tart*  pmmtra 
Tfh*  approcch  taktn  a  to  suppmt  tuft*  Iff  mopiffint  ih*  fampfriS^on  systrm 
dynomtc  txkavtor  ustnt  tirueturol  fttdls^k.  \fort  sptcif^caih.  on*  of  e  down 
itrtam  vaum*.  or  pUrtum.  a  conssruatd  to  as  to  notir  m  rexpom*  la  tmoll  prr 
turixtuom  in  prtssur*  Tftts  itructurgi  motion  proupts  c  mtsns  for  optorpmt  ihr 
unsftad)/  tnt'tjr  pariurisatioiu  prodacrd  ^r  tk*  compfiosor.  :km  tuttnPtnt  ihr  sabtr 
op*rattnt  rang*  of  tk*  compression  tysstm  In  ih*  pop**.  » iumprd poremrirr  enelyij 
a  carrtfd  out  to  dtftn*  th*  cvupttd  otToPtnemtc  and  time  tut  a!  srsttm  bthet'tof  end 
th*  poitniioi  for  stabtltzatton  Ftrti  of-a-kind  espmrnants  ar*  then  eonduanS  to 
txamm*  tht  conelustonj  of  tht  onoiySiS  As  prrdtcitd  ^J>  tht  moPti  end  demonssroird 
by  txptnmant,  a  mocobl*  ptanum  moil lomtrtd  tht  maxs  fiom  at  mhtch  turff  octarrtd 
tn  a  etmnfugat  compression  trsiem  by  roughly  21  percent  for  e  rang*  of  operosrnt 
conditions.  In  addition,  because  the  tailored  dynamics  of  the  structure  acts  to  sup 
press  instabilities  m  ihtir  initial  stages,  tha  control  mas  achtnabl*  yriib  reiaineh 
little  pomer  being  dissipated  by  the  movable  mall  system,  end  with  no  noiKeebie 
decrease  in  steady-state  performance  Although  designed  on  the  basis  0/  linear  system 
considerations,  the  structural  control  a  shown  to  be  capebie  of  suppressmt  estsiinf 
large-amplitude  limit  cycle  Surge  oscillations. 


Introduction 

The  operating  range  of  turbomachinet7  comprewion  syrtems 
is  very  often  limited  by  the  onset  of  fluid  dynanuc  irutabtlmes. 
Surge  is  a  seif-excited,  essentially  ooe-dimensionai  instability, 
which  is  ch^racterued  by  oKiilatioos  in  area-averaged  mass 
flow  and  pressure  rise,  and  is  generally  the  most  important 
instability  in  centrifugal  compression  systems.  Surge  can  cause 
reduced  performance  and  efficiency  of  the  turbomachirc,  and. 
in  some  casm,  failure  due  to  the  large  unsteady  aerodynamic 
forces  on  the  blades  (Scenning.  1980}. 

To  avoid  surge,  the  compression  system  is  generally  operated 
away  from  the  “surge  line,"  the  botmdary  between  subie  and 
unstable  operation  on  the  pressure  rise  versus  mass  flow  per¬ 
formance  map.  Operating  the  compressor  at  some  distance 
from  this  line,  on  the  negatively  slop^  pan  of  the  compressor 
speedlines,  can  ensure  tubie  operation.  Doing  this,  however, 
may  result  in  a  perfonnano;  penalty  since  peak  performance 
and  efficiency  often  occur  near  the  surge  line  (Dean  and  Young. 
1977). 

The  goal  of  the  research  described  here  is  to  develop  methods 
to  extend  the  stable  operating  range  by  modifying  the  dynamic 
behavior  of  the  compression  system  to  suppress  surge.  This 
would  allow  compressor  operation  in  previously  unusable,  or 


Comnlimte  by  iht  intrmtiMKuU  Gas  Turbiiw  tfiKitutc  and  praaniad  at  ilw 
3)tll  Intarnauanal  Caa  Turbnw  and  hatoaipim  v.a«trctt  and  E>poa»M»i.  8ni>- 
mU.  ■etfiaai.  iuoa  11-14.  1990.  Maniiacnpc  leeaind  by  iba  Intaraaiional  Cas 
TurbiiM  latiinKa  ianuary  II.  1990.  Paper  Ho  90-CT-li2. 


even  prenoujly  unstable,  regions  of  the  compressor  map  The 
expenmeniaJ  phase  of  the  current  research  is  focused  on  cen¬ 
trifugal  compression  systems,  although  the  inaiyjii  tppitei  lo 
axial  compression  lysiems  as  weU. 

Dynamic  Surge  Supprexsion 
Surge  is  the  manifestation  of  a  dynamic  instability,  which 
occurs  when  the  compressor  feeds  more  mechanical  energy 
into  disturbancs .  than  the  rest  of  the  system  atn  dissipate  The 
result  IS  tn  oscillatory  duturbance  that  grows  exp»oner,tiaJly. 
until  limited  by  nonlinearity,  into  a  limit  cycle  (surge  cycle) 
The  key  to  dynamic  surge  tupprosion,  therefore,  lies  m  in- 
cresuing  the  system's  ability  to  dittipate  or  damp  this  disturb- 
aace  energy  (Epstein  ct  al.,  19S9). 

There  have  been  several  investigatioos  of  surge  suppression, 
all  in  recent  years,  using  ckMcd-loop  active  control  to  increase 
system  damping.  Ffowa  Williams  and  Huang  (t9S9)  used  a 
movable  plernum  wall,  driven  by  1  signal  propontooal  to  the 
unsteady  plenum  pressure,  to  tup{»’(9u  surge  in  a  centrifugal 
turbocharger.  Pinsiey  et  al.  (1991)  describe  active  itabilizauon 
using  a  variable  area  throttle  valve,  also  driven  by  a  signal 
proportional  to  the  unsteady  plenum  pressure.  Both  of  these 
studies  demonstrated  that  furge  can  be  suppressed  in  the  linear 
regime,  before  the  disturbances  grow  to  large  amplitude,  by 
modincation  of  system  dynamics  through  closed-loop  control 
There  has  been  little  previous  work  on  itabilirttion  using 
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FIq.  1  0(  (Ni«d)  wall  (a)  and  inovaMa  ptanum  wail  (M 

eompmatod  aytiama 


Structural  feedback.  In  this  approach,  (he  dynanjic  properties 
of  the  system  are  modified  so  that  the  compression  system 
becomes  inherently  stable,  without  external  input.  A  limited 
analytical  investigation  of  such  a  control  scheme  has  been 
earned  out  by  Chen  (1987).  He  found  that  a  variable  area 
throttle  valve,  modeled  as  a  mass-spring-damper  driven  by 
plenum  pressure  perturbations,  would  have  a  stabilizing  effect, 
but  that  a  flexible  plenum  wall  with  no  damping  would  be 
destabilizing. 


namies  as  a  feedback  mecharusm .  A  mosabie  pieniifr.  wsil  is 
used  as  (he  tailored  struaure  The  movable  aali  acts  as  a  mass- 
spring -dam  per  syslem  dnvea  by  unsieaay  pressure  per-.ur&a 
(ions  in  the  plenum,  and  iU  mouon  a  thus  coupled  lo  i.he 
compression  system  dynamia.  A  schematic  of  a  generic  ngsd 
compfeision  system  and  a  modified  compression  sy  stem  having 
a  tailored  structure  is  shown  in  Figs  Mo)  and  1  (hi 

It  will  be demorvstraied  thaianappropaaiely  tailor ed  moving 
plenum  wall  can  signif  “anily  extend  the  siaWe  operaung  range 
of  a  compression  system.  The  aeroeiastic  coupling  tetween  the 
wall  and  the  basic  compression  system  allows  the  damper  on 
the  moving  wall  to  dissipate  mechanical  energy  associated  with 
flow  disturbances,  thereby  lupprtsssing  surge  The  degree  of 
suppression  depends  on  matching  the  smiauraJ  dynamics  to 
the  system  fluid  dynacuci.  A  s«  of  noocUmerviiorsai  paxam 
eters,  which  govern  the  uiteracuon  between  the  coropressioo 
system  and  the  wall,  are  thus  presentwJ  and  their  influence  is 
developed.  Expenments  are  carried  out  to  evaluate  the  actual 
performance  of  the  flexible  plenum  wall  lysiem  and  the  an¬ 
alytical  model. 

System  Modeling 

The  basic  lumped  parameter  model  of  the  compression  sys¬ 
tem  has  been  used  by  other  authors  to  invesugate  surge  ior  a 
rigid  plenum  configurauon  (e  g.,  Emmons  et  al.,  1955;  Oreiuer, 
1981).  In  this  description,  system  menia  is  represented  by  the 
fluid  in  the  inlet  ducting,  system  compliance  is  due  to  the 
compressibility  of  the  fluid  in  the  plenum,  and  system  damping 
(positive  or  negative)  is  due  to  the  compressor  and  the  throttle. 

The  differential  equations  describing  the  compression  system 
with  flexible  plenum  wall  art  given  below. 

Inlet  duct  momentum 

,  1%  .  » r\  ,  ,  d(r>oAwXfC',  1 

{P«*bPt-P,)A„* - - -  (!) 

at 

The  quantity  CLP,  is  the  compressor  pressure  nse.  which  is  a 
known  function  of  mass  flow,  m. 


Scope  of  the  Present  Work  conservauon  in  the  plenum 

The  work  reported  here  is  directed  at  surge  suppression  in  m  -m  ^ 

centrifugal  compression  systems  using  tailored  structural  dy-  '  ’  dt 


(2) 


Nomenclature 


speed  of  sound 
compressor  inlet  area 
plenum  movable  wail  area 
stability  parameter 

«  (f//2ui«i,) 
axial  velocity 
Coulomb  friction  force 
nondimensional  Coulomb 
friction  force  *  /{pol^A,) 
rotational  inertia  of  turbo- 
spool 

effective  length 
mass  of  plenum  wall 
mass  flow 
pressure 

pressure  difference 


bPf  m  compressor  pressure  rise 
bP,  w  throttle  pressure  drop 
(7  w  wall  displacement 
<2  •  wall  frequency  parameter 


i/  *  impeller  exit  tip  speed 
V  w  nondimensionail  wail  veloc¬ 
ity 

y  •  volume 

If'  w  nondimensional  wall  aero- 
elastic  coupling  parameter 
f  w  nondimensional  wall  damp¬ 
ing  ratio  parameter 
1)  w  nondimensional  wall  dis¬ 
placement 
fi  »  density 

r  ■>  nondimensional  time  > 

^  w  mass  flow  coefficient  > 
m/(pf)CIAj0) 

^  «  plenum  pressure  coefficient 
»  (P,  -  />*)/O.SpoO* 
w  compressor  pressure  rise 
coefficient  »■  APfA). 

4'i  *  throttle  pressure  drop  coef¬ 
ficient  -  bP,/0.Sp,)(f 


U/f  ■ 

■ 

d'hf/db  w 

Subscripts 

c  •  compressor 
in  »  compressor  iiUet 
p  *  plenum 

t  *  throttle;  tip  of  impeller  exit 
0  w  ambient  conditions 

1  w  compressor  exit 

2  w  plenum  exit 

Operators 

5(  )  w  perturbation  quantity  in 

_  analysis 

(  )  w  time  averaged 

(  ) '  «  fluctuation  in  experimen¬ 
tally  measured  quantity 


Helmholtz  frequency  » 

frequency  of  wall  mass¬ 
spring-damper  system 
slope  of  compressor  char¬ 
acteristic 
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Throttle  pressure  drop  characiertsiic 

(3) 

The  throttle  pressure  drop  diP,  is  also  a  known  function  of 
mass  flow. 

Wall  dynamics 

mq-t-CQ-t-kq-^iPl,-  P^ujiun  (4) 

Linearizing  and  nondimensionalizing  the  equations  of  mo¬ 
tion  as  shown  in  the  appendix  yields  the  following  nondimen- 
sionai  equations  describing  the  linear  stability  of  the  system: 


5p|  —3^ 


inlet  duct  momentum 
di<t\ 
dr 

Mass  conservation  in  the  plenum 

dU 

dr 

Throttle  pressure  drop  characteristic 


64 


2p,  4 


Wall  dynamics 
dhtt 
dr 


(2W^)64- 


(5) 


(6) 


(7) 


(8) 


(9) 


In  Eqs.  (S)-(9},  nondimeosional  pressure  rise  and  mass  flow 
coefficients,  4  and  <h.  are  defined  as 


CiP 


4-- 


m 


■Po 


(/ 


PaA„V 


The  nondimensional  wall  displacement,  n>  *$  given  as 


In  Eqs.  (6)~(9),  perturbation  variables  are  denoted  by  4<  ), 
and  steady-state  variables  are  represented  by  (”).  Nondimen¬ 
sional  time  is  defined  in  terms  of  the  Helmholtz  frequency,  r 
=  aifd,  where  the  Helmholtz  frequency  is  defined  as: 


Other  definitions  can  be  found  in  the  appendix. 

The  parameter  d4t/d4  is  the  slope  of  the  nondimensional 
compressor  pressure  rise  characteristic  and  is  linked  directly 
to  the  onset  of  the  surge  insubility.  In  the  regions  of  the 
compressor  map  where  this  slope  is  negative,  both  the  throttle 
and  compressor  act  to  damp  out  flow  disturbances.  In  the 
positively  sloped  regions,  the  compressor  adds  energy  to  dis¬ 
turbances  wt^e  the  throttle  continues  to  dissipate  unsteady 
energy.  For  a  rigid  wall  system,  therefore,  the  flow  through 
the  system  becomes  unstable  when  the  compressor  feeds  more 
energy  into  disturbances  than  the  throttle  can  extract. 


Nondimcnsionai  Parameters.  The  behavior  of  the  system 
described  by  Eqs.  (5H9)  has  a  complex  parametric  dependence 
involving  the  following  nondimension^  parameters. 

The  B-parameter  has  a  major  influence  on  the  surge  dy¬ 
namics  of  the  compression  system  (Greiuer,  1981).  It  is  defined 
as: 


u  u  y. 

m  .  • 

2uhL,  23pyAu,Lc 


For  the  fixed  wall  compression  system  at  a  given  operati.ng 
point,  the  .magnitude  of  the  (positive)  compressor  charactenssic 
siope  required  for  disturbances  to  grow  is  set  by  the  B-paiam- 
eter,  which  can  be  viewed  as  providing  a  measure  of  the  cou¬ 
pling  between  mass  flow  oscillations  through  the  compressor 
and  through  the  throttle.  The  larger  the  B-pnameiet,  the  mote 
isolated  the  throttle  is  (from  the  compressor),  and  the  less  able 
to  remove  energy  from  flow  disturbances.  As  the  B-parameter 
increases,  therefore,  surge  occurs  at  a  smaller  positive  com¬ 
pressor  slope. 

The  up  Mach  number  (based  on  plenum  condiuons)  is  de¬ 
fined  as: 


The  tip  Mach  number  enters  the  system  equations  as  a  measure 
of  the  effect  of  wall  motion  on  the  mass  balance  in  the  plenum. 
It  thus  does  not  appear  explicitly  for  a  fixed  wall  configuration. 
The  tip  Mach  number  affects  the  coupling  of  wall  motion  to 
compression  system  dynamics  by  determining  the  degree  to 
which  plenum  pressure  responds  to  wall  motion  The  pressure 
and  mass  flow  fluctuations  are  functions  of  tip  .Mach  number 
(they  scale  as  .M*  at  low  speed),  but  the  wall  motion  is  not 
The  Mach  number  is  thus  a  measure  of  this  aerodynamic - 
structural  coupling,  rather  than  a  representation  of  the  im- 
ponance  of  compressibility  in  the  system  dynamic  model.  The 
larger  the  Mach  number,  the  smaller  the  effect  a  given  non- 


Fig.  2  Root  loeue  pl«U  (or  rfgM  wall  (a)  and  nwvaMa  planum  wall  tth 
eempraaalon  ayatama;  B  •  0.S,  M  •  0.4,  W  w  0.11,  f  ■  I.S.  0  >  0.S1 
ler  nwvabla  wall  ayaiam 
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dimensional  wall  motion  has  on  nondimensional  mass  flow 
and  pressure  penurbations  in  the  system. 

The  parameters  W'.  and  Q  determine  the  wall  dynamic 
characteristics  relative  to  the  unsteady  behavior  of  the  basic 
(rigid  wall)  compression  system.  is  an  atroelasitc  coupling 
parameter  defined  as 

my/, 

This  parameter  determines  the  degree  to  which  the  wall  re¬ 
sponds  to  the  pressure  fluctuations  in  the  plenum.  Increasing 
the  H^-parameter  implies  a  greater  wall  response  to  penur¬ 
bations  in  plenum  pressure. 

f  is  the  critical  damping  ratio  of  the  plenum  wall  mass-spring- 
damper  system,  corrected  to  remain  independent  of  compres¬ 
sor  operating  conditions.  Correction  is  necessary  since  the 
aerodynamic  spring  constant,  and  hence,  the  wall  natural  fre¬ 
quency,  varied  with  plenum  pressure,  f  is  defined  as 


Q  defines  the  ratio  of  natural  frequencies  for  the  wall  mass- 
spring-damper  system  and  for  the  fixed  wall  compression  sys¬ 
tem  (the  Helmholtz  frequency),  also  corrected  so  that  it  is 
independent  of  compressor  operating  point. 


Linear  Stability  Analysis 

Linear  analysis  of  the  system  stability  for  a  given  set  of 
operating  conditions  leads  to  the  set  of  equations  shown  below: 


b(^\-s 
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-2B  = 
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\0 
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2B4f 
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0 

0 
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Po 

^  1  5 

■po 


-s 


S0t 

'o' 

Wj 

0 

6i) 

0 

. 

0_ 

(10) 


Equation  (10)  constitutes  an  eigenvalue  problem  for  the  (com¬ 
plex)  growth  rate,  s,  involving  two  coupled  dynamic  systems: 
the  compression  system,  with  variables  and  5^,  and  the 
moving  wall,  with  variable  6if  and  iv.  The  terms  associated 
with  the  uncoupled  fixed  wall  compression  system  and  the 
moving  plenum  wall  dynamics  are  located  on  the  tridJagonai 
of  the  stability  matrix.  The  two  nonzero  terms  located  off  the 
tridiagonal  are  the  aeroelastic  coupling  terms. 

Solving  the  eigenvalue  problem  as  a  function  of  B,  M, 
fV,  f,  and  Q  and  using  the  experimentally  determined  com¬ 
pressor  characteristics  of  Pinsley  (1988)  enables  prediction  of 
the  instability  onset  condition  for  various  system  and  control 
parameters.  The  fixed  wail  behavior  is  obtained  in  the  limit 
of  either  IP  *  0  or  Q  oa.  Either  has  the  effect  of  making 
the  wall  appear  massive  and  the  spring  constant  stiff,  or  es¬ 
sentially  rigid. 

To  illustrate  the  trends  obtained  from  the  stability  com¬ 
putations,  a  root  locus  plot  for  a  fixed  wall  system  with  B  > 


0.5  is  shown  in  Fig.  2(p).  The  compressor  pressure  rise  c.har- 
actenstic  used  is  based  on  a  third-degree  polymomia!  curve  fis 
of  Pinsiey’s  (1988)  measured  IQK  speedlrne  as  shown  m  Fig 
3,  the  mcasuremenis  being  conducted  using  a  dose  coupled 
throttle  to  avoid  surge.  The  ibKissa  and  ordinate  of  the  root 
locus  plots  are  nondimensionalized  by  the  system  Helmhoiu 
resonator  frequency.  The  roou  are  plotted  as  a  function  of 
nondimensional  flow  coefficient  for  flow  cocfficienis  ranging 
from  0.175  to  0  070  in  tneremenu  of  0.005.  As  the  mass  flow 
decreases  and  the  compressor  slope  increases,  the  poles  are 
driven  from  the  left  half-plane  (stable)  to  the  right  half-plane 
(unitabie),  with  the  imaginary  axis  defining  the  neutral  stability 
point.  The  behavior  is  that  of  a  (positively  or  negatively) 
damped  second-order  system.  The  neutral  stability  point  for 
this  fixed  wall  system  (at  «  »  0.116),  as  indicated  on  the 
compressor  charaaerisiic  in  Fig.  3,  occurs  near  the  peak  of 
the  characteristic,  which  is  located  at  «  »  0.120. 

The  introduction  of  a  movable  plenum  wall  introduces  a 
second  mode  of  oscillation  to  the  compression  system.  A  root 
locus  plot  for  the  two  modes  is  shown  in  Fig  2(1)),  again 
using  the  compressor  characteristic  shown  in  Fig.  3.  One  char¬ 
acteristic  frequency  is  somewhat  close  to  the  Helmholtz  fre¬ 
quency,  but  there  is  now  another  frequency  that  is  associated 
primarily  with  the  wail  motion.  More  importantly,  however, 
the  neutral  subility  point  occurs  well  past  the  peak  of  the 
characteristic  in  the  positively  sloped  region  at  d  >  0.92;  this 
is  also  indicated  in  Fig.  3.  Away  from  instability  (high  mass 
flow),  the  moving  wall  system  has  one  (damped)  oscillatory 
mode  and  one  nonoscillatory  (overdamped)  mode.  Near  insta¬ 
bility,  the  two  modes  exhibit  increased  (luid-struaure  coupling 
and  both  become  oscillatory. 

To  optimize  the  moving  wall  compression  system  perform¬ 
ance,  a  parametric  study  was  performed.  Since  the  d-parameter 
and  Mach  number  are  not  independent  quantities  (both  scale 
with  wheel  speed),  the  relation  between  these  two  parameters 
in  this  study  is  based  on  selecting  values  for  the  dimensions 
of  the  compression  system  that  were  typical  of  modern 
compression  machines  as  well  as  convenient  from  an  experi¬ 
mental  view  point.  The  parameter  search  showed  that  movable 
wall  performance  is  optimized,  over  the  range  of  fi-parameters 
and  Mach  numbers  used,  wich  the  following  control  param¬ 
eters;  IF  =  0.11,  f  =  1.5,  and  Q  *  0.51.  (These  parameters 
were  used  in  Fig.  2A.) 

The  steady  sute  mass  flow  coefficient  by  iuelf  (i  e. ,  explicitly 
rather  than  through  the  effect  on  compressor  characierisiic 
slope)  is  not  a  very  useful  indication  of  stability  for  the  op¬ 
timized  moving  wall  system.  Determining  the  maximum  com- 
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prosor  chanctemtic  slope  at  which  the  system  was  stable 
versus  the  5-partmeter  was  found  to  be  a  much  more  useful 
discriininant  for  the  effectiveness  of  the  control  strategy.  The 
maximum  subie  slope  versus  J-parameter  for  the  fued  wall 
system  and  for  the  (optimized)  moving  wall  system  is  shown 
in  Fig.  4;  as  indicate,  the  movable  wall  system  is  capable  of 
subie  operuion  at  a  positive  compressor  slope  that  can  be  an 
order  of  magnitude  liuger  than  tbiu  for  the  Hxed  wall  system. 

We  can  also  plot  maximum  stable  slope  versus  each  of  the 
control  parameters  about  the  optimized  values  to  see  how 
rapidly  one  departs  from  optimum  condiu’ons.  Figure  5  shows 
the  variations  in  maximum  subie  slope  versus  IF,  f,  and  Q, 
respectively.  The  optimized  values  are  indicated  by  arrows. 
Although  substantial  changes  in  the  structural  control  param> 
eters  away  from  the  optimized  configuration  will  degrade  per¬ 
formance,  the  stabilization  is  insensitive  to  small  ( ±  25  percent, 
say)  variations.  This  implies  chat  the  system  need  not  be  "re¬ 
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tuned"  for  each  compressor  operating  condition.  The  inde¬ 
pendent  effects  of  S-parameter  and  tip  Mach  number,  for  a 
system  with  a  fixed  set  of  control  parameters,  are  shown  in 
lig.  6  where  one  parameter  is  held  constant  and  the  other 
varied.  As  discussed,  although  the  tip  Mach  number  does  not 
directly  affect  the  stability  of  a  system  with  a  fixed  wall,  it  is 
an  important  parameter  for  the  subility  of  the  moving  wall 
system. 

Energy  Anadysb 

To  examine  the  physical  mechanism  associated  with  stabi¬ 
lization,  it  is  useful  to  look  at  the  penurbation  energy.  From 
this  viewpoint,  the  system  is  unsuble  when  more  energy  is  fed 
into  any  mode  of  osdllation  over  a  cycle  than  is  removed; 
neutral  subility  corresponds  to  zero  net  energy  input.  Because 
the  modes  are  orthogonal,  it  is  only  necessary  to  consider  one 
mode  at  a  time.  If  any  mode  is  unsUble,  the  system  is  unsuble. 
The  analysis  is  given  by  Gysling  (1989)  and  we  present  here 
only  the  central  result. 

Figure  7  shows  the  relative  perturbation  energy  input  and 
dissipation  over  a  cycle  at  the  neutral  subility  point,  as  a 
function  of  the  B-parameter  for  the  mode  that  b^mes  un¬ 
stable  first.  Energy  dissipation  due  to  the  wall  motion  is  dom¬ 
inant,  being  more  than  ten  times  that  for  the  throttle  over  a 
large  range  of  S-parameters.  The  subilization  due  to  the  wall 
is  thus  direct  dissipation  through  plenum  wail  motion,  rather 
than  modification  of  the  system  dynamics  to  promote  increased 
dissipation  in  the  throttle,  as  was  the  case  in  the  throttle  control 
experimenu  reported  by  Pinsley  et  al.  (1990). 

Time-Domain  Analysis  and  Nonlinear  Aspccu 

The  linear  analysis  yielded  a  set  of  optimized,  nondimen- 
sionai  control  parameters,  which  gave  large  increases  in  the 
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stbble  flow  regime.  The  response  beyond  the  initial  instability, 
i.e.,  the  nonlinear  system  behavior,  is  also  of  interest.  Non¬ 
linear  computations  were  thus  performed  to  assess  the  effects 
of  finite  amplitude  disturbances  and  of  noniinearities  in  the 
wail  dynamics.  The  equations  of  motion  were  integrated  using 
the  Newmark  time-averaged  acceleration  method  (Bathe  and 
Wilson,  1976).  As  in  the  linear  analysis,  the  compressor  char¬ 
acteristic  shown  in  Fig.  3  was  used. 

As  an  example  of  the  results,  Rg.  8  shows  the  time  response 
of  the  optimized  system  to  a  small  impulsive  disturbance  at 
the  inlet  operating  near  the  linearly  pre^cted  stability  line 
=  0.096).  Wall  motion  and  pressure  perturbations  exhibit  es¬ 
sentially  damped  harmonic  motion.  A  more  interesting  point, 
to  be  discuss^  further  in  connection  with  the  experiments,  is 
that  the  nonlinear  compuudons  showed  that  introducing  wall 
motion  into  a  fixed  wall  system  undergoing  deep  surge  cycles 
could  suppress  the  surge.  In  other  words,  even  though  the 
control  scheme  was  designed  based  on  linear  analysis,  it  was 
useful  for  osdilations  that  were  strongly  nonlinear. 

An  important  use  of  the  nonlinear  analysis  was  to  examine 
the  effect  of  Coulomb  friction  in  the  wall  dynamics.  The  pres¬ 
ence  of  Coulomb  friction,  in  a  strict  sense,  invalidates  the 
linearity  assumption.  However,  the  degree  to  which  the  ac¬ 
curacy  of  the  linear  model  is  affected  is  a  function  of  the  ratio 
of  the  Coulomb  friction  forces  compared  to  the  other,  essen¬ 
tially  linear,  fwces  in  the  system  (Halfroan,  1962).  To  assess 
this,  computations  were  carried  out  with  a  constant  magnitude 
friction  force  imposed  on  the  wall  in  the  direction  opposite  to 
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its  motion,  to  model  the  sUding  friction  present  in  an  actual 
design. 

One  important  result  of  the  Coulomb  friction  is  that  it  pre¬ 
vents  the  wall  from  responding  to  disturbances  below  a  thresh¬ 
old  level,  i.e..  disturbances  must  grow  to  a  cntical  amplitude 
before  the  wall  can  respond.  Therefore,  in  a  strict  sense,  op¬ 
erating  points  to  the  left  of  the  natural  surge  line  remain  linearly 
Unstable  for  the  actual  (nonideal)  tailored  struaure  system. 
The  linear  instability  that  resulu  from  the  presence  of  Coulomb 
friction  grows  into  a  limit  cycle,  whose  amplitude  (for  a  given 
compression  system  and  set  of  control  parameters)  is  a  funaion 
of  the  nondimensional  friction  force,  F,  defined  as 


and  the  slope  of  the  compressor  characteristic. 

The  effect  of  Coulomb  friction  on  surge  suppression  is  dem¬ 
onstrated  in  Fig .  9  where  the  root  mean  square  o  f  the  calculated 
limit  cycle  pressure  fluctuations,  divided  by  the  steady-state 
pressure  rise,  is  plotted  versus  the  local  compressor  charac¬ 
teristic  slope,  for  various  nondimensional  friction  levels.  The 
vertical  dashed  line  denotes  the  value  of  slope  corresponding 
to  the  results  in  Fig.  10,  discussed  below.  The  maximum  value 
of  the  slope  prior  to  deep  surge  (large  amplitude  osdUation) 
decreases  with  increasing  friction  levels.  The  deep  surge  bound¬ 
ary  for  the  nonlinear  system  with  Coulomb  friction  agrees  well 
with  the  linear  stability  boundary  in  the  limit  of  zero  friction. 
With  increasing  Coulomb  friction  levels,  however,  the  per¬ 
formance  of  the  movable  plenum  wall  system  approaches  that 
of  the  fixed  wall  system.  Analysis  showed  that  the  movable 
plenum  wall  became  unable  to  suppress  surge  significantly  past 
the  rigid  wall  surge  line  for  nondimensional  friaion  levels 
greater  than  F  ■  0.02. 

As  examples  of  predicted  limit  cycles  with  different  levels 
of  Coulomb  friction,  the  time  response  of  systems  with  various 
leveb  of  Coulomb  friaion  to  a  small  impulse  (0.0!  in  units  of 
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is  shown  in  Fig.  10.  Parameters  are  given  in  the  figure 
caption.  The  amplitude  of  each  limit  cycle  is  indicated  in  Fig. 
9. 

The  disturbance  decays  in  the  system  without  Coulomb  fric¬ 
tion,  but  grows  into  a  limit  cycle  in  the  systems  with  Coulomb 
friction.  For  the  system  with  a  small  amount  of  Coulomb 
friction  (F  »  0.006)  the  limit  cycle  is  small  and  approximately 
sinusoidal  (mild  surge)  with  frequency  near  the  predicted 
Helmholu  frequency.  However,  for  the  system  with  larger 
Coulomb  friction  (F  >»  0.030),  the  limit  cycle  is  no  longer 
sinusoidal  and  contains  regions  of  reversed  flow  (deep  surge). 

Experiment  Design 

The  basic  prediction  is  that  a  properly  designed  moving 
plenum  wall  can  substantially  increase  the  stable  flow  range 
of  a  centrifugal  compression  system.  To  investigate  this  ex¬ 
perimentally,  a  design  study  was  undertaken  to  match  the 
nondimensionai  control  parameters,  while  minimizing  the  ef¬ 
fects  of  nonlinearities,  in  a  physically  realistic  device. 

The  conceptual  design  was  based  on  use  of  an  existing  cen¬ 
trifugal  compressor  facility,  constructed  to  investigate  active 
throttle  control  of  surge.  The  facility  is  described  in  detail  by 
Pinsley  (1988);  however,  the  major  components  will  be  outlined 
here.  The  centrifugal  compressor  was  a  Holset  model  HID 
turbocharger.  The  impeller  has  an  inlet  area  of  0.00125  m’ 
with  hub-to-tip  radius  ratio  of  0.37  and  exit  tip  diameter  of 
0.055  m.  The  compressor  has  no  inlet  guide  vanes,  six  blades, 
six  splitter  blades,  and  a  vaneless  diffuser.  A  schematic  of  the 
compression  system  facility  is  shown  in  Fig.  11. 


Design  of  Movnble  Plenam  Wall 

Several  different  ways  to  implement  the  control  scheme  me¬ 
chanically  were  reviewed.  A  major  constraint  was  that  the  wall 
had  to  be  capable  of  withstanding  large  steady-sute  and  tran¬ 
sient  pressure  loading,  yet  still  respond  to  small  amplitude 
perturbations  in  plenum  pressure.  A  rigid  piston  serving  as  the 
plenum  wall,  and  an  aerodynamic  spring,  were  determined  to 
be  practical  solutions  to  these  constrainu.  In  particular,  a 
design  utilizing  a  separate,  explicit  spring,  mass,  and  damper 
was  attractive  since  it  faciiita^  parametric  experimenution. 
No  attemiH  was  made  to  engineer  a  "flight  weight"  system. 

To  serve  as  the  movable  wall,  the  rigid  piston  was  mounted 
on  a  shaft,  guided  by  linear  bearinp  and  allowed  to  float 
between  the  main  piraum  and  an  auxiliary  plenum.  The  seal 
between  the  two  plenums  was  made  with  a  low-friction,  con¬ 
voluted  diaphragm.  A  small-diameter  tube  connected  the  two 
plenums  so  they  were  isolated  for  high-frequency  pressure  dis¬ 
turbances  (i.e.,  surge  oscillations),  but  steady-sute  pressures 
wtn  equaUzed  to  that  no  steady-sute  load  existed  on  the 
piston.  A  mechanical  spring  was  used  to  maintain  a  constant 
equilibrium  position  for  the  piston  over  various  operating  con¬ 
ditions  since  at  steady  state,  the  plenum  wall  had  no  preferred 
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0.65  to  10  ■  “ 

Helmhotiz  Frequency 

18.5  Hr  to  19,9  Hr 
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0.11 

QPsrameter 

0-51 

^Parimecer 

1.5  10  3.0 

Alta  of  Will 

0  0669  m2 

MissofWiU 

6J  kg 

Volume  of  Plenum 

0.0108  m3 

Inlet  Dua  Length 

1.16  m 

Inlet  Area 

0.00125  m2 

Auxtliaiy  Pleniim  Volume 

0  0388  m3 

Aerndyrumic  Spring  Consoni 
Mechanical  Spnng  Qxusant 

24.000  n/m  to  35000  n/m 

2100  n/m 

1000  n  Vm  to  2000  n  s/ro 

Damping  CoefBaent 

Maxuoum  Wail  Modon 

♦/- 1 .25  cm 

Coulomb  Friction 

10  n 

position.  The  mechanical  spring  also  allowed  the  steady-state 
position  of  the  wall  to  be  adjustable. 

Because  the  presence  of  the  steady-sute  equalization  tube 
could  affect  the  behavior  of  the  aerodynamic  spring,  com- 
puutions  were  carried  out  to  quantify  the  effea  of  leakage 
between  the  two  plenums.  The  leakage  was  modeled  as  flow 
through  an  orifice  plate.  The  resulu  are  shown  in  Fig.  12, 
where  the  decrease  in  maximum  slope  prior  to  surge  is  plotted 
versus  nondimensionai  orifice  area  for  the  optimized  system 
at  typical  operating  conditions.  Leakage  cau^  small  ampli¬ 
tude  limit  cycles  similar  to  those  prediaed  to  occur  as  a  result 
of  Coulomb  friction,  so  it  is  important  that  leakage  be  kept 
to  a  minimum. 

A  viscous  dasbpot  was  used  for  the  damping.  To  minimize 
Coulomb  friction,  a  low-friction,  pneumatic,  double  acting 
actuator  was  modified  to  serve  as  a  damper.  The  actuator  was 
filled  with  5W.30  oil  and  the  pons  on  either  end  were  connected 
through  a  variable  area  valve.  Testing  of  various  dashpots 
developed  from  the  same  basic  design  showed  that  the  force- 
velocity  relation  for  the  dasbpot  was  closely  linear  over  the 
expect^  range  of  wall  veloddes,  as  well  as  easily  adjusuble. 

The  final  rig  specifications  are  given  below  in  Table  i  and 
a  detailed  drawing  of  the  movable  plenum  wall  apparatus  is 
shoam  in  Fig.  13. 


Experimental  Data  aad  Analysis 
The  compression  system  was  investigated  with  fixed  and 
flexible  wall  for  three  different  seu  of  structural  control  pa¬ 
rameters,  at  B-parameters  ranging  from  0.65  to  1 .0.  Steady- 
state  measuremenu  were  used  to  map  the  compression  system 
performance  and  to  define  the  surge  line  for  both  fixed  and 
flexible  wall  systems.  Time-resolved  measuremenu  were  used 
to  evaluate  the  model  assumptions  and  to  determine  the  per- 
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formance  characteristics  of  components  in  the  compression 
system  and  in  the  flexible  wall. 

Sieady-Statc  Behavior.  The  experimental  compression  sys¬ 
tem  could  be  operated  in  a  Hxed  wall  configuration  by  shutting 
the  steady-state  pressure  equalization  line  and  bleeding  the 
auxiliary  plenum  to  atmospheric  pressure.  Pressure  in  the  main 
plenum  then  forced  the  wail  against  its  upper  stops,  yielding 
a  fixed  wall  configuration.  Forcing  the  plenum  wall  against 
the  upper  stop  resulted  in  increasing  the  plenum  volume  ap¬ 
proximately  5  percent,  and,  hence,  the  B-parameter  2.5  per¬ 
cent,  which  had  a  slightly  destabilii^g  effect  on  the  fixed  wall 
compression  system.  Any  movement  of  the  surge  line  to  the 
left  due  to  wall  motion  will  thus  slightly  overestimate  the  aaual 
increase  in  stable  flow  range,  although  this  difference  is  small 
compared  to  the  difference  seen  between  the  fued  and  flexible 
wall  systems.  (We  have  not  tried  to  correct  for  this  in  the  data 
presentation,  but  it  should  be  noted  that  our  estimates  of  the 
shift  in  surge  flow  coefficient  due  to  this  change  in  B-parameter 
are  roughly  one-half  percent  of  the  surge  mass  flow  as  a  worst 
case  (at  low  speed),  and  one  or  two  tenths  of  a  percent  at 
higher  speeds.  Thus,  these  changes  are,  in  general,  two  orders 
of  magnitude  less  than  the  difference  between  the  fixed  wall 
and  the  movable  wall  surge  points.) 

The  compressor  was  operated  at  corrected  speeds  (referenced 
to  288  K)  ranging  from  80,000  rpm  to  100,000  rpm,  corre¬ 
sponding  to  a  range  of  B-parvneters  of  0.65  to  1 .0.  The  steady- 
state  performance  is  reported  in  terms  of  (inlet  total  to  plenum 
sude)  pressure  ratio  and  mass  flow,  given  in  standard  cubic 
feet  per  minute  (SCFM).  Mass  flow  is  also  given  in  some  of 
the  figures  in  terms  of  nondimensional  flow  coefficient,  an¬ 
nulus-averaged  inlet  axial  velocity  divided  by  tip  speed. 

Because  it  was  of  interest  to  operate  with  the  movable  plenum 
wail  in  the  optimized  as  well  as  in  the  nonoptimized  config¬ 
urations,  speedlines  for  the  movable  wall  system  were  recorded 
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with  various  levels  of  wall  damping.  The  wall  was  operated  at 
the  theoretically  optimized  configuration  {W  »  0.11,  Q  » 
0.51,  f  »  1.5)  as  well as  at  values  of  f  -  2.25  and  3.0. 

The  steady-state  compressor  performance  map  for  the  three 
movable  wall  conflguraa'ons  and  the  fixed  wall  system  is  shown 
in  Fig,  14.  The  steady-suce  pressure  ratio  is  unaffected  by  the 
presence  of  the  moving  wall  in  the  stable  flow  range  of  the 
fued  wall  system,  but  the  surge  line  is  moved  to  the  left  sub¬ 
stantially.  Also,  the  degree  of  surge  suppression  achieved  is 
dependent  on  the  movable  wall  control  parameters,  as  pre¬ 
dicted.  The  optimized  configuration  performed  the  best,  with 
the  performance  of  the  other  two  configurations  decreasing  as 
one  moved  farther  from  optimum.  A  surge  line  recorded  for 
the  movable  plenum  wail  system  with  a  lower  than  optimum 
damping  ratio  (f  «  0.75)  confirmed  that  movement  in  either 
direction  in  parameter  space  away  from  the  optimal  damping 
ratio  was  desubilizing. 

Figure  15  shows  the  root-mean-iquare  value  of  the  fluctua¬ 
tions  in  plenum  pressure  versus  mass  flow  coefficient  for  the 
fued  wall  system  and  the  optimized  movable  plenum  wall 
system  at  B  >  0.91  (90Ar  spe^ne).  On  the  negative  sloped 
region  of  the  speedline  (above  d  »  0.155),  the  rms  pressure 
fluctuations  for  fixed  and  movable  wall  systems  are  the  same. 
However,  small-amplitude  limit  cycles  exist  in  the  stabilized 
region.  Based  on  the  results  of  numerical  calculations,  these 
limit  cycles  can  be  attriWed  to  Coulomb  friction  in  the  wall 
motion  and  pressure  equilization  leakage.  Small  amplitude 
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limit  cycles  also  occur  over  a  limited  range  of  mass  flow  in  the 
fixed  wall  system  prior  to  deep  surge;  these,  however,  appear 
to  be  a  result  of  nonlinearities  in  the  compressor  and  throttle 
characteristics. 

Figure  16  shows  predicted  and  experimentally  determined 
surge  lines  for  the  rigid  wall  and  for  the  optimized  system. 
The  predicted  surge  line  is  based  on  the  linear  instability  point 
as  determined  by  the  eigenvalue  stability  analysis  described 
previously.  The  experimental  surge  line  is  defined  as  the  onset 
of  deep  surge  (i.e.,  reverse  flow);  this  also  marked  the  points 
at  which  the  time-mean  pressure  ratio  dropped  sharply.  The 
compressor  characteristics  used  are  from  a  third-degree  poly¬ 
nomial  curve  fn  of  the  speedlines  meastired  by  Pinsley  (1988). 

The  experimental  results  can  be  compared  to  the  nonlinear 
calculations  by  examining  the  amplitudes  of  pressure  fluctua¬ 
tions  in  the  plenum  as  a  function  of  mass  flow.  As  inputs  to 
the  calculation,  the  friction  force  present  during  wall  motion 
was  measured  to  be  approximately  10  N  and  the  leakage  was 
estimated  to  be  equiv^ent  to  a  0.003  m  diameter  orifice  plate. 
The  resulu  of  the  calculation  and  experiment  for  the  optimized 
system  operating  at  B  »  0.91  are  shown  in  Fig.  17,  where  the 
amplitude  of  the  small  plenum  pressure  limit  cycles  before  the 
onset  of  deep  surge  are  shown  versus  mass  flow  coefficient. 
The  linear  stabiUty  boundary  is  also  shown  in  the  figure  for 
comparison.  The  linear  analysis  does  not  predict  the  small- 
ampUtude  limit  cycles  in  the  stabilized  region,  but  it  is  able  to 
portray  accurately  the  onset  point  for  deep  surge.  The  reason 
is  that  the  oscillations  are  the  result  of  nonlinear  effects,  de¬ 
scribed  above.  If  the  nonlinear  effects  are  small, 'which  is 
inherent  in  the  experimental  design,  the  linearly  predicted  sta¬ 
bility  limit  corresponds  to  the  onset  of  deep  surge.  The  non¬ 
linear  analysis  shows  limit  cycles  in  the  subilized  region, 
although  the  detailed  reiadonsUp  between  mass  flow  and  limit 
cycle  amplitude  is  not  captured. 

Transient  System  Behavior  .  .  . 

Time-reioived  measurements  wre  recorded  for  the  fixed 
wall  compression  system  and  for  the  moving  wall  system  at 
three  control  [mrameter  configurations.  The  measurements 
were  made  on  the  lOK  and  speedlines,  corresponding  to 
B-paranieten  of  0.73  and  0.91.  The  dau  shown  are  from  the 
former,  at  the  poinu  marked  on  Fig.  18. 

As  noted  previously,  the  flow  through  the  compression  sys¬ 
tem  becomes  progressively  more  unsteady  as  the  system  ap¬ 
proaches  the  surge  line.  To  demonstrate  this,  the  time  resolved 
nondimensional  mass  flow  coefficient  and  the  nondimensional 
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pressure  rise  for  the  fixed  wall  system  are  shown  in  Fig.  19  for 
three  operating  poinu  (marked  A-C  in  Fig.  18).  The  transient 
mass  flow  measuremenu  (taken  in  the  inlet  duct)  are  based  on 
a  linearized  hot-wire  calibration  and  the  large  oscillations  in 
mass  flow  are  presented  for  qualitative  information  only.  The 
dau  shown  correspond  to  poinu  in  both  subie  and  unstable 
operating  regioru. 

For  flows  near  point  A,  on  the  negative  slope  region  of  the 
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compressor  characteristic,  stable  operation  with  only  slight 
unsteadiness  is  exhibited. 

Point  B  is  slightly  to  the  left  of  the  peak  of  the  compressor 
characteristic.  Smnll-amplitude  limit  cycles  (mild  surge)  are 
seen.  The  frequency  of  the  mild  surge  cycle  is  approximately 

14.5  Hz,  compared  to  the  predined  Helmholu  frequency  of 

17.5  Hz. 

At  mass  flows  corresponding  to  points  C  and  below,  on  the 
positive  slope  region  of  the  speedline,  the  compressor  is  in  deep 
surge.  The  time-averaged  pressure  rise  and  mass  flow  are  de¬ 
creased  and  the  frequency  of  the  oscillations  has  changed  to 
approximately  10  Hz.  The  hot  wire  does  not  distinguish  re¬ 
versed  flow,  and  the  reversed  flow  regions  are  shown  with  a 
dashed  line.  The  decrease  in  frequency  is  associated  with  the 
time  needed  for  plenum  blow-down  and  repressurization,  as 
described  by  Fmk  (1988). 

With  the  moving  wall  system,  sraall-amplitude  limit  cycles 
existed  over  the  stabilized  region.  Figure  20  shows  the  non- 
dimensional  mass  flow,  pressure  rise,  and  corresponding  non- 
dimensional  wall  motion  for  the  medium  damping 
configuration  operating  at  the  lOK  speedline  for  four  operating 
points,  D,  E,  F,  and  G,  shown  on  the  compressor  characteristic 
in  Fig.  18. 

Point  D  is  in  smooth  operation  on  the  negatively  sloped 
region  of  the  map.  The  steady-sute  and  unsteady  behavior  is 
similar  to  point  A  for  the  fixed  wall  configuration.  The  position 
of  the  wall  is  shown  to  be  sutionary,  indicating  that  the  dis¬ 
turbances  in  the  stable  system  are  not  large  enough  to  overcome 
the  wall  friction. 

Points  E  and  F  are  located  on  the  positively  sloped,  subiiized 
region  of  the  charaaeristic  and  exhibit  small  amplitude  limit 
cycles.  The  maximum  wall  motion  required  to  subilize  the 
system  is  approximately  0. 1  percent  of  the  plenum  volume  and 
the  power  dissipated  is  approximately  0.05  percent  of  the  steady 
power  needed  to  drive  the  compressor. 

At  point  G,  in  deep  surge,  the  pressure  and  mass  flow  traces 
are  similar  in  amplitude  to  those  with  the  fixed  wall,  although 
the  fluctuations  have  a  much  lower  natural  frequency  (4-5 
Hz).  Also,  in  deep  surge,  the  wail  is  shown  to  be  hitting  the 
displacement  limiters,  as  indicated  by  the  flat  spots  on  the  time 
trace  of  the  wall  motion. 

Introduction  of  a  movable  {ifenum  wall  can  also  eliminate 
deep  surge  when  wall  motion  is  initiated  during  an  existing 
fixed  wall  surge  cycle.  This  is  demonstrated  by  the  time  history 
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shown  in  Fig.  21,  where  fixed  wall  surge  is  suppressed  by 
equalizing  the  auxiliary  and  main  plenum  pressures,  thus  freeing 
the  wall  from  the  displacement  limiters.  The  time  traces  in  Fig. 
21  show  the  wall  bouncing  on  the  stops  as  the  auxiliary  plenum 
pressure  equalizes.  When  the  wall  clears  the  stops,  the  deep 
surge  cycle  is  suppressed.  Although  not  shown,  the  wall  con¬ 
tinues  to  move  toward  its  steady-state  equilibrium  position  as 
the  pressures  in  the  auxiliary  and  main  plenums  equalize. 

Two  other  poinu  should  be  made  about  the  time  history 
shown  in  Fig.  21.  First,  the  time  scale  over  which  the  surge 
suppression  occurs  is  considerably  longer  than  any  time  scale 
associated  with  the  system  oscillations  because  it  is  set  by  the 
filling  time  (through  the  small  equalization  tube)  of  the  aux¬ 
iliary  plenum.  Second,  as  seen  in  previous  figures,  the  deep 
surge  regime  is  one  in  which  the  oscillations  are  strongly  non¬ 
linear,  with  mass  flow  oscillations  greater  than  the  time  av¬ 
eraged  mass  flow.  This  indicates  that  the  use  of  tailored 
struaure  can  suppress  surge  even  when  the  oscillations  have 
large  amplitude.  In  this  connection  it  should  be  noted  that 
similar  behavior  has  been  found  by  Pinsley  et  al.  (1991)  and 
Ffowcs  Williams  and  Huang  (1989)  using  different  active  con¬ 
trol  schemes.  Such  behavior  emphasizes  that  successful  use  of 
dynamic  control  is  not  restricted  to  the  small  amplitude  regime. 

Dynanuc  Response  of  System  Components 

Compressor  Behavior.  One  of  the  major  assumptions  used 
in  modeling  the  compression  system  is  that  the  compressor 
remains  on  its  steady-state  charaaeristic  during  transient  op¬ 
eration.  at  least  for  frequencies  on  the  order  of  the  Helmholtz 
frequency.  To  check  this,  the  unsteady  pressure  rise  versus 
mass  flow  relation  (i.e.,  the  compressor  transfer  funaion)  can 
be  calculated  direaly  from  the  unsteady  data  and  compared 
to  the  quasi-steady  slopes.  The  unsteady  dau  were  uken  from 
operating  points  exhibiting  small  amplitude  Umit  cycles.  The 
instantaneous  pressure  rise  versus  mass  flow  slope  was  deter¬ 
mined  from  measurements  of  inlet  mass  flow  and  plenum 
pressure,  due  corrections  being  made  for  the  inertia  of  the  fluid 
in  the  inia  dua.  Only  self-excited  oscillations  were  examined, 
so  that  measuremenu  were  obtained  only  at  or  near  the  system 
resonant  frequency  where  there  was  an  acceptable  signal-to- 
noise  ratio. 
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The  compressor  slope,  as  measured,  yielded  a  real  and  im¬ 
aginary  part.  The  real  pan  represents  the  instantaneous  slope 
of  the  compressor  characteristic.  The  imaginary  pan  can  be 
viewed  as  a  lag  term,  similar  to  that  discussed  by  Fink  (1988), 
which  accounts  in  a  rudimentary  fashion  for  the  unsteady 
aerodynamics  within  the  compressor.  The  real  pan  of  the  trans¬ 
fer  function  is  plotted  versus  steady  sute  mass  flow  coefficient 
for  the  lOK  and  90Ar  speedlines  in  Fig.  22.  The  data  are  from 
both  fixed  and  movable  wall  systems,  indicating  that,  as  would 
be  expected,  the  presence  of  the  wall  has  no  noticeable  effea 
on  the  instantaneous  characteristic  slope.  Also  plotted  in  the 
figure  are  the  slopes  resulting  from  two  methods  of  fitting  the 
steady-state  data;  the  derivative  of  a  third-order  polynomial 
curve  fit,  and  a  third-order  polynomial  fit  of  the  derivative  of 
a  cubic  spline  fit  of  the  steady-state  compressor  dau.  (It  is 
imponant  to  note  that,  as  can  be  infened  from  Fig.  22,  accurate 
determination  of  the  slope  is  difficult  to  do.)  As  shown,  the 
compressor  characteristic  slopes  determined  from  the  steady- 
state  data  and  those  determined  from  unsteady  data  are  in 
reasonable  agreement.  In  particular,  the  unsteady  data  fall 
within  the  variance  between  the  two  steady-state  slopes  cal¬ 
culated  by  curve  fits.  The  assumption  of  quasi-steady  behavior 
thus  appears  to  be  an  adequate  representation  of  the  instan¬ 
taneous  compressor  slope  over  the  range  of  flow  coefficients 
investigated. 

The  time  lag  for  both  the  ^QK  and  90K  speedlines  was  ap¬ 
proximately  S-10  ms,  corresponding  to  0.065-0.13  Helmholtz 
resonator  periods.  The  compressor  throughflow  time  can  be 
estimated  at  approximately  3.0  ms.  The  lag  term  is  thus  on 
the  order  of  the  throughflow  time  of  the  compressor  and  it 
seems  plausible  to  attribute  the  lag  to  unsteady  aerodynamic 
effects  within  the  compressor  passages.  This  is  in  agreement 
with  the  conclusions  of  Fink  (1988),  who  determined  that  a 
lag  term  on  the  order  of  compressor  throughflow  time  was 
needed  for  agreement  between  the  predicted  and  experimental 
behavior  of  a  compression  system  in  deep  surge.  Fink  also 
found  that  a  lag  term  of  this  order  should  have  a  negligible 
effect  on  system  stability  over  the  range  of  5-parameter  in¬ 
vestigated,  so  it  appears  that  the  quasi-steady  compressor  slope 
is  adequate  for  predicting  the  onset  of  surge. 

Another  assumption  used  in  the  present  treatment  is  that 
the  wheel  speed  remains  constant  for  perturbations  in  mass 
flow  and  pressure  rise.  This  is  not  strictly  correct  because 
pressure  and  mass  flow  perturbations  vary  the  power  require¬ 
ments  of  the  compressor,  and  hence  cause  the  wheel  spe^  to 
vary.  Fink  (1988)  assessed  this  assumption  and  showed  that 
variable  wheel  sp^  had  a  subilizing  effect  on  the  compression 
system.  The  degree  of  stabilization  was  shown  to  be  a  function 
of  a  nondimensional  parameter,  defined  as 


Wheel  inertia  parameter  = - 

where  /  is  the  moment  of  inertia  of  the  whee!  and  Mr  is  the 
tip  radius.  Using  Fink’s  results,  variations  In  wheel  speed  were 
found  to  have  negligible  effect  on  the  stability  of  the  compres¬ 
sion  system  used  in  the  present  experiments. 

An  alternative  way  to  address  this  point  is  to  note  that  if 
the  wheel  speed  and  pressure  fluctuations  were  strongly  cou¬ 
pled,  the  nondimensionaJ  pressure  rise  and  wheel  speed  van- 
ations  during  mild  surge  would  be  roughly  the  same  order. 
However,  for  a  typical  (say  2.5  percent  rms)  pressure  fluctua¬ 
tion,  the  measur^  wheel  speed  fluctuations  are  only  0  2  per¬ 
cent,  an  order  of  magnitude  less.  The  assumption  of  constant 
wheel  speed  is  thus  adequate  for  modeling  the  small  pertur¬ 
bation  response,  and  hence  linear  stability,  of  the  compression 
system. 


Conclusions 

Dynamic  control  using  tailored  sirucrure  has  been  shown  to 
be  effective  in  suppressing  centrifugal  compressor  surge.  The 
use  of  a  movable  plenum  wall  shifted  the  surge  line  to  the  left 
roughly  25  percent  in  flow  over  a  significant  portion  of  the 
corrected  speed  range  examined.  The  effectiveness  of  surge 
suppression  is  a  function  of  a  set  of  nondimensional  param¬ 
eters,  which  govern  the  aeroelastic  coupling  of  the  wall  to  the 
compression  system  dynamics. 

The  present  scheme  was  found  to  be  robust,  suppressing 
surge  over  a  wide  range  of  operating  conditions  with  no  ad¬ 
justments  to  the  parameters.  Use  of  a  movable  wall  was  also 
demonstrated  to  lead  to  suppression  of  existing  (highly  non¬ 
linear)  surge  cycles.  In  the  stabilized  region  of  the  compressor 
map,  surge  was  suppressed  with  no  time  average  change  in  the 
compressor  operating  point. 

The  amount  of  control  action  (wall  motion)  required  is  a 
funaion  of  the  nonlinearities  in  the  wall  dynamics,  such  as 
Coulomb  friction  and  leakage.  For  the  optimized  configuration 
investigated  in  this  research,  the  nominal  limit  cycle  wall  mo¬ 
tion  in  the  stabilized  region  was  roughly  0. 1  percent  of  plenum 
volume,  with  frequencies  near  the  Helmholtz  frequency.  Pres¬ 
sure  fluctuations  in  the  stabilized  region  were  on  the  order  of 
0.5  percent  of  the  mean  pressure  rise  of  the  compressor. 

Time-resolved  dau  were  used  to  verify  some  of  the  major 
assumptions  in  the  modeling  of  the  compression  system.  Com¬ 
pressor  transfer  function  measurements  showed  that  a  quasi¬ 
steady  compressor  cbaraaeristic  gave  a  reasonable  represen- 
Ution  of  the  instantaneous  compressor  characteristic  slope. 
These  measurement  also  indicate  that  the  improvement  in 
surge  margin  is  due  to  modification  of  the  system  dynamics, 
rather  than  a  result  of  modifying  the  compressor  charaaeristics 
by  altering  the  local  flow  in  the  compressor.  The  smallness  of 
the  measured  wheel  speed  variations  supported  the  predictions 
that  wheel  speed  variation  would  not  significantly  affect  system 
subility. 

In  general,  all  aspects  of  the  experimental  investigations 
confirmed  that  the  lumped  parameter  model  of  the  compres¬ 
sion  system  provided  a  useful  description  of  the  system  dy¬ 
namics,  both  with  and  without  the  movable  plenum  wall. 

The  physical  mechanism  responsible  for  the  surge  suppres¬ 
sion  with  the  flexible  wall  is  unsteady  energy  dissipation  due 
to  the  wall  motion. 

The  maximuin  suble  compressor  charaaeiistic  slope  is  bet¬ 
ter  measure  of  the  effectiveness  of  this  conuol  scheme  rather 
than  the  minimum  suble  mass  flow  coefficient.  The  steady- 
state  mass  flow  coefficient  has  little  effea,  in  an  explicit  way, 
on  the  stability  of  the  compression  system  with  the  movable 
wall,  and  the  dominant  influence  of  mass  flow  is  through  the 
relation  baween  mass  flow  and  compressor  slope  implied  by 
the  compressor  charaaeristic. 
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Nonlinear  solution  of  the  system  equations  showed  the  ex- 
■jtence  of  smali-amplitude  limit  cycles  in  the  stabilized  region 
in  agreement  with  measurement.  These  limit  cycles  were  found 
to  result  primarily  from  '.‘ouiomb  friction  and  leakage. 
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APPENDIX 

Derivation  of  the  Equations  of  Motion  for  the  Movable  Plenum 
Wall  System 

Consider  the  compression  system  shown  in  Fig.  Ub).  The 
following  assumptions  are  used:  The  flow  in  the  inlet  ducting 
is  one-dimensional,  incompressible,  inviscid,  and  unsteady;  the 
plenum  pressure  is  spatially  uniform  and  plenum  processes  are 
isentropic;  the  fluid  inertia  in  the  throttle  is  negligible;  the 
compressor  follows  a  quasi-steady  characteristic;  and  the  throt¬ 
tle  pressure  drop  mass  flow  relation  is  parabolic. 

The  momentum  equation  applied  to  the  compressor  du« 
yields 

M  ,  K  ^c  cfm  t  , . , , 

/*o+APc-/»p»— —  (Al) 

where  is  the  equivalent  length  of  the  compressor  duct.  Mass 
conservation  in  the  plenum  yields 


d(PoVa) 
dt 


(A2) 


The  pressure  drop  across  the  throttle  can  be  written  in  terms 
of  the  throttle  mass  flow  as 


1  mi 


(.A3) 


2  p>t; 

Finally,  the  moiion  of  the  wail  is  given  by 

mq  +  ciy-i-i,?- 4;,  (A-t) 

where  q  is  defined  as  the  position  of  the  wall  away  from  the 
equilibrium  position  of  the  wall. 

Writing  the  fluid  dynamic  variables  as  mean  ((  })  plus  smai! 
perturbations  (4{  ))  and  lineariang  the  compressor  and  throttle 
characteristics  about  a  time-mean  operating  point  yields  equa¬ 
tions  for  the  penurbation  quantities: 


,  .  ,  .  V,dhP,  _  . 

Smi  -  6m2  =  -cf  pg/i 

~  at 


L,  d(btrt^) 
A„  dt 

d&q 
dt 


(A5) 


(A6) 


In  Eq.  (A6),  the  isentropic  assumption  has  been  used,  and 
volume  change  has  been  expressed  as  the  product  of  plenum 
area  and  penurbation  displacement  6q. 

We  introduce  the  following  nondimensional  quantities: 


0  = 


PoA,nU 


Wh‘ 


ic= 


:  j»o 


1/ 


u 


2unLt 


APt 


St} 


Using  these  equations,  Eqs.  (A5)  and  (A6)  can  be  written  as 
fd^c\  ,  , ,  1  dSd>\ 

and 

htS  o.  B  Srt 

(A8) 


'  ar  Po  M 


The  throttle  pressure  drop  equation  can  be  written  as 
,  Po  fdT\  - . 

Pt  \d<t>/ 


or 


4^; 


£2 

'pt  \^) 


(A9) 


For  the  wall  motion,  we  define  the  following  nondimensional 
control  parameters; 

PqAWc 


Wn 


mV. 


2mu. 


or- 


OSH 


The  wall  dynamics  can  then  be  written  in  nondimensional  form 
as; 

+  (AlO) 
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Using  the  algebraic  relation  between  64/  and  the  throttle 
characteristic  can  be  used  to  eliminate  64  from  the  set  of 
nondimensional  equations.  In  addition,  we  can  define 


6u  = 


dhi} 

dr 


as  a  nondimensional  wall  velocity  to  convert  Eq.  (AlO)  into 
two  first-order  equations.  Rearranging  these  equations,  and 
making  use  of  Eq.  (A9),  yields  the  following  stability  matrix; 


For  reference,  we  also  note  that  expanding  the  determinant 
for  the  2  x  2  stability  matrix  describing  the  fixed  wail  compres¬ 
sion  system  leads  to  the  characteristic  equation  shown  beiow: 


1B4 

0 

0 

10 

0 

B24  ^ 

0 

-j 

0 

Pa  1  ® 

1 


-2rQ-s 


6<b\ 

'o' 

501 

0 

5, 

0 

6v 

0 

(All) 


The  control  parameters  Q’  and  f*  are  referenced  to  the 
Helmholtz  frequency  of  the  compression  system,  which  varies 
slightly  with  operating  conditions.  They  can  be  modified  so 
that  they  remain  independent  of  operating  conditions.  Thus, 
substitution  of  the  following  corrected  control  parameters  yields 
the  stability  matrix  given  as  Eq.  (10); 


Dynamic  instability  occurs  when  the  first  term  in  brackets 
becomes  negative.  The  condition  for  this  is 


0 


which  is  the  fixed  wall  stability  limit. 
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Dynamic  Control  of  Rotating  Srall  in  Axial  Compressors 
Using  Aeromechanical  Feedback 

D.  Gysling,  E.M.  Greitzer,  J.  Dugundji 

During  the  past  year,  dynamic  control  of  rotating  stall  in  axial  flow  compressors  has  been 
successfully  demonstrated.  Based  on  results  from  a  two-dimensional  model  of  the  rotating  stall 
dynamics  of  axial  compressors,  a  device  was  designed  and  constructed  to  extend  the  stable  flow  of 
a  single-stage  axial  flow  compressor.  This  control  strategy  modifies  the  unsteady,  non- 
axisymmetric  fluid  dynamics  of  the  compression  system  with  a  circumferential  array  of  discrete 
jets  located  axially  upstream  of  the  compressor.  The  amount  of  high  momentum  fluid  injected 
upstream  of  the  compressor  is  regulated  by  reed  valves.  The  cantilevered  reed  valves,  modeled  in 
their  first  cantilevered  bending  mode  as  mass-spring-damper  systems,  are  driven  by  unsteady 
pressure  perturbations  in  the  flow  field  upstream  of  the  compressor.  The  reed  valve  dynamics 
form  an  aeromechanical  feedback  loop  that  determines  the  coupling  between  the  rotating  stall 
dynamics  of  the  compression  system  and  the  high  momentum  air  injected  into  the  face  of  the 
compressor. 

The  basic  theory  used  in  the  design  of  this  control  strategy  is  similar  to  the  theory  used  to 
design  the  movable  IGV  control  scheme,  successfully  used  to  stabilize  rotating  stall  by  Paduano 
(1990)  and  Haynes  (1992).  However,  several  distinct  differences  exist  which  will  add  to  the 
knowledge  base  for  controlling  rotating  stall  in  axial  flow  compressors.  The  unique  features  of 
this  control  strategy  include: 

1)  Aeromechanical  (or  structural)  feedback  is  employed  for  the  first  time. 

2)  The  control  law  used  is  implemented  on  a  local  basis;  previous  methods  have  used  modal- 
based  control  laws. 

3)  Static  pressure  is  used  as  the  sensed  variable;  previous  method  have  used  mass  flow  as  the 
sensed  variable. 

4)  The  feedback  law  used  is  a  second  order,  in  time,  dynamic  compensator,  previous  methods 
have  used  proportional  control  laws. 


5)  High  motTKmum  jet  actuators  arc  used  for  the  first  time. 

The  effect  of  dynamic  mass  injection  on  the  rotating  stall  dynamics  of  the  compression 
system  were  analyzed  using  the  Moore -Grcitzcr  model.  Tlic  model  consists  of  three  basic 
components:  a  potential  upstream  flow  field,  the  compressor  (with  feedback  incorporated),  and  a 
rotation^  downstream  flow  field.  The  cfTeci  of  the  dynamic  control  strategy  was  irKorporatcd  by 
modifying  the  pressure  rise  and  mass  flow  boundary  conditions  across  the  compressor. 

The  high  momentum  fluid  injected  upstream  of  the  compressor  was  assumed  to  mix  out 
before  entering  the  compressor,  thereby  modifying  the  local  {around  the  circumference)  total 
pressure  and  mass  flow  entering  the  compressor.  The  feedback  is  incoqioraicd  by  modeling  the 
reeds’  response  to  non-axisymmetric  pressure  ps..Tutc-aons  in  the  upstream  flow  field. 

The  stability  of  the  compression  system  was  determined  using  a  small  perturbation, 
linearized  eigenvalue  analysis.  With  the  dynamic  control  .trategy,  the  stability  of  the  system  to 
non-axisymmetric  disturbances  is  a  function  of  the  original  compression  system  parameters  plus  a 
set  of  control  parameters.  These  parameters  arc. 

9y/3(;>  slope  of  compressor  specolinc 

X.,pt  fluid  inertia  parameters 

mass  flow  coefficient 
n  harmonic  number 

W  reed  valve  mass  parameter 

Q  reed  valve  frequency  parameter 

^  reed  valve  critical  damping  ratio 

injection  velocity  parameter 

A  parameter  optimization  study  was  perfonned  which  predicted  that  significant 
stabilization  could  be  achieved  with  physically  realizable  values  for  the  control  parameters.  Basal 
on  these  results,  a  device  was  designed  to  match  these  non-dimensional  control  parameters  for  use 
on  the  single-stage  compressor  at  the  Gas  Turbine  Lab.  The  physical  device  is  a  steel  structure 
housing  24  discrete  reed  valves  placed  on  the  casing  wall  immaiiately  upstream  of  the 


compressor.  A  schematic  of  the  device  is  shown  in  Fig.  1 .  The  reed  valves  were  fabricated  from 
graphite  epoxy  composite  material  to  achieve  the  low  mass  and  relatively  high  frequency  required 
by  the  design  study.  Additional,  non-Iincar  simulations  indicated  that  minimizing  the  coulomb 
friction  in  the  reed  valve  motion  was  essential.  To  this  end,  low  friction,  adjustable,  pneumatic 
dashpots  were  used  to  provide  the  damping  for  each  reed  valve.  The  high  pressure  air  used  for  the 
injection  is  supplied  by  a  source  external  to  the  compressor  through  a  single,  variable  pressure 
supply  plenum. 

The  compressor  was  instrumented  to  record  steady-state  and  time-resolved  measurements. 
The  steady-state  data  recorded  includes  compressor  pressure  rise,  mass  flow,  and  wheel  speed, 
and  injected  mass  flow  and  momentum.  A  radial  traverser  is  also  available  to  measure  the  axial 
velocity  distribution  and  the  inlet  boundary  layer.  Additional  instrumentation  is  available  for 
measuring  time-resolved  pressure,  mass  flow,  and  reed  valve  displacement. 

Initial  experimental  results  arc  as  follows.  Although  the  amount  of  steady-state  mass  flow 
injected  into  the  face  of  the  compressor  docs  not  explicitly  appear  in  the  stability  analysis, 
experimentally  it  was  found  to  significantly  affect  the  stability  boundary  of  the  compression 
system.  This  is  due  to  the  change  in  the  steady-state  pressure  rise  versus  mass  flow  characteristic 
resulting  from  the  steady-state  mass  injection.  Thus,  in  order  to  isolate  the  stability  improvement 
due  to  dynamic  feedback,  the  increase  in  stable  flow  range  due  to  dynamic  feedback  was 
determined  by  comparing  the  stalling  flow  coefficient  with  the  reed  valves  rigid  to  the  stalling  flow 
coefficient  with  the  reed  valve  free  to  respond  to  pressure  perturbations.  The  comparison  was 
made  with  the  same  amount  of  steady-state  mass  injected.  Figure  2  shows  the  stability  boundary 
for  the  compression  system  with  and  without  structural  feedback.  As  shown,  the  stable  flow 
range  was  increased  by  7%  in  this  case.  This  figure  is  representative  of  the  largest  flow  range 
extension  achieved  to  date. 

The  two-dimensional  theory  predicts  that  increasing  the  momentum  of  the  injected  fluid 
will  increase  the  range  extension.  However,  as  the  momentum  of  the  injected  fluid  is  increased, 
the  amount  of  stabilization  due  to  dynamic  feedback  decreases.  Research  is  continuing  to  resolve 


this  issue. 

Time-resolved  pressure,  mass  flow,  and  reed  deflection  measurements  are  currently  being 
studied  to  further  characterize  the  effects  of  dynamic  mass  injection.  The  time-rcsolvcd 
measurements  include: 

1)  stall  inception  transients 

2)  reed  valve  deflection  /  pressure  transfer  functions 

3)  upstream  mass  flow  /  pressure  transfer  functions 

4)  hub  and  tip  hot-wire  traces  to  determine  three-dimensionality  of  flow  field. 

Although  the  effects  of  the  dynamic  mass  injection  control  strategy  developed  in  the 
research  have  not  been  fully  characterized  at  this  point,  initial  results  show  that  this  control  strategy 
is  a  viable  method  to  extend  the  stable  flow  range  of  compression  systems. 


Mass  Flow 
Measurement 


Fig.  1;  Structural  control  experimental  setup  on  a  single-stage  compressor. 
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